




 





 

 

 

 

“... e veramente parmi che saria 

cosa ridicola il credere, 

che allora comincino ad esser 

le cose della natura, 

quando noi cominciamo  

a scoprirle ed intenderle. 

Ma quando pure l’interder degl’uomini  

dovesse esser cagione 

della esistenza delle cose, bisognerebbe, 

o che le medesime cose fussero 

ed insieme non fussero 

(fussero, per quelli che le intendono;  

e non fussero, 

per quelli che non le intendono), 

o vero per l’intender di pochi, 

ed anco di un solo, 

bastasse per farle essere.” 
 

Galileo Galilei, Opere XI, 108 
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PREFACE  
 

In the last decades, heat transfer issues have become more and more important and strategic in 

several different daily life and industrial applications. The continuous improvement of 

electronic devices and the ecological issues linked to refrigeration and air conditioning have 

stimulated applied researchers to find new technological solutions to better the heat transfer 

efficiency of the existing systems and developing new ones.  

The enhancement of the heat transfer efficiency has been analyzed during this Ph. D. work, 

where two important technological solutions created to improve two-phase and single-phase 

heat transfer have been experimentally studied. 

The condensation phenomenon is involved in several industrial and home applications, since 

every vapour compression and absorption refrigeration system or air conditioning machine is 

implemented with a condenser. Improving condenser efficiency contributes to improve 

system efficiency too, saving energy and respecting the environment. Condensation heat 

transfer efficiency can be enhanced using a microfin tube, a device which has been used for 

air conditioning and refrigeration applications since the eighties. 

In the first part of this Ph. D. thesis, the two-phase heat transfer coefficients and pressure 

drops measured during the condensation of R410A inside a microfin tube will be presented 

and then discussed. With this work, a new model useful for the design of this kind of air or 

water cooled condensers with microfin tubes is suggested. This model, which permits to 

determine the condensation heat transfer coefficient inside microfin tubes, has been developed 

using a wide experimental heat transfer database. The most important results related to this 

model will be presented at the end of this first part of the thesis. 

The second part of the thesis documents the design, development and building of a new test 

facility for the thermal-fluid-dynamic characterization of several different enhanced surfaces 

and microgeometries during single-phase air forced convection. This new experimental test 

rig has been designed to permit the study and development of new enhanced heat transfer 

surfaces for electronics cooling applications which allow to overcome the upper limits of air 

cooling. 

Since air is the safest and cheapest working fluid for electronics cooling applications, there is 

a great demand for new heat transfer surfaces to improve its poor heat transfer properties. 

Metal foams have been suggested as alternative air heat transfer surfaces, but their effective 
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heat transfer and fluid flow behaviours have not been deeply investigated experimentally. In 

this second part of the work, several aluminum metal foams have been acquired and then 

experimentally characterized using the new test facility. First of all, their most important 

geometrical characteristics have been measured: the results will be reported in a dedicated 

chapter.  

The global heat transfer coefficients and the pressure drops measured during single-phase air 

forced convection will be reported and discussed in order to understand the effective heat 

transfer capabilities of these new enhanced surfaces. Finally, the experimental results found 

for the aluminum foams will be compared with those obtained for a traditional finned surface 

chosen as a benchmark solution for electronics cooling applications. 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

iii 

SOMMARIO  
 

Lo scambio termico tra due fluidi o tra un fluido e una superficie, sia esso monofase o bifase, 

è profondamente legato alle caratteristiche geometriche delle superfici di scambio con le quali 

i fluidi stessi sono in contatto. Aumentare la superficie di scambio termico significa, in 

generale, incrementare lo scambio termico globale. Se poi questa superficie viene sviluppata 

per migliorare l’efficienza dello scambio termico, le prestazioni possono crescere 

ulteriormente. Il raffreddamento di componenti elettronici, la refrigerazione e il 

condizionamento dell’aria richiedono scambiatori di calore sempre più efficienti e compatti, 

pertanto lo sviluppo di nuove superfici di scambio termico risulta essere un obiettivo 

fondamentale della ricerca. 

In questo lavoro di tesi sono stati affrontati, sia sperimentalmente che analiticamente, due 

argomenti connessi allo scambio termico su superfici estese. In particolare, si sono studiati la 

condensazione all’interno di tubi micro-alettati e la convezione forzata di aria su schiume 

metalliche e su superfici alettate tradizionali. Per quanto riguarda lo scambio termico bifase, 

sono stati misurati i coefficienti di scambio termico e le perdite di carico durante la 

condensazione di R410A all’interno di un tubo micro-alettato, alla temperatura di saturazione 

di 40 °C. Le prove sono state realizzate utilizzando l’impianto presente presso il Dipartimento 

di Fisica Tecnica dell’Università di Padova.  

Successivamente, utilizzando un database contenente più di 4000 dati sperimentali, è stato 

sviluppato un nuovo modello per la stima del coefficiente di scambio termico durante la 

condensazione di refrigeranti naturali e sintetici all’interno di tubi micro-alettati. 

Con riferimento allo scambio termico monofase, un nuovo impianto sperimentale è stato 

sviluppato, progettato e costruito presso il Dipartimento di Fisica Tecnica dell’Università di 

Padova. Questo apparato permette di eseguire accurate misure di scambio termico e perdite di 

carico durante la convezione forzata di aria attraverso superfici estese, quali tradizionali 

superfici alettate, schiume metalliche, microgeometrie, ecc. L’impianto sperimentale è stato 

calibrato testando una superficie alettata tradizionale per il raffreddamento di componenti 

elettronici. Successivamente, sono stati misurati i coefficienti di scambio e le perdite di carico 

di cinque schiume di alluminio durante il deflusso di aria. Tutti i provini sono stati riscaldati 

elettricamente imponendo differenti flussi temici tra 150 W e 400 W. I risultati sperimentali 

sono stati confrontati con quelli ottenuti per la superficie alettata tradizionale.  
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ABSTRACT  
 

The heat transfer between two fluids or between a fluid and a surface, during both single-

phase and two-phase flow, is intimately linked to the geometrical characteristic of the heat 

transfer surface involved. Generally speaking, if the heat transfer area increases, the global 

heat transfer also increases, but if the surface is developed to improve heat transfer, the 

overall performance can be higher. 

Compact and efficient heat exchangers and heat sinks are more and more demanded for 

electronics cooling applications, refrigeration and air conditioning systems. For this reason, 

the development of new enhanced surfaces is a critical issue of thermal research. 

In this Ph. D. thesis, two arguments connected with enhanced heat transfer surfaces have been 

experimentally and analytically studied. In particular, the condensation of R410A inside a 

microfin tube and air forced convection through different enhanced surfaces have been 

analysed.  

With respect to two-phase flow, the heat transfer coefficients and the pressure drops during 

the condensation of R410A at 40 °C of saturation temperature inside a microfin tube have 

been measured. The experimental analysis have been carried out at the Dipartimento di Fisica 

Tecnica of the University of Padova. 

Using a database of 4000 experimental data points, a new correlation for the computation of 

the heat transfer coefficient during the condensation of several natural and synthetic 

refrigerants inside different enhanced microfinned tubes has been developed. 

With respect to single-phase flow, a new experimental test rig has been developed, designed 

and built at the laboratory of the Dipartimento di Fisica Tecnica of the University of Padova. 

This test rig allows to carry out accurate heat transfer and pressure drop measurements during 

air forced convection through different enhanced surfaces, such as traditional finned surfaces, 

metal foams and microgeometries, etc. 

The apparatus has been calibrated by testing a traditional finned surface for electronics 

cooling applications. Then, the heat transfer coefficients and the pressure drops during air 

forced convection through five different aluminum foams have been measured. All tested 

samples have been heated by imposing different heat fluxes, which have been varied between 

150 W and 400 W. The experimental results have been compared with those obtained for the 

traditional finned surface. 
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1.1 Introduction 
1.1.1 Condensation Process 
The condensation process is involved in a large number of daily and industrial applications 

such as air conditioning and refrigeration, electronics cooling systems, electric power plants 

and more others. Moreover, the condensation phenomenon is a natural event that can be 

observed in foggy days or in steamed up windows. 

When a vapour contacts a surface held below its saturation temperature, it condenses by 

releasing its latent energy. Thereupon, a condensate is formed, which, as a result of its contact 

with the wall surface, is subcooled, then a further vapour can condense upon the previous 

condensate. 

Therefore, the condensation of vapour is always associated with a mass transfer, during which 

the vapour flows to the phase interface and is converted into the liquid phase [1].  

In the presence of pure refrigerant, if the condensation process evolves at constant pressure, it 

is also isothermal. 

Actual condensation can take place in very different ways: if the condensate forms a 

continuous film then one speaks of film condensation; the laminar flow Nusselt theory is used 

for calculation. Instead of in the film form, condensate can occur in the form of drops: this 

type of process is called dropwise condensation. As shown by Figure 1.Figure 1, the 

condensation process may occur in one of two ways, depending on the condition of the 

surface.  

 

 
Figure 1. Steam at atmospheric pressure condensing on a copper plate. Dropwise condensation (on the 
left) and film condensation (on the right).(J. F. Welch and J. W. Westwater, Department of Chemical 
Engineering, University of Illinois, Urbana). 
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In the dropwise condensation not all of the cold surface is wet and the drops form in cracks, 

pits, and cavities on the surface and may grow and coalesce through condensation. Typically, 

more than 90% of the surface is covered by drops, ranging from those having a diameter of a 

few micrometers to agglomerations visible to the naked eye. This heat transfer mechanism is 

very efficient and the heat transfer rates may be more than an order of magnitude larger than 

those associated with film condensation. 

Although it is desirable to achieve dropwise condensation in industrial applications, it is often 

difficult to maintain this condition. For this reason and because the convection heat transfer 

coefficients for film condensation are smaller than those for the dropwise case, condenser 

design calculations are often based on the assumption of film condensation [2]. 

 

 
Figure 2. Close-up of condensation plume from Mount St. Helens. USGS Photograph taken on December 
19, 2006, by John Pallister. 
 

Another vapour to liquid phase change possibility is the homogeneous condensation, in which 

the condensate is contained in the vapour phase (e.g. fog phenomena or cloud formation). In 

this mode the vapour has to be under its saturation temperature (Figure 2). Finally, the direct 

contact condensation involves a vapour that condenses over a cold liquid.  

The thermal resistance can be present in the vapour phase or in the liquid phase or at the 

liquid-vapour interface. 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

5 

In several civil and industrial applications regarding air conditioning and refrigeration, the 

condensation process takes place inside tubes. It is the binding choice for air cooled and 

evaporative condensers, but it is also used with water cooled condensers in reversible heat 

pumps and tube-in-tube condensers. It may be the best choice also in shell-and-tube heat 

exchangers in large equipments operated with high-pressure refrigerants [3]. 

In the intube condensation other important issues have to be considered. In fact, when a 

vapour condenses inside a tube, the vapour applies a shear stress to the liquid interface. 

This force, combined with the gravity force, determines the two-phase flow pattern that 

influences the condensation heat transfer and pressure drops. 

Among the possible two-phase flows, the liquid-vapour is the most interesting and 

complicated because the interface is deformable and a phase, that of gas, is compressible. 

In the last decades, in-tube condensation has been widely studied by different research groups 

all over the world. This part of the work regards the experimental results concerning the heat 

transfer coefficients and the pressure drops measured during condensation inside a microfin 

tube. 

The experimental data points have been collected in the laboratory of the Dipartimento di 

Fisica Tecnica of the University of Padova. 

 

1.1.2 Microfin Tube 
In the last thirty years it has become common to enhance condensation heat transfer inside 

horizontal tubes by employing finned surfaces. In fact, since Fujie et al. [4] invention, 

microfin tubes have received a lot of attention because they ensure a large heat transfer 

enhancement (80-180%) when compared to equivalent smooth tubes under the same 

operating conditions, with relatively small increase in pressure drop (20-80%) [5]. 

 
Figure 3. Two photos of a microfin tube. 
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Two photos of a microfin tube section are reported in Figure 3. Microfin tubes are typically 

made of copper and have an outside diameter from 4 to 15 mm, a single set of 50-70 fins with 

helix angle (β) from 6 to 30°, fin height (h) from 0.1 to 0.25 mm, triangular or trapezoidal fin 

shapes with an apex angle (γ) from 25 to 90° (Figure 4). 

  

 
Figure 4. Two sections of a microfin tube: D internal fin tip diameter, β helical angle, γ apex angle and h 
fin height. 
 

Heat transfer and pressure drop enhancements are partly due to the simple increase in the 

effective exchange area, and additionally to the turbulence induced in the liquid film by the 

micro-fins and to the surface tension effect on the condensate drainage [6]. 

In particular, in the open literature there is agreement that the mechanisms of heat transfer are 

intimately linked with the prevailing two-phase flow regime. During condensation in a 

microfin tube, the formed liquid is drained into the spiral groove by combined surface tension, 

centrifugal and gravity forces, while vapour shear forces drive the condensate in the 

downstream direction. The combination of these two actions promotes and extends the range 

of annular flow which is associated to heat transfer coefficients higher than those exhibit in 

the gravity-controlled flow pattern (stratified and wavy stratified flow, paragraph 1.1.4) [7, 8]. 

The main geometrical characteristics of the microfin tube tested in this experimental work are 

summarized in Table 1. 
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Table 1. Geometrical characteristic of the tested tube. 

Microfin Tube 

Fin Tip Diameter, D 7.69 mm 

Outside Diameter 11.6 mm 

Number of Fins, ng 60 

Fin Height, h 0.23 mm 

Apex Angle, γ 43° 

Helix Angle, β 13° 

AMICROFIN/ASMOOTH 1.8 

Aeff 49.76 mm2 

 

1.1.3 R410A as Refrigerant 
R410A is a quasi-azeotropic mixture of HFC-32-125 (50/50% by mass). R410A has recently 

been employed as an alternative working fluid for R22 in air conditioning equipment. 

 

Table 2. R236ea, R134a and R410A thermophysical properties at tsat=40 °C obtained using RefProp 
7.0 by NIST [9]. 

Fluid R236ea R134a R410A 

tsat       [°C] 40 40 40 
psat L    [MPa] 0.338 1.016 2.425 
psat G   [MPa] 0.338 1.016 2.418 
ρL       [kg m-3] 1375.1 1146.7 975.33 
ρG       [kg m-3] 21.997 50.085 103.27 
λL [Wm-1K-1]   10-3

 74.33 74.71 85.66 
λG  [Wm-1K-1]10-3

 15.72 15.44 19.51 
μL         [Pa s]  10-6 313.01 161.45 98.076 
μG        [Pa s]  10-6

 11.353 12.373 16.012 
 

Table 2 reports the thermophysical properties of three halogenated refrigerants at 40 °C of 

saturation temperature. R410A is a high pressure refrigerant because at tSAT=40 °C it presents 

a pressure of 2.4 Mpa, while R134a and R236ea present a pressure of 1.0 MPa and 0.3 MPa 

respectively.  

R410A is a fluid with liquid density and dynamic viscosity lower than those of R134a and 

R236ea, while its vapour density is higher than those of the other considered fluids. These 

thermophysical properties improve the fluid dynamic behaviour of R410A that exhibits two-

phase pressure drops lower than those of R134a and R236ea. 
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Although R410A is classified as non azeotropic mixture, it presents a very low temperature 

glide. At 40 °C, the dew to bubble temperature difference is around 0.15 °C, so that it can be 

considered as a pure refrigerant. 

Figure 5 plots the thermodynamic diagram for R410A. 

 

Figure 5. Thermodynamic p vs. h diagram for R410A. 
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1.1.4 Two-Phase Flow  
Both condensation and vaporization involve a phase change process with heat transfer and 

pressure drop closely linked to the two-phase flow configurations. 

During in-tube condensation, the vapour condenses all around the tube and is driven in the 

downstream direction by the gravity force resulting in an asymmetrically distribution of the 

phases. 

The two-phase flow pattern is controlled by the equilibrium between the gravity force and the 

shear stress, this forces balance depends on the operating conditions, the working fluid and 

the geometrical characteristics of the tube. 

Considering the refrigerant and the operating conditions, the mass flow rate, the vapour 

quality and the reduced pressure are the most important controlling parameters. The inner 

tube diameter, its inclination and its inside surface shape, too, are very important for the flow 

pattern definition. 

Moreover, it is very difficult to analytically describe and predict the two-phase flow pattern 

during condensation or vaporization inside a tube. For this reason, several research groups 

have experimentally investigated the two-phase flow with different experimental techniques. 

 

Figure 6. Observed two-phase flow patterns in a horizontal tube. 
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Figure 6 reports a drawing of the generally accepted flow patterns in a horizontal smooth 

tube, as described by Collier and Thome [10], these are: 

Bubbly flow: the vapour phase is distributed in the form of discrete and uniform bubbles in a 

continuous liquid phase. 

Plug flow: the gas bubbles are approximately as big as the pipe diameter and tend to travel in 

the upper half of the pipe. 

Stratified flow: in this flow pattern the two phases flow separately with a relatively smooth 

interface. The pattern is controlled by the gravity force and it occurs at very low liquid and 

vapour velocities. 

Wavy stratified flow: when the vapour velocity increases the liquid-gas interface becomes 

disturbed by waves travelling in the direction of the flow. 

Slug flow: as the velocity increases, the shear stress at the interface promotes the waves 

growth and they reach the upper part of the tube forming slugs. These slugs are propagated 

along the channel at a high velocity.  

Annular flow: A still higher vapour velocity produces a gas core with some entrained liquid 

droplets, while the liquid forms a film all around the perimeter of the tube wall. Due to the 

presence of the gravity force, the film thickness results to be asymmetrically distributed 

around the pipe and it is thicker at the base. 

As highlighted before, flow regimes strongly influence the heat and momentum transfer 

processes, therefore any sound prediction of two phase heat transfer during condensation must 

be based on the analysis of the occurring flow pattern. This may be accomplished by recurring 

to an appropriate two-dimensional flow pattern map [11]. 

Although two-phase flow patterns in plain tubes have been largely studied, two-phase flow 

observations on enhanced tubes are few. Therefore, in open literature there are several flow 

pattern maps for plain tubes, among which those of Taitel and Dukler [12], Breber et al. [13] 

and Tandon et al. [14]. These maps report the transition boundaries between different flow 

regimes; unfortunately, most of them do not exhibit the same flow regime predictions at the 

same operative conditions. Recently, Cavallini et al. [11] have proposed a model for the 

prediction of condensation heat transfer coefficient inside smooth tubes. This model, based on 

600 experimental data points, refers to a flow pattern map which is a composite of selected 

flow transition criteria proposed by other Authors. 
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In Figure 7 the map proposed by Cavallini et al. [11] for two-phase flow in a smooth tube is 

reported as an example of a flow regime diagram. In this map the non-dimensional gas 

velocity (JG) is plotted against the Lockhart-Martinelli parameter (Xtt).  

The adimensional gas velocity is defined as: 
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G x
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Eq. 1 

 

While the Lockhart-Martinelli parameter can be calculated with Eq. 2: 
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 Eq. 2 

 

More recently, Cavallini et al. [15, 16] have proposed a simplified flow regime based heat 

transfer model in which the two-phase flow in a smooth tube is subdivided into two regions: 

one ΔT dependent and one ΔT independent (see Figure 8). 

 

 
Figure 7. Cavallini et al. [10] flow regime map. 
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Flow characteristics of condensate in a horizontal microfin tube would become more complex 

than in a smooth tube. This may be caused by the micro-fins: the condensate formed on a fin 

surface is drained into the spiral groove by combined surface tension and gravity forces, and 

then the condensate is driven through the groove by the vapour shear force in the downstream 

direction. 

As for the smooth tube, the effect of gravity force may be negligible in comparison with the 

other two forces in a high vapour velocity region. In a low vapour mass quality region, on the 

other hand, the stratification of the condensate due to the gravity force may occur in the lower 

part of the tube. 

Flow regimes observations inside microfin tubes have been conducted by Nozu et al. [17], Yu 

et al. [18], Censi et al. [19] and Doretti et al. [20]. 

Nozu et al. [17] reported a flow regime study carried out during condensation of R11 inside a 

microfin tube. From their observations, the Authors suggested that micro-fins play an 

important role in the condensation heat transfer mechanism. 

 
Figure 8. Cavallini et al. [15, 16] simplified flow regime map for a smooth tube. 
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Yu et al. [18] experimentally studied the two-phase heat transfer and flow pattern during the 

boiling of R134a in both microfin and plain tubes. The Authors tried to link the flow pattern 

to the heat transfer.  

Considering a microfin tube, Yu et al. [18] found an early transition to annular flow in respect 

to a smooth tube. Moreover, during intermittent flow the local heat transfer coefficients 

measured in three cross-sectional locations, top, side and bottom, are relatively close. This 

behaviour confirms that in the intermittent flow the top and the side portions of the tube 

section are wet.  

Doretti et al. [20] conducted a large amount of flow pattern visualizations during two-phase 

flow of several halogenated refrigerants, R410A, R134a and R236ea, inside both smooth and 

microfin tubes. 

As one can see in Figure 9, the microfin tube promotes an early transition from the stratified 

flow to the annular flow. In fact, the transition occurs at JG ≈ 1.5 in a microfin tube, at 

JG ≈ 2.5 in a smooth tube. Furthermore, as it appears from the visualizations, the plain tube 

presents the wavy stratified flow pattern with negligible thickness of the liquid film in the 

upper part of the tube section. 

Doretti et al. [20] verified that the visualization data points concerning transition were 

distributed along a line which started from JG=1.5 and followed the trend predicted by the 

model presented in Cavallini et al. [15, 16]. 

Cavallini et al. [7] reported a complete experimental analysis on the two-phase condensation 

heat transfer inside a microfin tube, linking the flow pattern to the heat transfer enhancement.  

 

 

Figure 9. Smooth vs. microfin: flow pattern visualizations by Doretti et al. [20] during two-phase flow of 
R410A at tsat=40 °C, G=252 kg m-2s-1, x=0.5 and JG=1.5 (smooth tube: left – microfin tube: right). 
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Figure 10. Cavallini et al. [8,9] simplified flow regime map for microfin tubes. 
 

The same Authors [7, 8] have proposed a new flow regime map based on the one for smooth 

tubes as drawn in Figure 10. As one can see, besides the transition line, experimental data 

points taken during R410A, R22 and R134a condensation inside a microfin tube have also 

been reported.  

The transition line plotted in Figure 10 (dot line) is defined as: 
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1.2 Experimental Set-up 
1.2.1 Overview 
The experimental set-up is located in the laboratory of the Dipartimento di Fisica Tecnica of 

the University of Padova. In this apparatus it is possible to study both the condensation and 

the vaporization heat transfer behaviour of several high and low pressure halogenated 

refrigerants inside different test tubes, both plain and enhanced. 

In particular, this work concerns the experimental heat transfer coefficient and pressure drop 

measurements during the condensation of R410A inside a helical microfin tube. The test tube 

has been described in paragraph 1.1.2. 

The experimental test rig can be subdivided into three independent circuits: the refrigerant 

loop, the cooling water loop and the hot water loop. This test equipment is different from a 

vapour-compression cycle because the refrigerant evolves at constant pressure and the 

compressor is substituted by a gear pump which supplies the desired mass flow rate. 

Following, it is reported a brief presentation of the test facility, drawn in Figure 11. 

 

1.2.2 Refrigerant Loop 
As highlighted before, the refrigerant evolves at constant pressure and the magnetically 

coupled gear pump, equipped with an inverter, ensures the desired mass flow rate by 

compensating pressure losses. 

Travelling along the refrigerant circuit (Figure 11) the operating fluid is pumped through five 

different heat exchangers; the first two are an evaporator and a superheater which are 

followed by a pre-condenser. After that, the refrigerant arrives in the test section, a condenser. 

Finally, it is subcooled in a water cooled brazed plate heat exchanger which is located before 

the magnetically coupled gear pump. 

The evaporator and the superheater are two counter-current tube-in-tube heat exchangers 

where the refrigerant flows in the inner tube while the hot water exchanges in the annulus. In 

this part of the test apparatus, the subcooled liquid is vaporised and 7-10 °C superheated. 

Then, R410A is partially condensed in a tube-in-tube heat exchanger, fed with the cold water 

to achieve the desired vapour quality at the inlet of the test section. When the refrigerant 

arrives in the test condenser, it releases the latent heat of condensation to the cold water and 

finally it is subcooled before it reaches the pump again. 
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Figure 11. A schematic of the test facility. 
 

The refrigerant pressure is controlled by a nitrogen accumulator inserted between the pump 

and the evaporator where it is also implemented a Coriolis effect mass flowmeter. A 

mechanical filter and a drier are inserted before the pump to eliminate oil, non-condensable 

fluids or particulate materials.  

In order to analyse the refrigerant status all over the circuit, its temperature and pressure are 

measured at inlet and outlet of each heat exchanger. 

 

1.2.3 Hot Water Loop 
The hot water loop supplies the necessary heat to vaporize and superheat the subcooled liquid 

which comes from the magnetically coupled gear pump. 

As plotted in Figure 12, the hot water loop consists in an electric shell-and-tube heat 

exchanger that warms the water up to 85-90 °C. The hot water is then pumped through the 

superheater and the boiler where it exchanges with the refrigerant. 
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Figure 12. Hot water loop. 
 

1.2.4 Cold Water Loop 
The cold water loop feeds the test section and the pre-condenser with two independent water 

flow rates.  

The first water flow rate is used, in the pre-condenser, to set up the desired vapour quality at 

the inlet of the test section while the second one exchanges in the test section. 

As it appears from Figure 13, since the water circuits are independents, the temperature of the 

two water flow rates can be set at different values. 

Again, two different cooling systems can be used to reach the desired water temperature set 

points:  

 a R407C chiller which is used at high heat fluxes and low temperatures; 

 a plate heat exchanger fed with well water which is used at low heat fluxes. 

The first PID (PID 1) regulates the water tank temperature by controlling the electric heater 

power released to the water, which, with the heat flux from the test section, balances the heat 

removed by the chiller or the plate heat exchanger. The second water temperature level can be 

achieved using the second PID (PID 2), which is connected to another electric water heater. 

Finally, the water flow rates at the inlet of the pre-condenser and of the test section are 

measured by means of three volumetric flowmeters. 

Water temperature differences are measured by means of four calibrated thermopiles with an 

accuracy of 0.03 K.  

 



 
 
Part 1: Two-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

18 

 
Figure 13. Cold water loop. 
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1.2.5 The Test Section 
The test section consists in a 1.4 m long microfin tube subdivided in three sectors: a 600 mm 

pre-condenser, a 300 mm actual measuring part and a 200 mm post-condenser. It is a counter 

flow tube-in-tube condenser, with the refrigerant condensing in the inner tube and cold water 

flowing in the annulus. The experimental quasi-local condensation heat transfer coefficient is 

referred to the middle sector, where occurs a vapour quality change of 10-25% depending on 

the mass flux velocity and the heat flux.  

According to the scheme drawn in Figure 14, the two-phase fluid, coming from the pre-

condenser, reaches the first 600 mm tube-in-tube heat exchanger where the desired vapour 

quality value is set. Then, the refrigerant condenses in the test section and finally it exchanges 

with the cold water in the last sector of the test tube.  

 

 
Figure 14. Microfin test section tube. 
 

All the test parts are instrumented with four T-Type copper-constantan thermocouples 

embedded in the middle tube wall. As it appears from Figure 14 (section B-B), four 

thermocouples are soldered to draw a cross shape in the circumference.  



 
 
Part 1: Two-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

20 

The geometrical characteristics of the tested microfin tube are summarized in Table 1, 

paragraph 1.1.2. 

The temperatures of the refrigerant at the inlet and outlet of the test section are measured by 

means of two adiabatic sectors equipped with three calibrated T-Type thermocouples inserted 

into both the refrigerant flow and the tube wall. 

The absolute pressure of the refrigerant is measured at the inlet of the test tube by means of an 

absolute pressure transducer connected to two static pressure taps drilled in the connection 

flange.  

Other two static pressure taps have been drilled in the outlet flange and connected to a 

differential pressure transducer to measure the refrigerant pressure drop. 

The measuring test sector and the other test sections, the pre-condenser and the post-

condenser, are fed with two independent water flow rates, measured by two magnetic 

flowmeters. The water temperature gain is obtained by means of three four-junction copper-

constantan thermopiles installed into five mixing chambers to assure a perfect mixing of the 

water. 

 

1.2.6 Acquisition System 
The experimental apparatus is connected to a real-time acquisition system which permits to 

control the principal parameters directly measured by the instruments, such as: refrigerant 

temperatures and pressures, water temperatures or water flow rates. The real time acquisition 

system also displays the elaborated indirect measures, such as: vapour qualities, exchanged 

heat fluxes, etc. 

The signals coming from the experimental transducers are recorded with an acquisition 

system consisting in a voltmeter, a digital switch multimeter connected to a PC. 

Recorded signals are elaborated and displayed by an acquisition program developed with 

Labview 6.0 which permits to control all the process parameters.  

The thermophysical properties of the refrigerant are calculated using RefProp 7.0, developed 

by NIST (National Institute of Standard and Technologies) [9]. 

The acquisition program displayes the direct and the indirect measurements in terms of graphs 

or numerical strings of the rielaborated electric signals. 

In fact, the graphs report the desired parameter as a function of the lectures and they are 

updated at each new reading. 
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Once experimental steady state conditions are reached, it is possible to record the data; two 

consecutive readings are taken to ensure the repeatability of the test point. A measure consists 

of a mean of ten runs.  

The acquisition system compiles two independent result files: one reports the effective data 

points, whilst in the other the standard deviations of each ten readings group are written. 

This second file is very important to understand the effective test conditions and gives useful 

information concerning the possible presence of any systematic error during the experimental 

work. 

The steady state condition has to be maintained during the acquisition process, otherwise the 

experimental data point will be eliminated and re-collected. 

Table 3 reports a list of the instruments implemented in the test rig and their location in the 

plant; moreover, it gives the number of the acquisition channels and the output signal unit.  

The principal transducers are: 

 T-Type copper-constantan thermocouples to measure the temperatures. These present an 

uncertainty of ± 0.05 K as the whole measuring chain, comprehensive of the ice point 

reference and of the Voltmeter/Data logger, is calibrated against a Pt 100 thermistor with 

an accuracy of ± 0.02 K. The temperature of the refrigerant is measured at the inlet and 

outlet of each heat exchanger by means of adiabatic sectors inserted to eliminate from the 

measures the possible axial conduction effect. 

 Four-junction T-Type copper-constantan thermopiles with an accuracy of ± 0.03 K, used to 

measure water temperature gains in the heat exchangers. The junctions are inserted into 

mixers ensuring that the water mixes at the inlet and outlet of each heat exchanger. The 

accuracy of the thermopile is higher than that of the thermocouple, so that it’s useful when 

only a temperature difference is needed. 

 A Micro Motion Coriolis mass flowmeter, with an uncertainty of ± 0.2% of reading, used 

to measure the refrigerant mass flow rate. 

 Three Danfoss volumetric flowmeters, inserted to measure the water flow rate pumped 

through the evaporator-superheater, the pre-condenser and the first and the third test sector. 

They present an uncertainty of ± 0.2% of the full scale. 

 An Endress-Hauser volumetric flowmeter, located at the inlet of the test section to report 

the water flow rate. The declared accuracy is ± 0.2% of the full scale.  

 



 
 
Part 1: Two-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

22 

Table 3. Experimental transducers inserted in the test rig. 

Measurement Transducer and Location Channel Unit 

Upper Thermocouple (A) T 1 °C 
Lower Thermocouple (B) T 2 °C 
Axial Thermocouple (C) 

Inlet Evaporator 
T 3 °C 

Upper Thermocouple (A) T 4 °C 
Lower Thermocouple (B) T 5 °C 
Axial Thermocouple (C) 

Outlet 
Evaporator  

T 6 °C 
Upper Thermocouple (A) T 7 °C 
Lower Thermocouple (B) T 8 °C 
Axial Thermocouple (C) 

Inlet Pre-
Condenser 

T 9 °C 
Upper Thermocouple (A) T 10 °C 
Lower Thermocouple (B) T 11 °C 
Axial Thermocouple (C) 

Inlet Test Tube 
T 12 °C 

Upper Thermocouple (A) T 53 °C 
Lower Thermocouple (B) T 54 °C 

Refrigerant fluid 
Temperatures 

(adiabatic sectors) 

Axial Thermocouple (C) 

Outlet Test 
Tube 

T 55 °C 
Upper Thermocouple +0° T 13 °C 

Lower Thermocouple +180° T 14 °C 
Axial Thermocouple    -90° T 15 °C 
Axial Thermocouple    +90° 

Sector 1 (Pre-
Section) 

T 16 °C 
Upper Thermocouple +0° T 30 °C 

Lower Thermocouple +180° T 31 °C 
Axial Thermocouple    -90° T 32 °C 
Axial Thermocouple    +90° 

Sector 2 
(Middle 
Section) 

T 33 °C 
Upper Thermocouple +45° T 17 °C 
Lower Thermocouple -135° T 18 °C 
Lower Thermocouple  -45° T 19 °C 

Wall Temperatures 

Upper Thermocouple +135° 

Sector 3 (Post-
Section) 

T 20 °C 
Pre-Condenser Thermopile Pre-Condenser T 63 °C 

Thermopile – Section 1  Mixers B-E T 64 °C 
Thermopile - Section 2  Mixers C-D T 66 °C 

Water Temperature 
Differences 

Thermopile – Section 3  Mixers A-B T 65 °C 
Inlet Pre-Condenser  Mixer F T 59 °C 

Evaporator  Mixer G T 56 °C 
Inlet Section 3  Mixer A T 57 °C 

Outlet Section 3  Mixer B T 21 °C 
Outlet Section 1  Mixer E T 58 °C 
Inlet Section 2  Mixer C T 23 °C 

Reference Water 
Temperatures 

Outlet Section 2  Mixer D T 22 °C 
Refrigerant Mass Flow 

Rate 
Micro Motion Mass Flow Rate After the Pump G 41 

kg 
min-1 

Refrigerant Absolute 
Pressure 

Endress-Hauser Pressure Transducer 
Inlet Test 
Section 

P 42 bar 

Refrigerant Pressure 
Drop 

Differential Pressure Transducer 
(Endress-Hauser) 

Test Tube P 43 mbar 

Refrigerant Gauge 
Pressure 

Gauge Pressure Transducer (Druck) 
Inlet Pre-

Condenser 
P 44 bar 

Water Flow Rate Endress-Hauser Flowmeter Test Sector G 45 l/h 
Water Flow Rate Danfoss Flowmeter Pre-Condenser G 46 l/h 
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Water Flow Rate Danfoss Flowmeter Superheater G 47 l/h 
Water Flow Rate Danfoss Flowmeter Evaporator G 48 l/h 

Water Flow Rate Danfoss Flowmeter 
First and third 
Test sector 

DL 49 l/h 

Refrigerant Absolute 
Pressure 

Druck Gauge Pressure Transducer  
Inlet Test 
Section 

P 50 bar 

Barometric Pressure Druck Absolute Pressure Transducer  - P 67 mbar 

 

 

 An Endress-Hauser pressure transducer, which measures the refrigerant gauge pressure at 

the inlet of the test section with an accuracy of ± 5 kPa. 

 An Endress-Hauser differential pressure transducer, inserted between the inlet and outlet of 

the test section to measure the refrigerant pressure drop through the test tube. The 

uncertainty of this instrument is ± 100 Pa. 

 The refrigerant gauge pressure is measured in other locations of the plant by means of a 

different pressure transducers produced by Druck. 

 

1.2.7 Experimental Procedure 
Experimental data points are registered under fixed, steady state conditions which are reached 

through several consecutive equilibrium steps. 

Each time, the refrigerant vapour quality, its specific mass flow rate, its saturation pressure 

and its superheating at the inlet of the pre-condenser are fixed. To obtain these experimental 

test conditions, all refrigerant and water circuits must be set up beforehand. 

The cold water tank temperature is controlled by a PID controller which modulates an electric 

resistance of 3 kW. Electric resistances of 1.5 and 3 kW of heating power can also be added. 

If the cold water temperature has to be set at below 22 °C, the water chiller can be started; 

otherwise it can be by-passed leaving open only the plate heat exchanger. 

The hot water loop is manually controlled and its temperature is set between 85 and 90 °C to 

superheat the refrigerant vapour by 7-10 °C. 

First of all, it is important to start up the hot water pump, to avoid any over pressure or 

uncontrolled superficial temperature rises of the electric resistances. 

As said before, the refrigerant mass flow rate is controlled by an inverter which regulates the 

rotational velocity of the magnetically coupled gear pump. 
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Finally, the saturation temperature depends on several different parameters, such as the mass 

flow rate, the subcooling and the condensation temperature. For this reason, in order to set it 

at the desired value, i.e. 40 °C, a nitrogen accumulator is used. 

The experimental steady state conditions are reached after around 5 hours, necessary to assure 

the test reliability and repeatability. 
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1.3 Heat Transfer and Pressure Drop Measurements 
1.3.1 Data Reduction 
When the test rig parameters reach the desired steady state conditions, the experimental data 

are recorded and rielaborated to calculate the heat transfer coefficients and the pressure drops. 

The acquisition system receives all the electric signals from the experimental transducers 

located in the plant and it permits to set the number of consecutive readings which have to be 

recorded. 

As described before, the acquisition program writes two different files: the first one returns 

the mean values of the experimental parameters, while their standard deviations are listed in 

the second. 

The average values x, of ten readings xi, and their standard deviations σN, are given by: 
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In the following, it is reported the regression analysis of the average experimental values. The 

data reduction procedure permits to calculate the operating test conditions, such as vapour 

qualities, the specific refrigerant mass flow rate, saturation temperatures and experimental 

results: heat transfer coefficients and pressure drops. In the regression analysis, 

thermophysical properties are calculated using RefProp 7.0, developed by NIST [9]. 

 

 

Figure 15. Location of the transducers for water properties measurements: T thermocouple, ∆T thermopile, 
G Flowmeter. A, B,…, F water mixers.  



 
 
Part 1: Two-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

26 

 

Figure 16. Location of the transducers for refrigerant properties measurements: T thermocouple, G 
flowmeter, P gauge pressure transducer, ∆P differential pressure transducer.  
 

 

Figure 17. Wall thermocouples locations.  
 

As said before, the test tube has been subdivided into three sectors: a pre-condenser, the test 

section and a postcondenser. 

Figure 15, Figure 16 and Figure 17 report the location of the transducers used to calculate the 

heat transfer coefficient and the pressure drop during condensation of R410A inside the 

microfin tube. 

The number within the brackets refers to the measure position in the output data file used in 

the regression analysis. 

 

1.3.1.1 Preliminary Calculation 

First of all, with reference to the scheme reported in Figure 15, the average water 

temperatures in each test sector are calculated as follows: 

 

,1

(64)
(21)

2w

T
T T


   Eq. 3 
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,2

(66)
(23)

2w

T
T T


   Eq. 4 

  

,3

(65)
(57)

2w

T
T T


   Eq. 5 

  

,

(63)
(59)

2w prec

T
T T


   Eq. 6 

 

Where ∆T (xx) is the cold water temperature gain measured by means of a calibrated four 

junction T-Type thermopile.  

The refrigerant absolute pressure at the inlet of the test tube, expressed in Pa, is: 

 

5
, (42) 10ref inp P   Eq. 7 

 

While the refrigerant pressure at the inlet of the pre-condenser is the sum of the relative 

pressure measured by the gauge pressure transducer and the barometric value: 

 

  5
, (44) 10ref prec atmp P p    Eq. 8 

 

The refrigerant pressure at the outlet of the test tube depends on the pressure drop and it is 

calculated as: 

 

, , (43)ref out ref inp p P   Eq. 9 

 

Where ∆P (43) is the refrigerant two-phase pressure drop inside the microfin test tube. 

The refrigerant temperatures at the inlet and outlet of the test tube are measured by means of 

two different adiabatic sectors equipped with three thermocouples, so that the mean 

refrigerant temperatures values are given by: 

 

,

(10) (11) (12)

3ref in

T T T
T

 
  Eq. 10 
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,

(53) (54) (55)

3ref out

T T T
T

 
  Eq. 11 

 

The refrigerant specific mass flow rate is calculated with reference to the equivalent cross-

sectional area of the smooth tube with inner diameter equal to the fin tip diameter of the 

microfin tube, Across. In fact, G expressed in [kg m-2 s-1] is: 

 

ref

cross

m
G

A



 Eq. 12 

 

Where refm is G (41) and the cross-sectional area Across is equal to: 

 

 232
5 2

7.69 10
4.645 10    m

4 4cross

D
A





 

     Eq. 13 

 

The superheated gas temperature is the average value of the measures of the three 

thermocouples inserted in the adiabatic sector located before the pre-condenser: 

 

,

(7) (8) (9)

3ref s

T T T
T

 
  Eq. 14 

 

While its pressure is measured by means of an absolute pressure transducer: 

 

5
, (44) 10ref sp P   Eq. 15 

 

Finally, the average wall temperatures are calculated from the measurements of the four 

thermocouples embedded in the tube wall in each sector, as follows: 

 

,1

(13) (14) (15) (16)

4wall

T T T T
T

  
  Eq. 16 
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,2

(17) (18) (19) (20)

4wall

T T T T
T

  
  Eq. 17 

  

,3

(30) (31) (32) (33)

4wall

T T T T
T

  
  Eq. 18 

 

 

1.3.1.2 Vapour Quality  

The calculated and measured condensation heat transfer coefficient and two-phase pressure 

drop are both referred to a mean value of vapour quality. 

Considering the heat transfer coefficient, the vapour quality change in the actual measuring 

sector was always kept under the 20%. Therefore, this experimental value can be called 

“quasi-local”.  

On the other hand, pressure drop measurements were carried out under adiabatic test 

conditions, so that no vapour change occured in the test tube and the vapour quality was set 

by controlling the heat exchanged in the pre-condenser. 

 

 

Figure 18. Condensation process plotted in the p-h diagram.  
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Figure 18 plots the most general test case, where the refrigerant, vaporised and superheated by 

the hot water, releases its heat to the pre-condenser and in all three sectors of the test tube. 

In some cases, depending on the desired operating test conditions, one of the pre-condenser or 

the first sector can be by-passed. 

The heat exchanged by the pre-condenser is equal to: 

 

, ,prec w p w w precq m c T    Eq. 19 

 

So, starting from the point A, the vapour is desuperheated and partially condensed by the pre-

condenser, reaching the conditions described by the point C. 

 

sup ,prec A C A B B C de cond precq q q q q q        Eq. 20 

 

Where qdesup is given by: 

 

 sup ,de ref A vs Bq m h h    Eq. 21 

 

And the qcond,prec is obtainable by subtracting these two terms: 

 

, supcond prec prec deq q q   Eq. 22 

 

Therefore, the vapour quality at the inlet of the test tube is: 

 

,
, 1 cond prec

in ts
ref LG

q
x

m h
 


 Eq. 23 

 

The vapour quality change and the mean vapour quality of each test sector are given by the 

following equations.  

The heat flux exchanged in each test tube part is: 
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, , ,i w i pw i w iq m c T    Eq. 24 

 

i
i

ref LG

q
x

m h
 


 Eq. 25 

 

Finally, the mean vapour quality is: 

 

, 2
i

i in i

x
x x


   Eq. 26 

 

1.3.1.3 Heat Transfer Coefficient 

The tested microfin tube has been equipped with twelve thermocouples, four in each sector, to 

measure three different heat transfer coefficients during the condensation process. 

As described before, paragraph 1.2.5, the lengths of the three sectors are different. The 

research group has decided to refer the heat transfer coefficient to the second sector, which is 

0.2 m long. 

The heat transfer coefficient is defined by the following equation: 

 

2

2

q
HTC

A T



 Eq. 27 

 

Where A is the heat transfer area of the smooth tube with an inner diameter equal to the fin tip 

diameter of the microfin tube, corresponding to: 

 

 3 3 27.69 10 0.2 7.248 10    mA D l             Eq. 28 

 

And ∆T2 is the difference between the saturation and wall temperatures: 

 

2 ,2 ,2sat wallT T T    Eq. 29 
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The saturation temperature is calculated from the saturation pressure, which was fixed at 

around 2.4 MPa, in the hypothesis that the saturation temperature varies linearly along the test 

tube. Tsat,2 is equal to: 

,2 , , ,

900
( )

1400sat ref in ref in ref outT T T T     Eq. 30 

 

Where the saturation temperatures at the inlet and outlet of the test tube are calculated from 

the measured saturation pressures. Experimental measurements were carried out at a 

saturation temperature of 40 °C. 

 

1.3.1.4 Pressure Drop 

During two-phase flow inside the microfin tube, the pressure drops of R410A are directly 

measured by means of a differential pressure transducer. Generally speaking, the pressure 

gradient, defined as the ratio of the pressure drop to the reference length of the tube, is the 

sum of three terms: 

 

tot f g a

dp dp dp dp

dz dz dz dz
                  
       

 Eq. 31 

 

The subscript f refers to the frictional term, g to the gravity term and a to the acceleration one. 

Considering the term linked to gravity, it depends on the tube inclination, α and it is: 

 

  1 sinV L
g

dp
g

dz
              

 
 Eq. 32 

 

Therefore, if the tube is horizontal this term is equal to zero. The acceleration term is: 

 

 
 

22
2 1

1a V L

xdp d x
G

dz dz    

               
 Eq. 33 

 

Hence:  
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   
2 2 2 2

2 1 1 1

1 1a G L G Lout in

dp x x x x
G

dz L       

                                 
 Eq. 34 

 

Where L is the total length of the microfin tube, 1.4 m, while the void fraction, ε, is calculated 

with the equation proposed by Smith [21]: 
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
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G
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1

11 





  Eq. 35 

 

In particular, if x=0 (total liquid) then ε=0, whilst for x=1 (total vapour) ε=1. 

When the gravity and acceleration terms are known, it is possible to estimate the experimental 

frictional pressure gradient.  
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1.3.2 Experimental Uncertainty Evaluation 
1.3.2.1 Theory Overview  

The uncertainty of an experimental value, such as the heat transfer coefficient and the mean 

vapour quality, which is indirectly obtained from other experimental measures, depends on 

the operating test procedure and on the intrinsic accuracy of the instruments.  

As described before, the experimental procedure foresees to make the mean of ten 

consecutive readings for each experimental parameter. This implies an additional uncertainty 

linked to the repeatability of the readings, which can be estimated as follows. 

If x is the experimental parameter, its standard deviation is: 

 

 
 

1

1

n

i
i

x x
S x

n








 Eq. 36 

 

Where x  is the mean of n readings. The repeatability uncertainty of x depends on the 

considered statistical distribution: 

 

   
A

S x
i x t

n
   Eq. 37 

 

In this case, the repeatability index, t, is the one read from the Student distribution table for  

n-1=9 degrees of freedom at 95% confidence level and it is equal to 2.262. 

The other term of the uncertainty depends on the accuracy of the instrument used in the 

measurement of the parameter; this gives another value, iB, which has to be summed to the 

repeatability one to obtain the final uncertainty of the parameter, called ii: 

 

i A Bi i i   Eq. 38 

 

When the uncertainty ii of each parameter is known, the uncertainty of the indirect measure 

can be calculated. If an indirect measure, y, depends on n independent parameters, as in: 

 

 1,......, ny f x x  Eq. 39 
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And these independent parameters present an uncertainty ii: 

 

 1 1,......, n ny f x i x i    Eq. 40 

 

Considering the Taylor’s series, Eq. 40 can be developed as: 
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 Eq. 41 

 

And with reference to the first order term, the uncertainty can be written as: 

 

n
n

y i
x

f
i

x

f
i 








 ......1
1

 Eq. 42 

 

Where 
i

f

x




 are called sensitivity coefficients and they have to be evaluated at xi. Finally, the 

overall uncertainty of an in direct measure is given by: 

 

 

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
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  Eq. 43 

 

1.3.2.2 Instruments Accuracy  

In order to evaluate the uncertainties of the experimental data points, the accuracy of the 

instruments must be analysed.  

Every instrument reports its accuracy in terms of percent of the instant reading or of the full 

scale (f.s.). As described in paragraph 1.2.6, the experimental test rig is equipped with several 

different transducers, among which: thermocouples, thermopiles, volumetric flowmeters, 

mass flowmeter, gauge and absolute pressure transducers, etc. Table 4 reports the accuracy of 

the instruments used in the test rig. 
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It is interesting to highlight that all the thermocouples and thermopiles inserted in the test rig 

were calibrated against a high-precision Pt 100 with an accuracy of ±0.02 K.  

 

Table 4. Accuracy of the instruments installed in the test rig. 

Instrument Measure Accuracy Full Scale 

T-Type Thermocouple Temperatures ± 0.05 K - 
4-junction T-Type Thermopile Temperature Difference ± 0.03 K - 

Endress-Hauser Flowmeter Water Flow Rate ± 0.2% f.s. 360 l/h 
Danfoss Flowmeter Water Flow Rate ± 0.2% f.s. 300 l/h 
Danfoss Flowmeter Water Flow Rate ± 0.2% f.s. 360 l/h 

Micro Motion Flowmeter Refrigerant Mass Flow Rate ± 0.2% r. - 
Endress-Hauser Absolute 

Pressure Transducer 
Absolute Pressure ± 5 kPa - 

Endress-Hauser Differential 
Pressure Transducer 

Refrigerant Pressure Drop ± 50 Pa - 

Legend:  f.s.: full scale; r.: of the reading 

  

This calibration procedure involves the whole measuring chain, which, for example, for 

thermocouples consists of the T-Type transducer, the ice point reference and the 

Voltmeter/data logger. 

 

1.3.2.3 Fluid Properties Uncertainty 

As mentioned before, all the fluid properties were estimated using RefProp 7.0 [9], a useful 

software developed by the National Institute of Standard and Technology (NIST) of the USA. 

The developer has declared the overall uncertainty of each property; these values are 

summarised in Table 5.  

 

Table 5. Fluid properties uncertainties. Data by NIST [9]. 

Property Uncertainty 

Water Density ± 0.0001% 
Water Specific Heat ± 0.1% 

R410A Density ± 0.2% 
R410A Specific Heat ± 2% 

R410A Dynamic Viscosity ± 4.81% 
R410A Thermal Conductivity ± 3.85% 

 

For the properties not included in Table 5, an uncertainty of 1% was adopted. 
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1.3.2.4 Pre-condenser and Section 1 Heat Fluxes 

The vapour is desuperheated and partially condensed by the cold water pumped through the 

pre-condenser and the first sector of the test section. 

The heat exchanged in these heat exchangers is important in the calculation of the vapour 

quality; hence, their uncertainties are here evaluated. 

Generally speaking, the heat balance at each heat exchanger can be written as: 

 

, , ,i w i p wi w iq m c T    Eq. 44 

 

And the essential relations for uncertainty calculations are: 
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q q
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And finally: 

 

22 2

, ,

i i i
qi mw cp T

w i p wi i

q q q
i i i i

m c T 

      
                  

 

 

Table 6. Experimental pre-condenser heat flux uncertainty. 

 qPC 
wm  ∆T 

im [%] 1.02 1.18 0.21 

imax [%] 3.62 4.65 0.44 

 

Table 7. Experimental section 1 heat flux uncertainty. 

 qs,1 wm  ∆T 

im [%] 1.16 0.67 0.71 

imax [%] 2.61 2.53 1.67 
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Figure 19. Experimental uncertainty on the pre-condenser heat fluxes plotted against the mass velocity. 
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Figure 20. Experimental uncertainty on the pre-condenser heat fluxes plotted against the vapour quality. 
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Figure 21. Experimental uncertainty on section 1 heat fluxes plotted against the mass velocity. 
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Figure 22. Experimental uncertainty on section 1 heat fluxes plotted against the vapour quality. 
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Figure 19, Figure 1.Figure 20, Figure 21 and Figure 22 report the experimental uncertainties 

of the heat fluxes of the pre-condenser and of section 1 plotted against the mass velocity and 

the vapour quality. 

It is interesting to underline that the pre-condenser uncertainty is equally distributed all over 

the investigated range of mass velocities and vapour qualities, while the same values for the 

heat fluxes of section 1 decrease as the mass velocity increases and they are quite constant 

with the vapour quality. 

Finally, Table 6 and Table 7 summarize the mean and the maximum values of the 

experimental uncertainty of the heat fluxes of the pre-condenser and of section 1. Overall, the 

uncertainties of heat fluxes depend on those of the water flow rates which present the highest 

values. 

 

1.3.2.5 Inlet Test Sector Enthalpy 

The refrigerant enthalpy at the inlet of the test sector can be evaluated using the following 

equation: 

 

1
, 2 , 1 , 1ref in ref out ref in

ref

q
h h h

m
  


 Eq. 45 

 

Where href,in1 is obtained from the heat balance at the pre-condenser. By deriving Eq. 45, the 

sensitivity coefficients are: 
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So the derived uncertainty is: 
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Table 8 reports the calculated average and maximum values of the experimental uncertainty 

of the different parameters. It appears that the experimental uncertainty of the enthalpy at the 

inlet test sector strongly depends from that of the enthalpy at the inlet of sector 1. 

 

Table 8. Experimental inlet test sector enthalpy uncertainty. 

 href,in2 href,in1 q1 

im [%] 1.32 1.14 1.16 

imax [%] 1.59 1.44 2.61 

 

 

1.3.2.6 Test Sector Heat Flux 

The uncertainty of the heat flux measured in the test sector is one of the most important ones, 

because the accuracy of the heat transfer coefficients directly depends on this measure. The 

experimental value of the heat flux exchanged in the test measuring sector is equal to:  

 

2 2 , 2 ,2w p w wq m c T    Eq. 46 

 

And the essential relations for the sensitivity coefficients used in experimental uncertainty 

calculations are: 
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And finally: 
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Figure 23. Experimental uncertainty on the test sector heat flux plotted against the mass velocity. 
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Figure 24. Experimental uncertainty on the test sector heat flux plotted against the vapour quality. 
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Figure 23 and Figure 24 report the uncertainties calculated for the heat flux exchanged in the 

measuring sector as a function of mass velocity and vapour quality. 

The maximum uncertainty is around 3% at 200 kg m-2 s-1 at low mean vapour quality. The 

calculated values are uniformly distributed all over the range of the operating test conditions. 

Table 9 summarizes the value of the mean and maximum uncertainty values obtained in the 

calculations. From a deep analysis of the data, it appears that the uncertainty on the heat flux 

of the test sector depends on that of the water temperature difference. 

 

Table 9. Experimental test sector heat flux uncertainty. 

 q2 2wm  ∆T2 

im [%] 1.78 1.60 1.17 

imax [%] 2.96 10.2 2.89 

 

1.3.2.7 Mean Vapour Quality 

The mean vapour quality in the test sector is defined as: 
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  Eq. 47 

 

As before, the sensitivity coefficients are: 
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And finally: 
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Table 10. Vapour quality experimental uncertainty. 

 xm hm hLG 

im [%] 8.08 1.37 1.41 

imax [%] 18.8 1.68 1.41 

 

 

0

2

4

6

8

10

12

14

16

18

20

0 0.2 0.4 0.6 0.8 1

MEAN VAPOUR QUALITY [ - ]

i x
 [

%
]

 

Figure 25. Vapour quality experimental uncertainty plotted against the vapour quality. 
 

The computed statistical parameters of the mean vapour quality uncertainty are reported in 

Table 10; the mean value is 8.08% with a maximum of 18.8% at low vapour quality. 

Furthermore, in Figure 25 and Figure 26 the values of the uncertainty are plotted as a function 

of both the vapour quality and the mass velocity. Since the absolute values of the uncertainty 

are quite constant, around ± 0.03, the percentage error decreases as the vapour quality 

increases, while it appears to be independent on the mass velocity. 
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Figure 26. Vapour quality experimental uncertainty plotted against the mass velocity. 
 

1.3.2.8 Heat Transfer Coefficient (HTC) 

The heat transfer coefficient defined in paragraph 1.3.1.3 by Eq. 27 is here described as: 

 

 
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When this equation is derived, the following sensitivity coefficients can be obtained: 
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And the uncertainty of the heat transfer coefficient is: 
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Table 11 reports the statistical results of the calculation; the maximum value of the heat 

transfer experimental error is 3.64%, with an average value of around 2.3%.  

 

Table 11. Heat transfer coefficient experimental uncertainty. 

 HTC q2 ∆T 

im [%] 2.29 1.78 1.38 

imax [%] 3.64 2.96 2.61 
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Figure 27. Heat transfer coefficient experimental uncertainty plotted against its value. 
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Figure 28. Heat transfer coefficient experimental uncertainty plotted against the mass velocity. 
 

The experimental uncertainty of the heat transfer coefficient is plotted against its value in 

Figure 27, its values do not exhibit any dependence on the heat transfer coefficient. 

Figure 28 and Figure 29 report the heat transfer uncertainty plotted against the most important 

operating test conditions: the mass velocity and the mean vapour quality. The uncertainty is 

uniformly distributed over the range of the operating test conditions. Figure 30 and Figure 31 

describe the relationships between the uncertainty of the heat transfer coefficient and those of 

the test section heat flux and temperature difference. 

Overall, the heat transfer coefficient uncertainty linearly increases with the uncertainties of 

both the heat flux and the temperature difference.  
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Figure 29. Heat transfer coefficient experimental uncertainty plotted against the mean vapour quality. 
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Figure 30. Heat transfer coefficient uncertainty plotted against heat flux uncertainty. 
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Figure 31. Heat transfer coefficient uncertainty plotted against temperature difference uncertainty. 
 

 

1.3.2.9 Pressure Drop and Pressure Gradient 

The refrigerant pressure drop is a direct measure obtained by means of a differential pressure 

transducer which has an accuracy of ± 50 Pa. 

Figure 32 reports the pressure gradient uncertainty as a function of its experimental value; 

since the pressure drop accuracy is constant, the error decreases as the pressure gradient 

increases. 

The diagram plots only the uncertainty of the frictional pressure gradient measured under 

adiabatic test conditions. 

Since this fluid is a high pressure refrigerant, it exhibits very low two-phase pressure drops 

when compared to medium or low pressure refrigerants. This explains the very high 

experiment uncertainties exhibited at low specific mass flux. In fact these values range 

between 20% and 5% at 200 kg m-2 s-1, while they vary between 3% and 0.2% at 400 and 

800 kg m-2 s-1.  
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Figure 32. Pressure gradient uncertainty plotted against the experimental frictional pressure gradient. 
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1.3.3 Experimental Results 
1.3.3.1 Operating Test Conditions 

The experimental data points were taken during condensation of R410A inside a microfin 

tube at saturation temperature of around 40 °C. This temperature value represents a reference 

point for the air conditioning applications. 

The refrigerant mass flow rate and the vapour quality were varied in order to investigate a 

wider range of operating test conditions. 

In particular, the mass flow rate was changed between 100 kg m-2 s-1 and 800 kg m-2 s-1 and 

the mean vapour quality was varied from 0.20 to 0.95. 

 

Table 12. Experimental operating test conditions. Within brackets, the experimental data points at each 
vapour quality. 

G [kg m-2 s-1] x, mean vapour quality [-] 
Condensation heat transfer measurements at 40 °C of saturation temperature  

100 0.20 (2), 0.22 (2), 0.39 (2), 0.42 (2), 0.57 (2), 0.73 (2) 

200 
0.19 (2), 0.25 (1), 0.30 (2), 0.34 (2), 0.45 (2), 0.48 (2), 0.52 (2), 0.65 (4), 
0.70 (2), 0.75 (2), 0.82 (2) 

400 0.19 (4), 0.34 (2), 0.40 (2), 0.50 (2), 0.60 (2), 0.70 (2), 0.78 (2), 0.85 (2) 

800 
0.21 (2), 0.34 (2), 0.40 (3), 0.44 (2), 0.50 (2), 0.60 (2),0.64 (2), 0.69 (2), 
0.79 (2), 0.81 (2) 

Condensation pressure drops measurements at 40 °C of saturation temperature  
200 0.42 (2), 0.56 (2), 0.68 (2) 
400 0.28 (2), 0.42 (2), 0.46 (2), 0.55 (2), 0.67 (2), 0.74 (2)  

800 
0.30 (2), 0.43 (2), 0.45 (3), 0.59 (2), 0.64 (2), 0.68 (2), 0.74 (2), 0.82 (2), 
0.84 (2) 

Adiabatic pressure drops measurements at 40 °C of saturation temperature 
200 0.20 (2), 0.33 (2), 0.48 (2), 0.64 (2), 0.74 (2) 
400 0.20 (2), 0.43 (2), 0.57 (2), 0.63 (2), 0.73 (2), 0.83 (2), 0.92 (2)   
800 0.27 (2), 0.33 (2), 0.49 (2), 0.64 (2), 0.73 (2), 0.87 (2), 0.96 (2) 

 

Considering the pressure drops measurements, the results are reported in terms of pressure 

gradient. The data have been subdivided into two categories: the adiabatic measurements and 

the measurements taken during condensation. When the vapour quality change occurs, the 

measured pressure drops are less than the ones registered in adiabatic test conditions because 

of the presence of the acceleration term. The frictional pressure gradients are calculated by 

subtracting the acceleration terms which are negative during condensation. 

Table 12 summarises the operating test conditions concerning heat transfer and pressure drop 

measurements.  
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The operating test conditions can be visualised in a flow regime map where the two-phase 

flow patterns transitions are plotted. 

In Figure 33 the condensation heat transfer data are plotted in Doretti et al. [20] flow regime 

map. As described in paragraph 1.1.4, this map subdivides the plain into two regions: the ∆T-

independent sector, where the flow regime is controlled by the shear stress, and the ∆T-

dependent sector, where gravity is the controlling force. 

As it appears in this diagram, all data points at 100 kg m-2 s-1 and 800 kg m-2 s-1 fall into, 

respectively, the ∆T-dependent and ∆T-independent regions. 
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Figure 33. Condensation heat transfer data plotted in Doretti et al. [20] flow regime map G [kg m-2 s-1]. 
 

Data at 200 kg m-2 s-1 are over the transition line for microfin tubes. This result confirms the 

flow pattern visualizations which have demonstrated the effect of the microfin tube geometry 

on the flow regime transition.  

Most of the data at 400 kg m-2 s-1 are in the ∆T-independent region; few data points, at low 

vapour quality, are just under the transition line for smooth tubes. 
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1.3.3.2 Condensation Heat Transfer Coefficient 

The experimental heat transfer coefficients were collected during condensation of R410A 

inside a microfin tube at a saturation temperature of 40 °C. 

In Figure 34, the condensation heat transfer coefficient referred to the surface area of a plain 

tube with an inner diameter of 7.69 mm is plotted against the mean vapour quality. 

The trend of the heat transfer coefficient versus the vapour quality is similar to those already 

measured for R22, R407C and R134a [22, 23]. At high mass velocity, 800 kg m-2 s-1, the heat 

transfer coefficient varies linearly with the vapour quality, while at lower mass velocity, 

around 200 kg m-2 s-1, the heat transfer coefficient increases more than linearly at high vapour 

quality and decreases more than linearly at low vapour quality. 
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Figure 34. Condensation heat transfer coefficient against the mean vapour quality. Saturation temperature of 
40 °C. 
 

In general, the heat transfer coefficient increases as the vapour quality and the mass velocity 

increase.  
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The trend exhibited at 200 kg m-2 s-1 can be explained with reference to Figure 33; in fact, the 

enhancement of the heat transfer coefficient could be due to the early transition from the wavy 

stratified flow to the annular flow regime promoted by the spiral micro-fins. 

The experimental heat transfer coefficients in the microfin tube can be compared with those 

calculated for condensation in a smooth tube with an inner diameter equal to the fin tip 

diameter of the microfin tube at the same operating conditions. 

The ratio between these two heat transfer coefficients is called Enhancement Factor (EF). The 

condensation heat transfer coefficient for a smooth tube is calculated using Cavallini et al. 

[16] model.  

This model takes into account a simplified flow regime map, JG-Xtt, where the plain has been 

subdivided into two parts, a ∆T-independent and a ∆T-dependent region; it was obtained from 

a best fitting procedure on data measured by the same authors in a smooth tube with a inner 

diameter of 8 mm [24]. 
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Figure 35. Cavallini et al. [16] flow regime map for the model application for smooth tube.  
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The transition line, plotted in Figure 35, can be calculated as: 
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Where CT is set: 

 

for hydrocarbons: CT is 1.6 

for others refrigerants: CT is 2.6. 

 

For the ∆T-independent region, JG > JG
T: 
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While for the ∆T-dependent region, JG < JG
T: 
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Where: 
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Eq. 52 
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With this value it is possible to calculate the Enhancement Factor as: 
 

microfin

smooth

HTC
EF

HTC
  Eq. 53 
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Figure 36. The Enhancement Factor plotted against the mean vapour quality as a function of the mass 
velocity.  
 
 
Figure 36 reports the Enhancement Factor plotted against the mean vapour quality as a 

function of the mass velocity. It is interesting to highlight that at 200 kg m-2 s-1 the EF 

increases more than linearly at high vapour quality, while it decreases more than linearly at 

low vapour quality. 

At this specific mass flux, the EF presents the highest values and, on the whole, it rises with 

the vapour quality, reaching 2.6 at x=0.8. 

Figure 36 also reports the heat transfer area enhancement (AMICROFIN/ASMOOTH), which is 1.8; 

therefore, the enhancement of the heat transfer coefficient is not merely due to the area 

enhancement. 
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At low mass velocity, 100 kg m-2 s-1, the EF increases linearly with the vapour quality, while 

at high mass velocities, 400 and 800 kg m-2 s-1, it appears to be constant with the vapour 

quality. In particular, at 400 kg m-2 s-1, the EF in equal to the heat transfer area enhancement, 

while at 800 kg m-2 s-1 the heat transfer coefficient is around 50% higher as compared with 

the smooth tube, the heat transfer enhancement is lower than the area enhancement. A 

possible explanation can be found in the increase of the thickness of the liquid film which 

submerges the micro-fins and penalizes their heat transfer enhancement.  
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Figure 37. The Enhancement Factor, EF, plotted against the mass velocity as a function of the vapour 
quality.  
 

Figure 37 plots the EF against the mass velocity as a function of the mean vapour quality and 

it shows that there is an optimal value of the mass velocity with respect to the heat transfer 

performance of a microfin tube. This is due to the flow pattern in the tube, as shown by 

Doretti et al. [20] and Cavallini et al. [7]. In fact, at low values of specific mass flux, micro-

fins promote the annular flow pattern, leading to the maximum enhancement at a certain value 

of mass velocity. 
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1.3.3.3 Two-Phase Pressure Drop 

During the experimental tests on condensation, two-phase pressure drops were also measured. 

Pressure drops are measured in the whole 1.4 m microfin test section, which is made of three 

diabatic parts. A differential pressure transducer is used in the tests. The total measured 

pressure drop is the sum of frictional and acceleration components. All data points were 

measured under saturated conditions all along the test section, with vapour quality changes 

ranging between 0.2 and 0.6. The frictional pressure gradient, reported in Figure 38, is 

obtained from the total pressure drop by subtracting the acceleration component, which is 

negative during the condensation process, Eq. 34. As said before, the void fraction model by 

Smith [21], Eq. 35, is used in the computation of the acceleration pressure change. The 

frictional pressure gradient was also measured under adiabatic test conditions in order to 

compare the different experimental procedures. 
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Figure 38. Frictional pressure gradient plotted against the vapour quality as a function of the specific mass 
flux. Diabatic tests.  
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Figure 38 and Figure 39 report the described results; in particular, Figure 38 plots the 

frictional pressure gradients obtained from the condensation measurements against the mean 

vapour quality, while Figure 39 those measured in the adiabatic tests. 

The frictional pressure gradient increases linearly with the average vapour quality and the 

increment appears to be higher at high mass velocity.  

With respect to Figure 39, the two experimental procedures are in quite good agreement. Only 

at 200 kg m-2 s-1, the frictional pressure gradients obtained from the condensation 

measurements are higher than those measured in the adiabatic tests. 

Furthermore, at 800 kg m-2 s-1, the frictional pressure gradient exhibits a maximum at x=0.86: 

the same qualitative results were found by Cavallini et al. [22 ,23] during tests with R134a 

and R22.  

In fact, the frictional pressure gradient increases with the vapour quality, but at x=1 it must be 

equal to the gas one. 
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Figure 39. Frictional pressure gradient plotted against the vapour quality as a function of the specific mass 
flux. Adiabatic tests. 
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At the same operating conditions, the pressure gradient in a microfin tube can be compared to 

the pressure gradient in a smooth tube with an equivalent internal diameter. This ratio 

indicates that during condensation of R410A the pressure drops are about 2.5 times higher in 

the microfin tube than in the smooth one at mass velocities of 400 and 800 kg m-2 s-1. The 

ratio of the pressure gradient in a microfin tube to that in a plain tube is above three at a mass 

velocity of 200 kg m-2 s-1. 

 

Table 13. Experimental and calculated pressure gradients.  

G xin xout x x  in out 
 
 
 tot

dp-
dz

 
 
 a

dp-
dz

  
 
 f

dp-
dz

 

 
 
 
 
 
 

f

tot

dp-
dz
dp-
dz

[kg m-2 s-1] - - - - - - [Pa/m] [Pa/m] [Pa/m] - 
           

200 0.80 0.29 0.51 0.54 0.95 0.65 1526.8 -127.9 1654.7 1.08 
200 0.80 0.29 0.51 0.55 0.95 0.66 1560.8 -127.9 1688.7 1.08 
201 0.82 0.51 0.31 0.66 0.95 0.82 1709.4 -86.8 1796.2 1.05 
201 0.82 0.51 0.31 0.67 0.96 0.83 1718.5 -86.3 1804.8 1.05 
202 0.67 0.15 0.52 0.41 0.90 0.47 1329.2 -114.8 1444.0 1.09 
202 0.67 0.15 0.52 0.41 0.90 0.47 1319.4 -114.8 1434.2 1.09 
398 0.88 0.59 0.30 0.74 0.97 0.87 4681 -343.5 5024.5 1.07 
399 0.89 0.59 0.30 0.74 0.97 0.87 4683.9 -343.6 5027.5 1.07 
399 0.52 0.04 0.48 0.28 0.83 0.19 3559.8 -360.5 3920.3 1.10 
399 0.52 0.04 0.47 0.28 0.83 0.21 3563.4 -359.0 3922.5 1.10 
401 0.71 0.39 0.33 0.55 0.92 0.74 3859.8 -325.5 4185.3 1.08 
401 0.71 0.38 0.33 0.55 0.92 0.74 3717.4 -328.0 4045.4 1.09 
401 0.63 0.18 0.45 0.41 0.89 0.52 3356.6 -397.2 3753.7 1.12 
401 0.63 0.18 0.45 0.41 0.89 0.52 3395.5 -397.6 3793.1 1.12 
401 1.00 0.65 0.35 0.83 1.00 0.90 5986.1 -435.9 6422.1 1.07 
790 0.81 0.53 0.28 0.67 0.95 0.84 17577 -1198.3 18775.3 1.07 
791 0.81 0.53 0.28 0.67 0.95 0.84 17551.7 -1203.2 18754.9 1.07 
792 0.87 0.30 0.56 0.58 0.97 0.67 13969.9 -2299.3 16269.2 1.17 
792 0.54 0.05 0.50 0.29 0.85 0.23 6744.6 -1490.2 8234.8 1.22 
793 0.87 0.31 0.56 0.59 0.97 0.68 14139 -2307.1 16446.2 1.16 
793 0.54 0.04 0.50 0.29 0.85 0.22 6741 -1493.5 8234.5 1.22 
793 0.92 0.70 0.22 0.81 0.98 0.92 20473.7 -1066.6 21540.3 1.05 
795 0.69 0.16 0.54 0.43 0.91 0.49 9574.3 -1874.8 11449.1 1.20 
796 0.69 0.16 0.54 0.43 0.91 0.49 9362.3 -1875.2 11237.5 1.20 
797 0.92 0.70 0.22 0.81 0.98 0.92 20481.2 -1070.2 21551.4 1.05 
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Table 13 summarizes the pressure drop data reduction reporting the experimental friction 

pressure gradients, the acceleration terms and the ratio between the friction value and the 

measured total pressure gradient. 

Moreover, the acceleration contribute varies between 4% and 18% with respect to the 

frictional one and it depends from the vapour quality change occurred during experimental 

measures. 

In Table 13 are also reported: the mass velocity, the vapour qualities at the inlet and outlet of 

the test tube, the mean vapour quality and its variations, the void fractions at the inlet and 

outlet of the test tube calculated by Smith’s equation [16].  

The ratio between the friction and the total pressure gradient is listed in the last column. Since 

the acceleration term is negative, this ratio is always bigger than 1. 
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1.4 Prediction Models 
1.4.1 Pressure Gradient: Introduction 
In the previous paragraph, the experimental pressure drops measured during two-phase flow 

of R410A inside a microfin tube at a saturation temperature of 40 °C have been reported in 

terms of pressure gradients. An accurate estimation of the pressure gradient for different tube 

geometries, fluids and operating test conditions appears to be an important challenge for the 

researcher because of its relevance in the design of efficient heat exchangers. The pressure 

gradient is usually regarded as the sum of three components, namely the accelerational, 

gravitational, and frictional pressure gradients. 

Here, we will categorize the models that are commonly used for predicting these system 

variables as follows. 

 

1.4.2 Homogeneous Model 
Here, the phases are assumed to be intimately mixed such that the mixture can be assigned a 

density corresponding to the total mass rate of flow divided by the total volume rate of flow.  

 

Figure 40. Schematic duct element for homogeneous model.  
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The velocity of the two phases is considered to be equal, and the flow can be treated by 

analogy with the single-phase flow. The acceleration and gravitational components of 

pressure drop can be calculated directly from the independent variables, and a correlation is 

required only for the friction term. Often, this term is calculated on the basis of single-phase 

flow correlations using an appropriate mean viscosity.  

With respect to Figure 40, the homogeneous model considers the two-phase system as a 

homogeneous mixture where the liquid and vapour phases flow with the same velocity: 

 

G Lu u  

G
G

xG
u

 


  
 

L
L

xG
u

 



1

 Eq. 54 

 

By substituting the liquid and vapour velocities in Eq. 54, it is possible to calculate the 

homogeneous expression of the void fraction (ε): 
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  Eq. 55 

 

When the ρL/ρG ratio increases, the homogeneous void fraction rises quickly from the vapour 

quality and it is equal to the vapour quality value at the critical point because ρL=ρG.  

Considering the expression of the void fraction, the homogeneous density can be written as: 

 

 
1

1
1M G L ho

G L

x x     
 


 

        
 

 Eq. 56 

 

By applying the momentum change conservation to the duct element, represented in Figure 

40, the following equation can be obtained: 

 

 
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   

 Eq. 57 
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Where   is the shear stress and u is the mixture velocity, which can be written as: 

 

ho

m
u

A



 Eq. 58 

 

Finally, if the duct cross-sectional area is constant, Eq. 57 can be rearranged as: 
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 

 Eq. 59 

 

In paragraph 1.3.1.4, a similar expression for the total pressure gradient was found; as said 

before, the subscripts f, g and a indicate the frictional, gravity and acceleration terms of the 

pressure gradient. 

In general, the homogeneous model gives a poor representation of data for pressure gradient 

and void fraction in two-phase flows. As might have been expected, the closest fit to 

homogeneous model is obtained when the densities of the two phases begin to approach each 

other at high pressure. 

 

1.4.3 Separated Flow Model 
Here, the two phases are considered to be flowing in separate regions and with different 

velocities. However, the equations describing the flow (continuity, momentum and energy) 

are in combined form. To solve for the accelerational and gravitational pressure gradients, a 

correlation is required for void fraction, and for the frictional pressure gradient a separate 

correlation is required. Thus, while the method is usually more accurate than the 

homogeneous model, more empirical correlations are needed.  
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Figure 41. Schematic  duct element  for  separated phases model.  
 

As described in Figure 41, the two phases flow separated in two distinct regions with different 

velocities, one for the liquid phase and the other for the vapour one.  

By analysing the duct element, it is possible to write the momentum change conservation 

principle, which can be explicated as follows: 
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The mixture density and the two velocities are defined as: 
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 Eq. 61 

 

If the cross-sectional area can be considered constant along the duct, the following expression 

can be obtained for the total pressure gradient: 
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 Eq. 62 

 

Again, the total pressure gradient can be expressed as the sum of three independent terms: the 

frictional, the gravitational and the accelerational pressure gradients. 

Since the test microfin test is horizontal, the term linked to gravity is equal to zero, while the 

acceleration term has to be subtracted from the total measured pressure gradient. 

For the separated flow model, correlations are required for both the frictional pressure 

gradient and the void fraction which influences both the accelerational and gravitational 

terms. 

Therefore, in order to evaluate the acceleration pressure gradient, an accurate void fraction 

model has to be chosen. Three of the most important correlations are reported in the 

following. 

 

Zivi’s equation [26]: 
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Smith’s correlation [21]: 
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Baroczy’s correlation [27]: 
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Considering the two-phase frictional pressure gradient, this can be linked to the one of the 

single-phase flow, which is more simply defined.  

Thus, the two-phase multipliers are defined as the ratio between the two-phase frictional 

pressure gradients and the single-phase ones: 
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 Eq. 73 

 

The single-phase friction factors, recalled in the previous equations, are calculated in relation 

to the flow pattern with the following equations: 
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for laminar flow regime: 

 

Re

16
f  Eq. 74 2000Re   

 

for turbolent flow regime: 

 

2.0Re046.0 f  Eq. 75 2000Re   

 

or: 

 

25.0Re079.0 f  Eq. 76 2000Re   

 

The friction factors fL, fG, fLO and fGO are estimated using the Reynolds number defined as 

follows: 
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  Eq. 80 

 

Several of the different semi-empirical correlations for the evaluation of the frictional 

pressure drop proposed in the open literature are presented here and applied to the 

experimental test conditions. The results will be compared with the experimental pressure 

drops in order to analyse the accuracy of the predictions. 
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1.4.3.1 Haraguchi et al. Model [28] 

Haraguchi et al. [28] proposed a correlation based on their measured pressure drop data for 

condensation in a microfin tube with R123, R134a and R22. 

The pressure gradient is expressed by: 
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Where: 
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and: 
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eq
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G

G x d
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
  Eq. 85 

 

Xtt is the Martinelli parameter defined by Eq. 2 while the equivalent diameter is calculated 

with Eq. 86, where Aeff  is the actual flow area: 

 

4 eff
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A
d


  Eq. 86 

 

Finally, the void fraction is calculated with Smith equation [21]. 
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1.4.3.2 Kedzierski and Goncalves Model [29] 

Kedzierski and Goncalves [29] tested the condensation of four refrigerants (R134a, R410A, 

R125 and R32) inside a microfin tube. They proposed a modified Pierre [30] correlation 

(originally proposed for flow boiling pressure drop in horizontal smooth tubes) in which the 

hydraulic diameter was used and a friction factor was developed to account for the fin effect 

on flow. 

The acceleration and the frictional pressure gradients can be expressed by the following 

equations, respectively: 
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So, the total pressure gradient for a horizontal microfin tube is: 
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 Eq. 89 

 

Where the two-phase friction factor can be regressed by the following correlation: 

  

1

0 003 4 16 5320 002275 0 00933 eq eq

h

.  d . h / d 0.211
tp LO,hf . .  e  Re  

 


 
  
 
 

 Eq. 90 

 

with: 
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The hydraulic diameter used in the Reynolds number calculation is defined as: 
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4 eff
h

b a

A  cos
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 d E
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

  Eq. 92 

 

Where Ea is the surface area enhancement as compared with a smooth tube with the fin root 

diameter db. And the related liquid-only Reynolds number is: 

  

h
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L

G d
Re


  Eq. 93 

 

1.4.3.3 Cavallini et al. Model [31] 

Cavallini et al. [31] proposed a correlation derived from Friedel [32] correlation (originally 

suggested for adiabatic two-phase flow pressure drop in vertical and horizontal smooth tubes) 

and based on a variety of experimental data, in which an equivalent roughness was used to 

account for the effect of the micro-fins and the Mickley et al. [33] correction term was 

incorporated to consider the mass transport effects at the interface.  

The adiabatic frictional pressure gradient is given by: 
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Where the two-phase multiplier is: 
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Using the following terms: 
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The Froude and Weber numbers are defined as: 
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Where ρho is the homogeneous density calculated with Eq. 56, while the liquid-only friction 

factor can be evaluated with the following algorithm: 
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Where fLO1 and fGO1 are: 
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and: 

 

0 25

1 1

0 079 turbulent flow

16 laminar flow

.
GO

GO

GO

. Re   
f

Re          





 


 Eq. 103 

 

The Reynolds numbers are calculated with Eq. 79 and Eq. 80 while fLO2 and fGO2 are given by: 
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In Eq. 104, k represents an equivalent roughness for the microfin tube and it is defined by: 
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 Eq. 105 

 

Finally, the condensation frictional pressure gradient is obtained by introducing the Mickley 

correction term, θ: 

 

f ,cond f ,adiab

dp dp

dz dz
        

   
 Eq. 106 

 

Where: 

 

  1
1e 


   Eq. 107 

 

co G

i

G  u


   Eq. 108 

 

with: 

 

4co

G D dx
G

dz
  

Eq. 109 4i
f ,adiab

dp D

dz
    

  Eq. 110 G
G

G x
u

  
  

Eq. 111 

 

The void fraction, ε, must be calculated using the Rouhani [34] model described by Eq. 112, 

Eq. 113 and Eq. 114:  

 

   0 1
L

L G L G gj

x

C x x  u / G


   


    

 
Eq. 112 
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 


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 Eq. 113 
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    0 2521 18 1
.

gj L G Lu . x g /         Eq. 114 

 

1.4.3.4 Goto et al. Model [35] 

Goto et al. [35] developed two correlations based on pressure drops measured during 

condensation and evaporation of R22 and R410A inside a helical microfin tube and a 

herringbone microfin tube. Here, these correlations are presented and then applied. 

Goto et al. model A: 

 2

2 2 G
G

f ,( A ) G eq

f G xdP

dz  d



   
 

 Eq. 115 

 

with: 

 

 22 0 791 1 64 .
G tt.  X    Eq. 116 

 

Goto et al. model B: 

  2

2
2 1L

L
f ,( B ) L eq

f  G xdP

dz  d



      

 
 Eq. 117 

 

with:  

 

2 1 701 7 61 .
L tt.  X    Eq. 118 

 

Where: 
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 Eq. 119 
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The Reynolds number is based on the effective flow cross-sectional area: 

  

eq
G,eq

G

G x d
Re


  Eq. 120 

 1 eq
L,eq

L

G x  d
Re




  
Eq. 121 

 

1.4.3.5 Choi et al. Model [36] 

Choi et al. [36] proposed a pressure drop correlation taking the form of Pierre [30] model. 

Their model is based on the experimental data of a microfin tube for condensation of R32, 

R125, R134a, and R410A and evaporation of R32, R125, R134a, R410A, R22, R407C. They 

suggested that their correlation could be applicable to evaporation and condensation in 

smooth and microfin tubes of lubricant-free refrigerants and refrigerant/lubricant mixtures. 

 

2
1 1tp

f h om,us om,in

f  Gp

L d


 

      
   

 Eq. 122 

 

 0 09510 00506 in out LG.
tp LO,h

x x h
f .  Re

L g
  

  
 

 Eq. 123 

 

The Reynolds number and the hydraulic diameter are the same defined by Kedzierski and 

Goncalves [29] in Eq. 93 and Eq. 92. 
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1.4.4 Condensation Heat Transfer Coefficient Models 
Since the 80’s, several models of condensation heat transfer coefficient calculations have been 

proposed in the open literature. In the following, seven of them have been chosen to compare 

the experimental data points with the calculations results. 

 

1.4.4.1 Cavallini et al. Model [37] 

Cavallini et al. presented a model for condensation inside low-fin and micro-fin tubes based 

on the Cavallini-Zecchin [38] equation originally designed only for smooth tubes. The 

correlation introduces two parameters which account for the geometrical effect Rx and the 

ratio of vapour shear to surface tension forces by introducing the product of Froude and Bond 

numbers. 

The Rx factor is equal to the ratio between the exchange area enhancement factor for axially 

microfinned tubes and the cosine function of the helix angle, and accounts for the effect of the 

heat transfer area increase. [39, 40] 

As highlighted before, the heat transfer coefficient is defined with reference to the cylindrical 

envelope surface area of the finned surface at the fin tip. 

The fin tip diameter is used as a reference for all calculated non-dimensional parameters. 

This model, originally developed for pure refrigerants, can be applied to mixtures using the 

Silver [41] and Bell and Ghaly [42] correction to account for mass transport thermal 

resistance. For zeotropic mixtures used in refrigeration, with a maximum total isobaric 

temperature glide around 6-8 K, the correction factor can be considered constant and equal to: 

 

SV
pG

TOT LG

q T
x c

q h

 


    Eq. 124 

 

Where T  is the isobaric temperature glide of the mixture and hLG is the latent heat of 

condensation. 

The Cavallini et al. [37] correlation is: 

 

 0 8 1 30 05
t. / s

eq L
L

HTC D
Nu .  Re Pr Rx Bo Fr


    Eq. 125 

 

Where the geometrical enhancement factor is defined by: 
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  
 

2 1 2 1
1

2
g h n sin /

Rx
 D cos / cos


  

 
   
  

 Eq. 126 

 

While the non-dimensional parameters are: 

 

   1 2
1

4
/

L G
eq f

L

x x /
Re  m  

 D 

 
 

 
   Eq. 127 

 

L pL
L

L

 c
Pr




  Eq. 128 

2
GOu

Fr
g  D

  Eq. 129 
L

g

g  h π D
Bo

8 σ n


  

Eq. 130 

 

The vapour velocity uGO must be evaluated with reference to the total two-phase mass flow 

rate and the properties of the vapour phase: 

 

GO
G

G
u


  Eq. 131 

 

This correlation has to be applied when Reeq is greater than 15000, 0.2<pR<0.8, 7°<β<30° and 

0.3<Bo Fr<508. 

The exponents s and t of Eq. 125 are the following: 

 

for low-fins:  s = 1.40 ;  t = -0.08 

for micro-fins :  s = 2.00 ;  t = -0.26 

for cross-grooved : s = 2.10 ;  t = -0.26 

 

1.4.4.2 Yu and Koyama Model [43] 

Yu and Koyama correlation [43] consists of two terms which apply to the forced convection 

condensation regime and the gravity drained condensation regime, respectively. It derives 

from Haraguchi et al. [44] condensation model for smooth tubes, extended to microfinned 

tubes. 
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 0 52 2 .
e M

F B
L

HTC  d
Nu Nu Nu


    Eq. 132 

 

For the forced convection condensation regime, the geometrical effect is accounted for by 

referring the heat transfer coefficient to the actual surface area. For the gravity drained 

condensation regime, the Nusselt [45] type condensation is assumed, along with a correction 

term for stratified condensate. A weaker dependence on the surface area increase than on the 

forced convection condensation regime is assumed. Finally, the void fraction is calculated by 

Smith [21] equation, and the reference diameter is the average tube diameter: 

 

Md D h   Eq. 133 

 

The forced convection condensation term is given by: 

 

 0 68 1 10 152 0 3 0 1. .G
F L L

tt

Nu . Re . . Pr
X

 
  

 
 Eq. 134 

 

Where: 

 

 

0 35 0 35

0 1751 1 1 3
. .

tt
G .

M G L G

G X
. .

g  d  


  
 

  
 

Eq. 135 

 

The gravity-driven condensation term is given by: 

 

 
0 25

0 725
.

L
B

L a

Ga Pr
Nu .   H  

Ph



 

   
 Eq. 136 

 

The surface area enhancement ηa is defined by: 

 

a a
M

 D

d
   Eq. 137 
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Where εa is the surface area enhancement referred to the smooth tube with the inner diameter 

equal to the fin tip diameter of the microfin tube, and the void fraction function, is:  

 

   0 1 0 5 0 510 1 8 0 1
. . .H( ) .              Eq. 138 

 

Finally, the non-dimensional numbers are: 

 

2 3

2
L M

L

g   d
Ga




  Eq. 139 
 pL sat wall

L
LG

c T T
Ph

h


 Eq. 140 

 1 M
L

L

G x d
Re




  Eq. 141 

 

1.4.4.3 Kedzierski and Goncalves Model [46] 

The Kedzierski and Goncalves model [46] derives from a complete regression analysis based 

on their experimental database for condensation of R134a, R410A, R125 and R32 inside a 

microfin tube. 

In their correlation, the geometrical effect is accounted for by using the hydraulic diameter as 

the length scale and referring the heat transfer coefficient to the actual surface area. 

The Authors neglect the surface tension effect as they refer the heat transfer enhancement to 

the turbulence induced in the liquid films by the micro-fins. 

The correlation accounts for the reduced pressure effect on the condensation heat transfer: 

 

 0 303 0 393
102 256

C. A . B De h
L L R R

L

HTC  d
Nu . Re Ph Pr  p log p  Sv


    Eq. 142 

 

Where the exponents are: 

 

A = -0.232 x   B = -0.578 x2     C = -0.474 x2         D = 2.531 x 

 

The reduced pressure pR and the Reynolds number are respectively:  

 

R
cr

p
p

p
  Eq. 143 

h

L
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Eq. 144 
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While the non-dimensional specific volume is given by: 

 

 
 

1

1
L G

L G

/
Sv

x / x

 
 


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 
 

Eq. 145 

 

Finally, the hydraulic diameter is defined by considering the effective flow cross-sectional 

area:  

 

4 eff
h

b a

 A  cos
d

 d  E




  Eq. 146 

Where Ea is the surface area enhancement as compared with a smooth tube with the fin root 

diameter db. The other non-dimensional numbers are the ones previously defined. 

 

1.4.4.4 Chamra et al. Models [47, 48] 

In 2004, Chamra et al. [47] proposed a new correlation for condensation heat transfer of pure 

refrigerants in microfin tubes.This model was based on a theoretical analysis of turbulent film 

condensation inside smooth tubes. Several modifications were implemented in the original 

smooth-tube model to account for the heat transfer enhancement due to the presence of micro-

fins on the internal wall surface. The model was compared against a set of 400 experimental 

data points and takes the following form: 

 

2
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1

P

w
L pL

PL

P  c

HTC Rx
T






 
 
    

Eq. 147 

 

Where Rx is the parameter defined by Cavallini et al. [37] and it is given by Eq. 126, while 

the constants are: P1=0.208, P2=0.224, P3=1.321. The wall shear stress and the non-

dimensional temperature are defined by the following equations: 

 

4w
f

dp D

dz
    

 
 Eq. 148 
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And: 
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     
              

 Eq. 149 

 

Where   , the non-dimensional liquid film thickness, is equal to: 

 

0.866 for 1600

0.051 for 1600

0.5
L L

0.87
L L

 Re          Re   
=

 Re         Re
 

 



 Eq. 150 

 

With the liquid Reynolds number defined by Eq. 77 using the fin tip diameter as a reference 

length scale. The Authors suggested to use the Cavallini et al. [31] model for calculating two-

phase pressure gradient. 

The model proposed by Chamra and Mago [48] in 2006 has been developed for condensation 

of refrigerant mixtures inside microfin tubes. This model is based on the previous correlation 

for pure refrigerants where the correction of Silver [41] and Bell and Ghaly [42] was 

introduced and all the exponents were recalculated. Therefore, it is possible to consider this 

equation as another model from Chamra et al. [47] correlation. The new correlation is: 
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 Eq. 151 

 

The constants are: M1 = 0.31, M2 = 0.314, M3 = 0.993, while the other parameters must be 

estimated as in Chamra et al. [46] model. 
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HTCG, the heat transfer coefficient of the vapour phase, is calculated using the fomous Dittus-

Boelter [49] correlation: 

 

0 8 0 3

0 023
. .

pG GG
G

G G

cG x D
HTC .

D


 

   
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   
 Eq. 152 

 

1.4.4.5 Han and Lee Model [50] 

Han and Lee [50] studied both experimentally and theoretically the condensation of R134a, 

R22 and R410A in four microfin tubes. Experimental results were proposed in terms of the 

enhancement factor and penalty factors. 

They developed a correlation for condensation heat transfer coefficient in an annular flow 

regime based on the experimental data and the heat-momentum analogy. 

The heat transfer correlation was developed for annular flow regimes; it is assumed that the 

liquid film thickness is uniform around the tube periphery because of the greater influence of 

the shear force. Since the vapour core is highly turbulent, radial temperature gradients and the 

temperature in the vapour core are neglected. Temperatures in the vapour core and at the 

liquid-vapour interface are assumed to be equal to the saturation temperature. In these 

hypotheses the model has been developed as: 

 

 0 592 0 7290 904 2 1335

L pL t
b . .

L

 c  u
HTC

. e Pr .  ln
h







 
Eq. 153 

 

The heat transfer coefficient is referred to the surface area of the enveloped cylinder with the 

root fin diameter, while ut is the frictional turbulent velocity and δ is the film thickness 

evaluated by: 
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 Eq. 154 

+ t L
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h u  
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


 
Eq. 155 

 1

4
bd




  
Eq. 156 

 

The void fraction is calculated with Smith [21] equation, while the pressure gradient is given 

by the application of their own model. 
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The frictional pressure gradient is: 
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 Eq. 157 

 

Where the liquid friction factor and the liquid two-phase multiplier are obtained from the 

following equations: 
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 Eq. 158 

 

2 1 9462 684 .
L tt.  X   Eq. 159 

 

Xtt is the Martinelli parameter while pg is the axial fin pitch, defined by the following relation: 
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g
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


  Eq. 160 

 

1.4.4.6 Koyama and Yonemoto Model [51] 

In the work of these Authors, the heat transfer correlation proposed by Yu and Koyama [43] 

is modified using some correlations, developed for microfin tubes, for the void fraction and 

the friction coefficient. To propose these correlations, experimental data obtained by the 

Authors, Haraguchi [53] and Miyara [52] are used. 

Looking at Eq. 132, the heat transfer coefficient correlation proposed by Yu and Koyama [43] 

is expressed by the combination of forced and natural convection condensation terms. The 

void fraction and the frictional pressure gradient were calculated using correlations developed 

for smooth tubes. Koyama and Yonemoto [51] suggested the use of the following correlation. 
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Where the forced convection term is: 
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 Eq. 162 

 

Where fG is the friction factor estimated by Carnavos [54] correlation, while ΦG is calculated 

as: 

 

0 05 0 51 1 2 . .
G tt. Fr X    Eq. 163 

 

Where Froude number is defined as: 
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Eq. 164 

 

Carnavos [54] suggested to calculate the frictional factor as follows: 
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  Eq. 165 

 

with F* depending on the geometrical characteristics of the microfin tube: 
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 Eq. 166 

 

Aeff is the actual free flow area, while Aroot is the nominal flow area on the tube internal 

diameter as if the fin structures were not present. 

The Nusselt number for natural convection condensation is then defined by: 
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Where ηA is the area enlargement whilst Bond, Galileo and phase change numbers are defined 

as: 

 

   M L GP t d g
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L
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Ph
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
  Eq. 170 

 

Where dM is the average inner diameter of the microfin tube, while P and t are the fins pitch 

and the width of the fin tip, respectively. 

H(ε) is the function expressing the effect of the thick liquid film flowing at the bottom of the 

tube and its value is obtainable by applying the following equation: 

 

     0 1
10 1 8 9 1

.
H .            Eq. 171 

  

This function depends on the void fraction value calculated by: 
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As it appears from Eq. 172, the void fraction function proposed by Koyama and Yonemoto is 

a linear combination of Smith [21] and Homogeneous void fractions, Eq. 64 and Eq. 55. 

 

1.4.4.7 Wang et al. Model [55]  

More recently, Wang et al. [55] suggested a new model for condensation heat transfer 

coefficient in microfin tubes. The correlation has been evaluated against a large database of 

around 440 experimental data points covering five refrigerants (R11, R123, R134a, R22 and 

R410A) and seven microfin tubes. The mass velocity ranges from 90 kg m-2 s-1 to  

460 kg m-2 s-1. 

Therefore, the correlation to calculate the condensation Nusselt number is: 
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Table 14. Experimental fitting values. 

a1 0.0089 

n1 0.25 

n2 0.3333 

n3 5.6 

n4 -0.4 

n5 11.4 

n6 0.75 

n7 -0.5 

n8 -0.2 

 

(A/AC) is the ratio between the cross-sectional area based on the inner fin root diameter and 

the core cross-sectional area based on the fin tip diameter, εA is the surface area enhancement 

ratio as compared to the smooth tube with fin root diameter, db. 

The Bond number is defined as: 

 

 
8

b L G

g

d hg
Bo

n

 



  Eq. 174 

 

While the two-phase multiplier ΦG is calculated with the following equation: 

 

 
0 50 5

210
1 1 25 1 6

..

G tt ttX . X
Fr


       

   
 Eq. 175 

 

Once again, Xtt is Lockhart Martinelli parameter, while Froude number is here defined with 

reference to the fin root diameter, db: 

 

 G L G b

Gx
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gd  
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
 

Eq. 176 
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1.5 Comparison with Prediction Models 
1.5.1 Introduction 
Several different prediction models for condensation heat transfer and pressure drop 

calculations have been summarized above. The estimations obtained from the application of 

these correlations are reported graphically and numerically in the following paragraphs. 

In order to make a homogeneous comparison between the semi-empirical correlations, the 

relative deviation eR, the absolute deviation eA and the standard deviation σN must be defined. 

Relative deviation, eR: 

 

P
R

e
e      

N
   Eq. 177 

 

Absolute deviation, eA: 

 

P
A

e
e      

N
   Eq. 178 

 

Standard deviation, σN: 

 

 2

1
P R

N

e e
     

N



 


  Eq. 179 

 

Where N is the number of experimental data points. The experimental deviation eP is given 

by: 

 

CALC EXP
P

EXP

z z
e 100     

z


    Eq. 180 

 

These statistical values are listed in a table under each applied model. A positive value of the 

average deviation indicates overprediction of data, while a negative value implies 

underprediction. 
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1.5.2 Pressure Drop Comparisons: Model by Haraguchi et al. [28] 
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Figure 42. Calculated vs. experimental pressure gradient data: model by Haraguchi et al. [28].  
 

 

Table 15. Deviations from the experimental values of Haraguchi et al. [28] model.  

 eR [%] eA [%] σN [%] 

Haraguchi et al. [28] -23.8 23.8 9.30 
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1.5.3 Pressure Drop Comparisons: Model by Kedzierski and Goncalves 
[29]    
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Figure 43. Calculated vs. experimental pressure gradient data: model by Kedzierski and Goncalves [29].  
 

 

Table 16. Deviations from the experimental values of Kedzierski and Goncalves [29] model.  

 eR [%] eA [%] σN [%] 

Kedzierski and Goncalves [29] -27.0 27.0 13.7 
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1.5.4 Pressure Drop Comparisons: Model by Cavallini et al. [31] 
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Figure 44. Calculated vs. experimental pressure gradient data: model by Cavallini et al. [31].  
 

 

Table 17. Deviations from the experimental values of Cavallini et al. [31] model.  

 eR [%] eA [%] σN [%] 

Cavallini et al. [31] -32.1 34.4 16.6 
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1.5.5 Pressure Drop Comparisons: Model by Goto et al. [35], Equation A 
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Figure 45. Calculated vs. experimental pressure gradient data: model by Goto et al. [35], equation A. 
 

 

Table 18. Deviations from the experimental values of Goto et al. [35] model, equation A.  

 eR [%] eA [%] σN [%] 

Goto et al. [35], Equation A -33.2 34.4 14.7 
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1.5.6 Pressure Drop Comparisons: Model by Goto et al. [35], Equation B 
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Figure 46. Calculated vs. experimental pressure gradient data: model by Goto et al. [35], equation B. 
 

 

Table 19. Deviations from the experimental values of Goto et al. [35] model, equation B.  

 eR [%] eA [%] σN [%] 

Goto et al. [35], Equation B -22.7 23.7 16.7 
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1.5.7 Pressure Drop Comparisons: Model by Choi et al. [36] 
 

 

 

0

5

10

15

20

25

0 5 10 15 20 25
EXP. PRESSURE GRAD. [kPa m-1] 

C
A

L
C

. P
R

E
S

S
U

R
E

 G
R

A
D

. [
kP

a
 m

-1
]

+20%

-20%

Model by Choi et al. [36]

 

Figure 47. Calculated vs. experimental pressure gradient data: model by Choi et al. [36]. 
 

 

Table 20. Deviations from the experimental values of Choi et al. [36] model.  

 eR [%] eA [%] σN [%] 

Choi et al. [36] -34.2 34.2 11.3 
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1.5.8 Pressure Drop Comparisons 
The experimental pressure gradient data were compared against some correlations, available 

in the open literature, for the prediction of two-phase frictional pressure drop in enhanced 

tubes: Haraguchi et al. [28], Kedzierski and Goncalves [29], Cavallini et al. [31], Goto et al. 

[35] Equations A and B by Choi et al. [36]. 

As one can see from Figure 42 to Figure 47, all the tested models tend to underestimate the 

experimental values. The best agreement is found using the correlation by Haraguchi et al. 

[28] and Equation B of Goto et al. [36] model: most of the experimental data are within a 

range of ±20%. 

This trend is confirmed by the statistical deviations summarized in Table 21; it is interesting 

to point out that all tested models present a low standard deviation. 

The worst agreement with the experimental data points is exhibited by the model proposed by 

Choi et al. [36]. 

 

Table 21. Deviations from the experimental values of the models.  

Model eR [%] eA [%] σN [%] 

Haraguchi et al. [28] -23.8 23.8 9.30 

Kedzierski and Goncalves [29] -27.0 27.0 13.7 

Cavallini et al. [31] -32.1 34.4 16.6 

Goto et al. [35], equation A -33.2 34.4 14.7 

Goto et al. [35], equation B -22.7 23.7 16.7 

Choi et al. [36] -34.2 34.2 11.3 
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1.5.9 Condensation Heat Transfer Coefficient Comparisons: Model by 
Cavallini et al. [37] 
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Figure 48. Calculated vs. experimental condensation heat transfer coefficients: model by Cavallini et al. 
[37]. 
 

 

Table 22. Deviations from the experimental values of Cavallini et al. [37] model.  

 eR [%] eA [%] σN [%] 

Cavallini et al. [37] 65.4 65.4 18.8 
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1.5.10 Condensation Heat Transfer Coefficient Comparisons: Model 
by Yu and Koyama [43] 
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Figure 49. Calculated vs. experimental condensation heat transfer coefficients: model by Yu and Koyama 
[43]. 
 

 

Table 23. Deviations from the experimental values of Yu and Koyama [43] model.  

 eR [%] eA [%] σN [%] 

Yu and Koyama [43] 28.8 29.1 27.6 
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1.5.11 Condensation Heat Transfer Coefficient Comparisons: Model 
by Kedzierski and Goncalves [46] 
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Figure 50. Calculated vs. experimental condensation heat transfer coefficients: model by Kedzierski and 
Goncalves [46]. 
 

 

Table 24. Deviations from the experimental values of Kedzierski and Goncalves [46] model.  

 eR [%] eA [%] σN [%] 

Kedzierski and Goncalves [46] -2.34 7.63 8.63 
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1.5.12 Condensation Heat Transfer Coefficient Comparisons: Model 
by Chamra and Mago [48] 
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Figure 51. Calculated vs. experimental condensation heat transfer coefficients: model by Chamra and Mago 
[48]. 
 

 

Table 25. Deviations from the experimental values of Chamra and Mago [48] model.  

 eR [%] eA [%] σN [%] 

Chamra and Mago [48] 0.34 11.5 12.8 
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1.5.13 Condensation Heat Transfer Coefficient Comparisons: Model 
by Han and Lee [50] 
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Figure 52. Calculated vs. experimental condensation heat transfer coefficients: model by Han and Lee [50].     
 
 

 

Table 26. Deviations from the experimental values of Han and Lee [50] model.  

 eR [%] eA [%] σN [%] 

Han and Lee [50] 14.4 14.8 9.58 
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1.5.14 Condensation Heat Transfer Coefficient Comparisons: Model 
by Koyama and Yonemoto [51] 
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Figure 53. Calculated vs. experimental condensation heat transfer coefficients: model by Koyama and 
Yonemoto [51]. 
 

 

Table 27. Deviations from the experimental values of Koyama and Yonemoto [51] model.  

 eR [%] eA [%] σN [%] 

Koyama and Yonemoto [51] 3.03 24.1 31.1 
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1.5.15 Condensation Heat Transfer Coefficient Comparisons: Model 
by Wang et al. [55] 
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Figure 54. Calculated vs. experimental condensation heat transfer coefficients: model by Wang et al. [55].      
 
 

 

Table 28. Deviations from the experimental values of Wang et al. [55] model.  

 eR [%] eA [%] σN [%] 

Wang et al. [55] -7.50 9.30 8.08 
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1.5.16 Condensation Heat Transfer Coefficient Comparisons 
The experimental values of the heat transfer coefficient were compared against the predictive 

procedures proposed by Cavallini et al. [37], Yu and Koyama [43], Kedzierski and Goncalves 

[46], Han and Lee [50], Chamra and Mago [48], Koyama and Yonemoto [51] and Wang et al. 

[55]. These comparisons are shown in Figure 48 to Figure 54. Average mean and standard 

deviations between data and models are reported in Table 29. 

The model by Cavallini et al. [37], which was developed by independent research databases, 

overpredicts the experimental heat transfer coefficients; this is probably due to the fact that 

the range of operating conditions of the data bank used for the development of the model is 

not sufficiently extended.  

The correlation by Yu and Koyama shows the ability to predict the experimental heat transfer 

coefficients only at low mass velocity. The latest correlation proposed by Koyama and 

Yonemoto [51], which modifies Yu and Koyama [43] equation, does not fit the R410A 

experimental heat transfer database.  

Han and Lee [50] model tends to overestimate experimental condensation heat transfer 

coefficients. Among the other three models, the correlations by Kedzierski and Goncalves 

[46] and by Wang et al. [55] show the best agreement with experimental data.  

On the whole, the model by Kedzierski and Goncalves [46] appears to be better than that by 

Wang et al. [55]: the correlation, which was obtained by regression of their own data, is able 

to capture the experimental trend of the heat transfer coefficient versus vapour quality. The 

predicted and experimental trends versus mass velocity do not perfectly match. 

 

Table 29. Deviations from the experimental values of the tested models.  

Model eR [%] eA [%] σN [%] 

Cavallini et al. [37] 65.4 65.4 18.8 

Yu and Koyama [43] 28.8 29.1 27.6 

Kedzierski and Goncalves [46] -2.34 7.63 8.63 

Chamra and Mago [48] 0.34 11.5 12.8 

Han and Lee [50] 14.4 14.8 9.58 

Koyama and Yonemoto [51] 3.03 24.1 31.1 

Wang et al. [55] -7.50 9.30 8.08 
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1.6 A New Condensation Heat Transfer Model 
1.6.1 Introduction 
In the last decades, several Authors have experimentally studied condensation inside microfin 

tubes measuring the heat transfer coefficient and the pressure gradient of different natural and 

synthetic refrigerants. 

Cavallini et al. [8, 56] have collected more than 4000 experimental measures of mean, quasi-

local and local condensation heat transfer coefficients in order to critically review the models 

available in the open literature and to develop a new computational procedure for heat transfer 

prediction. 

As described before, in recent years many researchers such as Cavallini et al. [37], Yu and 

Koyama [43], Kedzierski and Goncalves [46], Chamra et al. [47, 48], Koyama and Yonemoto 

[51] and Wang et al. [55] have suggested different simple semi-empirical models for the 

calculation of the heat transfer coefficient during condensation in horizontal helical microfin 

tubes. 

In the following, the predictions from the above models will be compared with experimental 

data, showing that no model seems to have general validity, even if some correlations provide 

more accurate predictions than others.  

A new original computational procedure to calculate the heat transfer coefficients of 

halogenated and natural refrigerants, pure fluids or nearly-azeotropic mixtures condensing in 

helical microfin tubes is then presented. This model takes into account the fluid physical 

properties, the geometrical characteristics of the tube and a simplified flow regime 

classification. 

This modelling procedure combines the accuracy of a two-phase flow based correlation and 

the simplicity of an empirical equation. 
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1.6.2 Experimental Database 
During the last ten years, the Two-phase Research Group of the University of Padova has 

generated a database of around 4000 experimental mean, quasi-local and local heat transfer 

coefficients collected from several independent laboratories. 

 

 

Figure 55. Characteristic geometrical parameters of microfin tubes. 
 

Table 30 summarizes the operating test conditions of all the available experimental test runs. 

In particular, Table 30 reports: number of the test runs Np, saturation temperature tsat, mean 

vapour mass quality x, mass flux G. Several fluids are included in this database and the 

reduced pressure varies between 0.05 and 0.67. The mean vapour quality ranges between 0.0 

and 1.0, the mass flux from 80 to around 900 kg m-2 s-1. 

Considering the nomenclature shown in Figure 55, Table 31 reports the geometrical 

characteristics of the tubes measured in the transversal cross-section: inner fin tip diameter of 

the tube D, number of fins ng, fin height h, apex fin angle γ and helix angle β. 

Inner tube surface geometries are characterized by the following parameters: 6mm<D<14mm, 

2l<ng<82, 0.12 mm<h<0.35 mm, 25°<γ<64°, 0°<β<30°. 

Although different Authors may use different definitions of the heat transfer coefficient, all 

values in the data bank have been recalculated and referred to the same heat transfer area, the 
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heat transfer area of the smooth tube with a diameter equal to the fin tip diameter of the 

microfin tube.  

 

Table 30. Intube condensation data: operating test conditions. 
Reference Np Fluid tsat 

[C] 
x 

[-] 
G 

[kg m-2s-1] 
ΔT 
[K] 

Tatsumi et al. [57] 8 22 36 0.00 - 1.00 100-300 / 

Shinohara and Tobe [58]  8 22 36 0.00 - 1.00 100-300 / 

Yasuda et al. [59]  14 22 40 0.00 - 1.00 120-326 / 

Hori and Shinohara [60]  7 22 40 0.00 - 1.00 250 / 

Schlager et al. [61] 13 22 39-43 0.15 - 0.90 133-487 / 

Schlager et al. [62] 15 22 40.5 0.15 - 0.85 205-550 / 

Eckels and Pate [63] 28 12, 134a  30-50 0.14 - 0.88 142-448 / 

Eckels et al. [64] 4 134a 40 0.15 - 0.90 141-390 / 

Eckels et al. [65] 61 12, 134a 38-41 0.10-0.90 90-384 1.5 – 5.4 

Eckels and Tesene [66] 610 22, 134a, 410A 39-53 0.10-0.90 135-650 0.8 – 12.4 

Torikoshi et al. [67,68] 23 22, 32, 134a, 
32/134a  

50 0.00 - 1.00 143-569 / 

Arosio et al. [69] 14 22 35 0.20 - 0.80 96-436 2.5 – 7.5 

EPRI [70] 44 22, 134a, 404A, 
407C, 502, 507 

51-53 0.00 - 1.00 163-868 1.2 – 8.0 

Webb et al. [71] 22 22 23.8 0.20 - 0.80 80-320 / 

Kedzierski and Goncalves [72] 1489 32, 125,  
134a, 410A 

22-51 0.00- 1.00 85-500 0.8 – 12.6 

Tang [73] 228 22, 134a, 410A 35-41 0.00 - 0.90 277-890 / 

Kwon and Kim [74] 42 22, 410A 31 0.85-0.05 97-202 / 

Thors and Bogart [75] 26 22, 134a, 410A 40.6 0.20-0.80 224-910 / 

Nozu and Honda [76] 52 11 29-50 0.05-0.951 134-516 0.8 – 10.7 

Miyara et al. [77] 64 410 40 0.05-1.00 109-435 0.8 – 12.3 

M.-H. Kim et al. [78] 43 22, 410A 45 0.10-0.85 292 1.0 – 3.2 

Cavallini et al. [3, 22, 23] 323 22, 134a, 410A 30-60 0.20-0.85 100-800 3.8 – 16.7 

Haraguchi [52] 190 22, 123,134a  48-70 0.10-0.95 107-319 0.8 – 11.3 

Zilli et al. [79] 25 744 -15 -25 0.10-0.90 220-440 3.0 – 6.0 

Colombo et al. [80] 46 134a 35 0.15-0.8 94-468 2.7 – 18.1 

Uchida et al. [81] 28 22 41 0.10-0.90 141-446 0.8 – 4.3 

 

The experimental data used for the validation of the model include CO2, pure halogenated 

refrigerants and near azeotropic mixtures. Only the data presenting ∆T>0.8 K have been 

considered. The data sets for which ∆T is not available are considered only for dimensionless 

gas velocity JG larger than 2.5 imposing ∆T=5 K. 

While most data are quasi-local, the data by Arosio et al. [69], Eckels and Pate [63], Eckels et 

al. [64], Eckels et al. [65], EPRI [70], Schlager et al. [62], Thors and Bogarts [75] exhibit 

medium or large quality variation in the test tube (∆x=0.6-1.0). In this case the computed 

value has been calculated at the mean vapour quality. 
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It has been pointed out that only 171 data points by Tang [73] are relative to condensation in 

axial microfin tubes, =0°; for these data the temperature difference ∆T is not available: the 

comparisons have been carried out for JG=2.5. 

 

Table 31. Intube condensation data: geometrical characteristics.  
Reference D  

[mm] 
ng 
[-] 

h  
[mm] 

  
[] 

  
[] 

Tatsumi et al. [57] 8.32-8.52 65 0.15-0.25 45 7-25 

Shinohara and Tobe [58]  8.52-8.68 60-65 0.12-0.20 25-80 7-25 

Yasuda et al. [59]  6.94-8.52 50-60 0.20-0.25 40 18-30 

Hori and Shinohara [60]  5.95-6.21 30-60 0.15-0.20 33-60 8-18 

Schlager et al. [61] 7.75-8.32 21-60 0.20-0.38 0-50 18-30 

Schlager et al. [62] 8.52-8.62 60 0.15-0.20 50 15-25 

Eckels and Pate [63] 8.32 60 0.20 50 17 

Eckels et al. [64] 8.52 60 0.20 50 17 

Eckels et al. [65] 8.52-11.5 60 0.2 50 17 

Eckels and Tesene [66] 8.51 60 0.203 51 18 

Torikoshi et al. [67,68] 6.14 50 0.18 40 18 

Arosio et al. [69] 8.52 60-65 0.15-0.20 53-90 18-25 

EPRI [70] 8.52 60 0.20 53 18 

Webb et al. [71] 14.18 74-80 0.35 30 15-27 

Kedzierski and Goncalves [72] 8.51 60 0.2 50 18 

Tang [73] 8.52 60-72 0.2 40-15 18 

Kwon and Kim [74] 8.52 60 0.2 53 18 

Thors and Bogart [75] 8.51 60 0.2 50 18 

Nozu and Honda [76] 7.96 47 0.24 64.2 20 

Miyara et al. [77] 6.08-6.11 50-60 0.21-0.19 40.9-26.2 18 

M.-H. Kim et al. [78] 8.52-8.47-8.53 60-65-54 0.2-0.25-0.195 53-40-25 18-22-15.5 

Cavallini et al. [3, 22, 23] 7.69 60 0.23 43 13 

Haraguchi [52] 8.16 60 0.16 41.7 18 

Zilli et al. [79] 5.97 54 0.15 45 18 

Colombo et al. [80] 8.53-8.25 54-82 0.195-0.185 40 18 

Uchida et al. [81] 6.06 50 0.22 25.4 12 
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1.6.3 Comparisons among Different Models 
1.6.3.1 Model by Cavallini et al. [37] 
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Figure 56. Calculated vs. experimental condensation heat transfer coefficients: model by Cavallini et al. 
[37]. 
 

Table 32. Deviations for Cavallini et al. [37] correlation (expressed in %). 

Data set Cavallini et al. [37] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

52 52 33 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

-0.54 22 35 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

25 27 30 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

9.0 26 32 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

34 35 29 

CFC data by Honda and Nozu [76]: R11 (Np=79) -50 54 35 
All database 3115 data points 20 32 38 
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1.6.3.2 Model by Yu and Koyama [43] 
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Figure 57. Calculated vs. experimental condensation heat transfer coefficients: model by Yu and Koyama 
[43]. 
 

Table 33. Deviations for Yu and Koyama [43] correlation (expressed in %). 

Data set Yu and Koyama [38] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

29 31 25 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

15 25 33 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

20 25 27 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

6.7 24 30 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

42 42 31 

CFC data by Honda and Nozu [76]: R11 (Np=79) -9.6 19 21 
All database 3115 data points 26 33 35 
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1.6.3.3 Model by Kedzierski and Goncalves [46] 
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Figure 58. Calculated vs. experimental condensation heat transfer coefficients: model by Kedzierski and 
Goncalves [46]. 
 

Table 34. Deviations for Kedzierski and Goncalves [46] correlation (expressed in %). 

Data set Kedzierski and Goncalves [46] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

-7.2 16 19 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

-14 23 28 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

-7.4 10 9.7 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

-28 29 15 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

-4.7 10 11 

CFC data by Honda and Nozu [76]: R11 (Np=79) -36 36 15 
All database 3115 data points -13 19 20 
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1.6.3.4 Model by Chamra et al. [47, 48] 
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Figure 59. Calculated vs. experimental condensation heat transfer coefficients: model by Chamra et al. 
[47,48]. 
 

Table 35. Deviations for Chamra et al. [47,48] correlation (expressed in %). 

Data set Chamra and Mago [47,48] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

-4.4 13 17 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

-24 29 23 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

-13 17 16 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

-17 25 25 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

1.7 18 23 

CFC data by Honda and Nozu [76]: R11 (Np=79) -46 46 20 
All database 3115 data points -9.9 22 26 
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1.6.3.5 Model by Han and Lee [50] 
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Figure 60. Calculated vs. experimental condensation heat transfer coefficients: model by Han and Lee [50]   
. 
 

Table 36. Deviations for Han and Lee [50] correlation (expressed in %). 

Data set Han and Lee [50] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

11 16 17 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

0.11 19 32 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

3.2 11 13 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

-5.4 21 26 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

18 22 19 

CFC data by Honda and Nozu [76]: R11 (Np=79) -31 34 24 
All database 3115 data points 7.1 21 27 
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1.6.3.6 Model by Koyama and Yonemoto [51] 
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Figure 61. Calculated vs. experimental condensation heat transfer coefficients: model by Koyama and 
Yonemoto [51]. 
 

Table 37. Deviations for Koyama and Yonemoto [51] correlation (expressed in %). 

Data set Koyama and Yonemoto [51] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

-8.8 23 27 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

-13 27 32 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

-15 25 25 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

-16 24 25 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

38 45 59 

CFC data by Honda and Nozu [76]: R11 (Np=79) -23 29 26 
All database 3115 data points 9.4 34 52 
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1.6.3.7 Model by Wang et al. [55] 
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Figure 62. Calculated vs. experimental condensation heat transfer coefficients: model by Wang et al. [55]. 
 
 

Table 38. Deviations for Wang et al. [55] correlation (expressed in %). 

Data set Model by Wang et al. [55] 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

17 32 54 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

22 36 51 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

-9.3 11 8.9 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

28 30 23 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

90 90 54 

CFC data by Honda and Nozu [76]: R11 (Np=79) 29 30 20 
All database 3115 data points 53 58 57 
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1.6.3.8 Summary 

In this paragraph, the experimental database is compared to the prediction of the models 

previously described. 

The experimental points in the data bank (including the data by Honda and Nozu [26]) are 

compared against prediction of different models and results are reported in Table 39, in terms 

of relative deviation (eR), average absolute deviation (eA) and standard deviation (σN).  

In order to give a clear overview of the behaviour of each model, the database has been 

subdivided in different data sets and the statistical parameters have been calculated and 

reported in a table located under each diagram. 

It has to be pointed out that the selected models have been developed considering databases 

with different tube geometries, operating refrigerants and test conditions. The aim of the 

comparisons is to validate the proposed models also outside of their regression database in 

order to present some additional information about their capacity to predict heat transfer 

coefficients in different applications. 

When comparing the experimental heat transfer coefficients with predictions from 

correlations, both are reduced to the same reference area. 

 

Table 39. Deviations evaluated all over the database, for the tested correlations (expressed in %). 

Model eR eA σN 

Cavallini et al. [37] 20 32 38 

Yu and Koyama [43] 26 33 35 

Kedzierski and Goncalves [46] -13 19 20 

Chamra et al. [47,48] -9.9 22 26 

Han and Lee [50] 7.1 21 27 

Koyama and Yonemoto [51] 9.4 34 52 

Wang et al. [55] 53 58 57 

 

With reference to Table 35, the equation proposed by Chamra and Mago [47,48] shows a 

good agreement with the high pressure refrigerant data points. For low and medium 

refrigerant categories, all selected models appear to be quite scattered. 

Equations by Kedzierski and Goncalves [46], Han and Lee [51], Wang et al. [55] display a 

very good behaviour when compared to the condensation heat transfer coefficients measured 

by Cavallini et al. [3,22,23]. 
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All applied models tend to underestimate the data points measured by Eckels and Tesene [66]. 

The equation proposed by Kedzierski and Goncalves [22] is the most accurate when applied 

to its original database. 

The data by Honda and Nozu [26] for R11 at reduced pressure pR = 0.028 are underestimated 

by almost all the applied models.  

Finally, when all data points are considered, the models by Kedzierski and Goncalves [46], 

Chamra and Mago [47,48] and Han and Lee [51] present the most accurate predictions.  

These comparisons show that no model seems to have general validity, though some 

correlations provide more accurate predictions than others. 

Therefore, a new original computational procedure to calculate the heat transfer coefficient of 

halogenated and natural refrigerants, pure fluids and nearly azeotropic mixtures condensing in 

helical microfin tubes has been developed.  
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1.6.4 Development of a New Correlation 
In the following there will be presented a new computational procedure to predict the heat 

transfer coefficient of halogenated and natural refrigerants, pure fluids or nearly azeotropic 

mixtures condensing in helical microfin tubes. This model takes into account the physical 

properties of the fluid, the geometrical characteristics of the tube and a simplified flow regime 

classification. This modeling procedure combines the accuracy of a two-phase flow based 

correlation and the simplicity of an empirical equation. The most important issues of the new 

correlation are explained in what follows. 

 

1.6.4.1 Simplified Flow Regime Map 

As highlighted before, this new computational procedure is based on a simplified flow regime 

map which descends from its homologue for condensation inside smooth tubes. 

Cavallini et al. [16] presented a model for the heat transfer coefficient during condensation in 

a smooth tube based on a simple flow regime subdivision. They only considered two flow 

regimes: the ∆T independent regime associated to high vapour shear forces and annular flow 

and the ∆T dependent flow regime associated to wavy and stratified flows. This simple flow 

regime map is described also in paragraph 1.1.4. Figure 63 shows the Cavallini et al. [16] 

transition for smooth tubes in the JG-Xtt chart, described by the following equation: 
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Where CT is set: 

 

for hydrocarbons CT is1.6 

for other refrigerants CT is 2.6 

 

In a microfin tube the liquid formed at the wall is drained into the spiral groove by combined 

surface tension, centrifugal and gravity forces, while vapour shear forces drive the condensate 

in the downstream direction. 
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Doretti et al. [20] observed flow patterns during condensation of refrigerants R410A, R134a, 

R236ea, flowing inside a smooth tube and a helical microfin tube. They plotted their visual 

observations on the Cavallini et al. [15, 16] map and found a good correspondence for the 

smooth tube, while they had to shift the annular-wavy stratified transition to lower values of 

the dimensionless gas velocity JG for the helical microfin tube. Figure 64 shows the Doretti et 

al. [20] transition for the microfin tube, which can be interpolated with the following 

equation: 
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Also visualization studies with air-water by Shedd and Newell [82] indicate that helical 

grooves tend to redistribute the liquid film, while the mean liquid film is thinner in tubes with 

18° helical grooves as compared to 9° helical, axial grooved and smooth tubes.  

From these studies it can be concluded that helical grooves promote and extend the range of 

annular flow.  

 
Figure 63. Cavallini et al. [15, 16] simplified flow regime map for smooth tubes. 
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Cavallini et al. [3, 22, 23] measured heat transfer coefficients during condensation of R22, 

R134a, R410A inside a microfin tube. Their experimental data show that at high 

dimensionless gas velocities the heat transfer coefficient does not depend on the temperature 

difference ∆T while it does at low JG. As explained in Figure 65, at intermediate values of JG 

and exactly at values of dimensionless gas velocities falling in the region between the smooth 

tube and the microfin tube transitions, (JG
T <JG < JG*), Cavallini et al. [3, 22, 23] heat transfer 

coefficients depend on temperature difference; in this region, even if annular flow is present, 

the heat transfer coefficient shows to be higher at lower ∆T. In Figure 64, the experimental 

data for R22, R134a, R410A at saturation temperature around 40°C and mass velocity G=200 

kg m-2 s-1 and G=400 kg m-2 s-1 are also plotted on the JG-Xtt map.  

Cavallini et al. [3, 22, 23] also showed that the experimental heat transfer coefficient increases 

with vapour quality and mass velocity. Furthermore, it increases when lowering reduced 

pressure and it is influenced by surface geometry.  

 
Figure 64. Transition for smooth and helical microfin tubes. The data points for G=200 kg m-2 s-1 and 
400 kg m-2 s-1 are also plotted. 
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Figure 66 plots the heat transfer coefficient as a function of non-dimensional gas velocity 

ratio. Generally speaking, the condensation heat transfer coefficient increases as the ratio 

increases. 
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Figure 65. Condensation heat transfer coefficient vs. vapour quality as a function of saturation to wall 
temperature difference. 
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Figure 66. Relationship between non-dimensional gas velocity ratio and heat transfer coefficient. 
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1.6.4.2 Geometrical Characteristics of Microfin Tubes 

Apex angle, helix angle, inner diameter, number of grooves, groove depth are the main 

geometrical parameters that influence condensation. 

Tsuchida et al. [83], Hori and Shinohara [60] and Houfuku et al. [39] experimentally studied 

the influence of the geometrical characteristics of microfin tubes on condensation heat 

transfer. 

In particular, they analysed the influence of fin height and of number of fins on condensation 

heat transfer coefficients. 

 

Number of fins 

 

Tsuchida et al. [83] and Hori and Shinohara [60] demonstrated that there is an optimum value 

for the number of fins with respect to both evaporation and condensation. 

In particular, as highlighted by Figure 67, considering mass velocities around 200 kg m-2 s-1, 

there is an optimal number of grooves which maximizes the condensation performance and 

this number increases with tube diameter. 

 

 

With a number of grooves higher than the optimal value, the cross-sectional total liquid flow 

area in the grooves becomes smaller and the liquid film on the inner surface thickens as 

suggested by Yasuda et al. [59]. The condensation heat transfer coefficient seems to increase 

with the helix angle (Bukasa et al.) [84], while there seems to be an optimal fin height. 

 
Figure 67. Relationship between number of fins and the heat transfer coefficient (Tsuchida et al. [83]). 
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Fin height  

 

 

This is confirmed by the experimental results found by Tsuchida et al. [83], as reported in 

Figure 68. It appears that the condensation heat transfer coefficient presents a maximum as a 

function of fin height. Hence, an optimum value of fin height exists which appears to increase 

with tube diameter. 

 

Colombo et al. [80] measured the condensation heat transfer coefficient inside two microfin 

tubes with different numbers of fins: 82 and 54. 

All the heat transfer models tested before overestimate the data for the 82 fins microfin tube 

because they only consider the mere increase of the heat transfer area. 

Starting from this consideration and from the results described by Tsuchida et al. [83], a 

parameter which takes into account the optimum value of the number of fins is proposed. 

The optimum number of fins is given by: 

 

 
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   
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                   0.8
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 Eq. 183 

 

 
Figure 68. Relationship between fin height and the heat transfer coefficient (Tsuchida et al.) [83]. 
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Where the term C is a constant that will be inserted in the final equation to introduce a 

correction with reference to the optimum fin number. 

Naturally, optimization is here intended only related to the heat transfer coefficient, with no 

consideration of the associated frictional pressure drop. 

The heat transfer area enhancement due to the presence of fins is taken into account by the 

following parameter: 

 

  
  


cos

1
1

2/cos

2/sin12













D

nh
Rx g  Eq. 184 

 

The geometry enhancement factor Rx is a function of the ratio of the inside surface area of the 

microfin tube divided by the inside area of the smooth tube with the fin tip diameter. 

 

1.6.4.3 Development of the Model Equations 

 

As described before, the heat transfer coefficient is defined with reference to the heat transfer 

area of the smooth tube with diameter D equal to the fin tip diameter of the microfin tube: 

 

1q
HTC

DL T



 Eq. 185 

 

The heat transfer coefficient is calculated as the combination of two terms: the heat transfer 

coefficient for the ∆T independent zone HTCA and the heat transfer coefficient for the ∆T 

dependent zone HTCD . 

 

0.3333 3
A DHTC HTC HTC     Eq. 186 

 

The forced convective condensation term HTCA is obtained as the product of the convective 

heat transfer coefficient for the smooth tube HTCAS, given by Cavallini et al. [16], by a 

function (term A) of the geometry enhancement factor Rx and the Froude number Fr. The term 

C (Eq. 183) acts to lower the heat transfer coefficient when the fin number ng is greater than 

the optimal value nopt for the given diameter D.  
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A ASHTC HTC A C    Eq. 187 
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  


                 
        

 Eq. 188 

 

Where: 

 

0.8

0.8 0.4 0.40.023 Re Pr 0.023 PrL L
LO LO L L

L

GD
HTC

D D

 


 
      

 
 Eq. 189 

 

and the two constants A and C are given by: 

 

-0.3821 0.35861+1.119 ( -1)  A Fr Rx    Eq. 190 

 

 
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 

 

  

 Eq. 191 

 

The heat transfer coefficient for the ∆T dependent zone HTCD is expressed as the function of 

the term C, the geometry enhancement factor Rx and the (∆T dependent) coefficient HTCD,S 

for smooth tubes (Cavallini et al. [16]). If the dimensionless gas velocity is lower than the 

transition gas velocity JG* (JG < JG*) the heat transfer coefficient is reduced through the 

constant C1. 

0.1206 1.466 0.6875 0.087
1 ,= [2.4 ( -1) 1] + (1- )D D S LOHTC C x Rx C HTC C x Rx HTC         Eq. 192 
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 Eq. 193 
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*

*
*

1                       if  

               if  

G G

G
G G

G

C J J

J
C J J

J

 

 
  
 

 Eq. 194 

 

Where JG* is calculated with Eq. 182 while ReLO, Fr and PrL are calculated with: 

 

LO
L

GD
Re


  

Eq. 195  2

2

GLgD

G
Fr

 
 Eq. 196 

L pL
L

L

c
Pr




  Eq. 197 

 

The model is valid for tubes with helical fins having fin height to diameter ratio h/D less than 

0.04. This model should be applied to halogenated refrigerants and carbon dioxide with 

reduced pressure 0.1<pR<0.67, vapour quality 0<x<1 and mass velocity ranging between 

90<G<900 kg m-2 s-1. 

The empirical constants in Eq. 190, Eq. 191 and Eq. 192 are obtained reducing 558 

experimental data points, selected with low experimental uncertainty, available temperature 

difference, different tube geometries and operative fluids. 

Precisely, with reference to Table 30 and Table 31, the following data sets are used in the best 

fitting procedure:  

 

186 points by Cavallini et al. [3,22,23] for R22, R134a and R410A;  

96 by Haraguchi [52] for R134a and R123;   

106 by Kedzierski and Goncalves [72] for R32; 

10 by Arosio et al. [69] for R22; 

52 by Miyara et al. [77] for R410A; 

39 by Kim et al. [78] for R22 and R410A; 

20 by Zilli et al. [79] for CO2; 

32 by Colombo et al. [80] for R134a; 

17 by Uchida et al. [81] for R22. 
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The present model provides a smooth trend for the heat transfer coefficient when the 

condensation proceeds, as shown in Figure 2: the predicted heat transfer coefficient for R134a 

condensing inside a microfin tube (inside fin tip diameter D= 7.69 mm, number of grooves 

ng=60 , fin height h = 0.23 mm, apex angle γ= 43° and spiral angle β= 13°) at 40 °C saturation 

temperature is plotted versus vapour quality in Figure 69, covering mass velocities in the 

range of 100–800 kg m-2 s-1. Saturation to wall temperature difference is kept constant (5 K). 

 

1.6.5 Comparisons Against Experimental Data 
 

The predictions from the proposed model have been compared against 3115 experimental data 

points, collected from several independent laboratories and listed in Table 30 and Table 31. 

This model should be applied with reference to the following constraints: 6mm<D<14mm, 

2l<ng<82, 0.12 mm<h<0.35 mm, 25°<γ<64°, 0°<β<30°. The experimental data used for the 

validation of the model include CO2, pure halogenated refrigerants and near azeotropic 

mixtures. Only data which present ∆T>0.8 K have been considered. The data sets for which 

∆T is not available are considered only for dimensionless gas velocity JG larger than 2.5 

imposing ∆T=5 K. In fact, for JG >2.5 the calculated annular component HTCA (Eq. 187) 
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Figure 69. Prediction of the heat transfer coefficient at constant mass velocity, G. 
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accounts for more than 90-95% of the total calculated heat transfer coefficient HTC (Eq. 186), 

as shown in Figure 70.  

 

 

Experimental and calculated heat transfer coefficients, obtained by means of the present 

model, are compared in the following diagrams. Figure 71 shows the results relative to R22, 

R134a and R410A experimental data by Cavallini et al. [2, 22, 23].  

The model shows a very good agreement with the experimental data points; the average 

deviation eR is -2.15% while the absolute deviation is eA= 6.20% with a standard deviation 

σN= 8.16%. 

Figure 72 and Figure 73 show the results relative to CO2 and to HCFC and HFC pure fluids 

and near azeotropic mixtures. Although some data sets relative to low pressure refrigerants 

are quite scattered, there is a good agreement between the model and the experimental data, 

especially for the high pressure refrigerants. Only data by Haraguchi [29] are underestimated 

more than 20%, the other data points are predicted within ±20%.  

0.5

0.6

0.7

0.8

0.9

1

1.1

1.2

1.3

0 2 4 6 8 10 12
J G  [ - ]

H
T

C
A

 / 
H

T
C

C
A

L
C

 [
 -

 ]

R22 R134a R410A

 
Figure 70. Calculated annular component HTCA divided by total calculated heat transfer coefficient vs. JG . 
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Figure 71. Application of the model to Cavallini et al. [2, 22, 23] data. 

0

4000

8000

12000

16000

0 4000 8000 12000 16000

HTC EXP  [W m-2 K-1]

H
T

C
C

A
L

C
 [

W
 m

-2
 K

-1
]

EPRI [70] Zilly et al.[79] Kim et al.[78]

Miyara et al. [77] Tang [73] Helical Thors and Bogart [75]

Cavallini et al.[3] Tang [73] Axial

-20%

+20%HIGH PRESSURE REFRIGERANTS: 
R32, R125, R404A, R410A and R744

 
Figure 72. Application of the model to high pressure refrigerant data. 
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Figure 73. Application of the model to low and medium refrigerant data. 
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Figure 74. Application of the model to Eckels and Tesene [66] data. 
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It has to be pointed out that only 171 data points by Tang [73] are relative to condensation in 

axial microfin tubes (β=0°). For this data the temperature difference ∆T is not available and 

comparisons have been carried out for JG>2.5. 

The comparison with Eckels and Tesene [66] data is reported in a separated graph (Figure 

74); the results appear quite scattered but the experimental data also present a high declared 

uncertainty. 

The comparison with Kedzierski and Goncalves [72] data, having a declared experimental 

uncertainty lower than ± 30%, is also reported in Figure 75. The model tends to slightly 

overestimate the experimental heat transfer coefficient and most of the data are calculated 

within ±20%.  

The ratio of calculated to experimental heat transfer coefficients for all high pressure and low 

pressure refrigerant data is plotted against the dimensionless gas velocity JG in Figure 76 and 

against the geometry enhancement factor Rx in Figure 77. Deviations do not show 

dependence on these parameters.  

On the whole, most of the data are within ±20% and the prediction capacity increases as the 

non-dimensional gas velocity rises. Plotted against the area enhancement factor, the same 

ratio does not show any dependence.  
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Figure 75. Application of the model to Kedzierski and Goncalves [72] data. 
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Figure 76. Ratio of calculated to experimental heat transfer coefficient vs. JG. 
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Figure 77. Ratio of calculated to experimental heat transfer coefficient vs. Rx. 
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When considering all the 3115 data points the average deviation eR comes to be 3.2% with 

eA = 16.5% and σN = 21.9%. In Table 40 average, absolute and standard deviations are 

summarized by subdividing the database into different data sets. 

Only data by Kedzierski and Goncalves appear to be overestimated (eR =20.0%, eA = 20.0%, 

σN =19.0 %), while the data by Nozu and Honda [76] for R11 at lower reduced pressure 

 pR = 0.028 are underestimated (eR =-27.6%, eA = 27.6%, σN = 9.8%).  

For the other data sets, the new procedure presents the most accurate predictions when 

compared to the models in the open literature. 

No data for hydrocarbons are included in the database. The model should not be applied to 

water and ammonia, as both fluids have high surface tension. 

 

Table 40. Deviations for the new correlation (expressed in %). 

Data set Present model by Cavallini et al. 

 eR eA σN 
High Pressure Refrigerants: R32, R125, R404A, 
R410A and R744 (Np=266) 

-3.8 9.1 11 

Low and Medium Refrigerants: R22, R123 and 
R134a (Np=694) 

-8.0 12 13 

Data by Cavallini et al. [3,22,23]: R22, R134a and 
R410A (Np=253) 

-2.2 6.2 8.2 

Data by Eckels et al. [66]: R22, R134a, R410A, 
R507A (Np=687) 

-13 16 16 

Data by Kedzierski and Goncalves [72]: R32, R125, 
R410A and R134a (Np=1389) 

20 20 19 

CFC data by Honda and Nozu [76]: R11 (Np=79) -28 28 9.8 
All database 3115 data points 3.2 17 22 
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1.7 Conclusions 
Microfin tubes are widely used in air and water cooled heat exchangers for heat pump and 

refrigeration applications during condensation or evaporation of refrigerants. In condensation, 

microfin tubes show a heat transfer enhancement, compared to equivalent smooth tubes under 

the same operating conditions. 

In this thesis, experimental convective condensation measurements for R410A inside a 

microfin tube were presented. Both heat transfer and pressure drop measurements were 

provided. Test runs were carried out in the two-phase laboratory at the Dipartimento di Fisica 

Tecnica of Padova University. 

In general, the value of the condensation heat transfer coefficient increases with increasing 

vapour quality and mass velocity. At 200 kg m-2 s-1 the condensation heat transfer coefficient 

for R410A follows the qualitative trend found by Cavallini et al. [22, 23] for R22 and R134a. 

in fact, the heat transfer coefficient rises more than linearly at high vapour quality, while it 

decreases more than linearly at low vapour quality. 

The results are the same when the enhancement factor (EF) is considered. 

The enhancement factor EF is defined as the ratio between the heat transfer coefficient in the 

microfin tube and the heat transfer coefficient in an equivalent ID smooth tube at the same 

operating conditions (the internal diameter ID at the fin tip is taken as a reference in the 

microfin tube and the condensation heat transfer coefficient for smooth tubes is calculated 

with Cavallini et al. [16] model).  

The heat transfer enhancement factor depends on mass velocity and vapour quality. Again, at 

200 kg m-2 s-1, the EF rises more than linearly at high vapour quality, while it decreases more 

than linearly at low vapour quality. Moreover, at this mass velocity the EF reaches its 

maximum value of 2.6 at around x=0.8. At higher mass velocities, the EF appears to be quite 

constant with vapour quality. At 400 kg m-2 s-1, the EF is equal to the effective area 

enhancement while at 800 kg m-2 s-1 the heat transfer coefficient is only around 50% higher 

than in the smooth tube. 

This behaviour can be explained considering the flow pattern inside the microfin tube; in fact, 

the micro-fins promote the annular flow pattern, leading to the maximum enhancement at a 

certain value of mass velocity, as reported in Cavallini et al. [7]. 

Several different heat transfer correlations suggested in the open literature were chosen to 

evaluate the R410A condensation heat transfer coefficient. 
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The most accurate predictions are given by Kedzierski and Goncalves [46], Han and Lee [50] 

and Chamra et al. [47,48] models. 

Two-phase pressure drops both during condensation and under adiabatic operating conditions 

were also measured. The frictional pressure gradient increases with increasing vapour quality 

and mass velocity and a good agreement between condensation and adiabatic values was 

found. 

Experimental pressure gradients were compared against correlations available in the open 

literature for the prediction of the two-phase frictional pressure gradient. 

The best agreement was found using the correlation by Haraguchi et al. [28] and Equation B 

of the model by Goto et al. [35]: most data points were predicted within ±20%. 

Furthermore, analytical work was carried out to suggest a new heat transfer correlation for the 

estimation of the condensation heat transfer coefficient. 

A new predictive procedure to compute the heat transfer coefficient during condensation 

inside horizontal microfin tubes with h/D<0.04 and a helix angle between 0 and 30° was 

developed. 

This simple and easy-to-use model is suitable for condenser design and modeling 

applications, it includes a simple and objective criterion for the definition of the transition 

between two different flow categories: annular and wavy-stratified flow.  

The model has been developed from an extensive analysis of 3115 experimental heat transfer 

data points including different inner tube surface geometries, characterized by the following 

parameters: 6mm<D<14mm, 2l<ng<82, 0.12 mm<h<0.35 mm, 25°<<64°, 0°<<30°.  

Its structure allows to clearly point out the influence of the various parameters, as it accounts 

for the geometrical characteristics of the microfin tube, the fluid thermodynamic and 

thermophysical properties and, finally, the two-phase flow pattern. 

For validation the model was compared against a total of 3115 data points relative to HCFCs, 

HFCs (pure fluids or near azeotropic mixtures) and carbon dioxide from several independent 

laboratories all over the world, obtaining an average deviation eR = 3.2%, an absolute mean 

deviation eA = 16.5%, and a standard deviation σN = 21.9%. The model can be applied when 

0.1< pR <0.67. 

Other models have been compared against the available database. On average,  the equations 

by Kedzierski and Gongalves [46], Han and Lee [50] and Chamra and Mago [47, 48] exhibit 
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pretty good agreement with the experimental data points. On the other hand, in some cases, 

they appear to be more scattered than the new computational procedure. 

 

Finally, in this first part of the Ph. D. thesis, a comprehensive study of the condensation of 

halogenated and natural refrigerants inside enhanced tubes was presented, in particular, 

R410A condensation heat transfer coefficients and pressure drops inside a microfin tube were 

measured and compared with different correlations suggested in the open literature. 

Moreover, a large experimental database was completed and a new computational procedure 

for calculating the condensation heat transfer coefficient was developed and tested, giving 

very good results when compared with other models proposed in the open literature. 

A possible extension of this work would be to develop a new correlation for frictional 

pressure gradient calculation based on an extended database including the most recent 

experimental measurements from the open literature. 
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1.8 Nomenclature  
 

Across  cross-sectional area of the smooth tube referred to the fin tip diameter [m2] 

Aeff  effective free-flow cross sectional area [m2] 

cp  specific heat capacity [J kg-1 K-1] 

D  fin tip diameter [m] 

db  fin root diameter [m] 

dh  hydraulic diameter [m] 

(dp/dz)  pressure gradient [Pa m-1] 

eP  deviation [%] 

eA  mean absolute deviation [%] 

eR   mean relative deviation [%] 

f  friction factor  

g  gravitational acceleration [m s-1] 

G  mass flux or mass velocity [kg m-2 s-1] 

h  fin height [m] or specific enthalpy [J kg-1] 

hLG  latent heat [J kg-1] 

HTC  heat transfer coefficient [W m-2 K-1] referred to the fin tip diameter 

HTCb  heat transfer coefficient [W m-2 K-1] referred to the fin root diameter 

HTCe  heat transfer coefficient [W m-2 K-1] referred to the total heat transfer area 

i  uncertainty [%] 

L, l  tube length [m] 

m   mass flow rate [kg s-1] 

Np   number of experimental data points 

ng    number of grooves, number of fins 
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p  pressure [Pa] 

pcr  critical pressure [Pa] 

P  perimeter [m] 

p  pressure difference [Pa] 

q  heat flow rate [W] 

t  temperature [K] 

T  temperature difference [K] 

u  velocity [m s-1] 

x  vapour quality 

x  vapour quality change 

  

Non-dimensional Number 

 

Pr  Prandtl number 

Re  Reynolds number 

Bo  Bond number 

Ph  Phase change number 

Ga  Galileo number 

Fr  Froude number 

We  Weber number 

JG  non-dimensional gas velocity 

pR  reduced pressure [-] 

Rx  geometric enhancement factor 

Xtt  Lockhart-Martinelli parameter 
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Greek Symbols 

 

  spiral angle [rad]    

   apex angle [rad] 

ε  void fraction 

  thermal conductivity [W m-1 K-1] 

  dynamic viscosity [kg m-1 s-1] 

  density [kg m-3] 

N   standard deviation 

τ  shear stress [Pa]  

 

Subscripts 

 

A  T-independent flow regime 

CALC  calculated 

D  T-dependent flow regime 

EXP  experimental 

eq  equivalent 

G  gas phase 

GO  gas only 

ho  homogeneous 

in  inlet 

L   liquid phase 

LO  liquid only 
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out  outlet 

ref  refrigerant 

sat  saturation 

strat  stratified 

w  water 
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2.1 Introduction 
With the trend towards further miniaturization of electronic packages, the thermal design 

problem is recognized as one of the factors limiting the achievement of higher packaging 

densities. The reliability of machines is, therefore, becoming more critically dependent on the 

accuracy of heat transfer analysis, which traces the heat flow from the chip to the air. High 

power dissipation may require new cooling techniques but, where possible, direct air cooling 

still remains an attractive method because of its mechanical simplicity [1]. 

Microelectronic devices, which include a variety of applications such as PCs, servers, laser 

diodes, electronic packaging for aeronautical and aerospace crafts are constantly pushing the 

heat transfer flux density requirements to higher levels [2]. Efficient heat spreaders and 

dissipators and compact heat exchangers are in great demand for various applications.  

Even if the specific heat fluxes in electronic applications are continuously growing, the chip 

operating wall temperature must be kept lower than 70 °C. In the last years, also novel 

cooling techniques, such as single and multiple impinging air jets [3-6], ionic wind [7] or 

miniature heat pipes [8], thermoelectric coolers, liquid cooling (liquid heat sinks and direct 

immersion cooling) [9, 10] and two-phase flow heat sinks [11, 12], have been proposed to 

take electronics to the densities and speeds which next generation application demands. 

On the other hand, it is clear that air represents the safest and cheapest operating natural fluid 

for these applications. It is therefore important to find some new technological solutions 

permitting to increase its heat transfer capabilities. 

In the past decades, many technologies, such as plain and louvered fins, pin fins, offset strip 

fins and wire screens, have been developed to increase the heat transfer area density of heat 

sinks without loosing the necessary compactness [13-17]. 

The problem is that conventional air cooling techniques are no longer adequate, since Saini 

and Webb have demonstrated that there is an upper heat rejection limit for traditional air 

cooling systems [18]. However, novel structures, such as metal honeycombs, cellular 

structures materials both stochastic and periodic, have recently been proposed as possible 

substitutes for the traditional ones. 

Cellular materials exhibit two predominant topologies: stochastic (foamed) and periodic [19]. 

Metal foams present random microstructures consisting of randomly oriented open cells, 

which are mostly homogeneous in size and shape. Most commercially available metal foams 

are based on aluminum, copper, nickel and metal alloys [20]. Very interesting stochastic 
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porous materials are carbon foams, which are receiving special attention for their potential 

applications in several areas of thermal management [21]. 

 

 
Figure 78. Aluminum metal foam (photography). 
 

Periodic cellular structures include lattice-frame materials (LFM), consisting of a 3D network 

of rods, and prismatic materials, which are 2D periodic channels. LFM are extremely stiff and 

strong, qualities that make them the ideal candidates for multifunctional structures requiring 

both heat dissipation and mechanical load carrying capabilities [22]. 

Several relevant studies concerning single-phase heat transfer characteristics of cellular 

structure materials are reported in the open literature. Kim et al. [22] have experimentally 

studied the heat dissipation of aluminum lattice-frame materials. Tian et al. [19] have 

investigated the heat transfer behaviour of cellular copper structures. Wen et al. [23] have 

tested different copper and stainless steel honeycombs during forced-air convection. Lu [24] 

has studied the thermal efficiency of metal honeycombs.  

 

 
Figure 79. Example of copper honeycomb (left) and 2D copper structure (right) (photo by Tian et al. [19]).  
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Experimental measurements of single-phase heat transfer and pressure drops across aluminum 

foams have been done by Calmidi and Mahajan [25], Hsieh et al. [26], Kim et al. [27], Hwang 

et al. [28].  

Kim et al. [29] have experimentally characterized the thermal performances of FeCrAlY 

metal foam.  

Though several research works have been performed all over the word, more experimental 

measurements are needed to fully characterize the thermal fluid-dynamic behaviour of these 

new enhanced surfaces. 

In this work, a new experimental set-up has been designed, developed, built and started up in 

order to make heat transfer and pressure drop measurements during single-phase air flow 

through different enhanced surfaces, such as traditional plain and louvered finned surfaces, 

offset pin fins, cellular structure materials both stochastic and periodic and microgeometries. 

This project has been supported by the University of Padova within the framework of a 

program called “Progetti di Ricerca di Ateneo”. 

In the following, the development of the new experimental test rig considering all innovative 

implemented solutions, the design process and the test rig validation will be presented.  

Then, in a separated chapter, the experimental heat transfer and pressure drop measurements 

of air forced convection through five different aluminum metal foams will be reported.  

All collected experimental data will be used to test available semi-empirical correlations and, 

when necessary, to develop new ones for the prediction of the heat transfer coefficients and 

pressure drops for air flow on different geometries which can be applied in compact heat 

exchanger design. 
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2.2  Development of New Test Equipment 
2.2.1 Outlines 
In the following, the work done to design, develop and build the new test facility at the 

laboratory of the “Dipartimento di Fisica Tecnica” of the University of Padova will be 

explained.  

Since these new enhanced surfaces display different fluid-dynamic behaviours as compared to 

the traditional finned surfaces for electronic cooling applications, a complete literature review 

has been carried out. This work has allowed to understand the experimental constraints and 

difficulties which we would have found during the design of the test facility. 

Thanks to this review, a new test equipment has been designed. It is able to measure heat 

transfer coefficients and pressure drops during air forced convection through different 

enhanced surfaces under a wide range of operating conditions. 

Therefore, this chapter starts with a brief summary of the most important results of the 

literature review done initially. Then the design, development or selection of the different 

parts of the test rig will be deeply discussed, in order to highlight the innovative technical 

solutions, the possibilities and the limits of this new test facility. 

 

2.2.2 State of the Art 
In the last decade, several research groups all over the world have focused their attention on 

new enhanced surfaces, called cellular structure materials, which have been proposed as 

possible substitutes of traditional finned surfaces. 

This new class of heat transfer surfaces will be described in the next chapters, where the 

experimental test campaigns will be reported in terms of heat transfer coefficient and pressure 

drop measurements. 

As already mentioned, cellular materials exhibit two predominant topologies: stochastic 

(foamed) and periodic [19]. Metal foams have random microstructures consisting of open 

cells which are randomly oriented and mostly homogeneous in size and shape, while periodic 

cellular structures include lattice-frame materials (LFM) consisting of a 3D network of rods 

and prismatic materials which are 2D periodic channels (honeycombs). 

Starting from the works concerning the stochastic cellular structure material, Calmidi and 

Mahajan [25] characterized the heat transfer behaviour of different aluminum foams which 

were inserted in a wind tunnel. The measurements were conducted by heating the base of the 
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foam and using air as the coolant. Calmidi and Mahajan [25] studied 7 tested aluminum foams 

which presented a variable number of pores per inch (PPI): 5 to 40 PPI, with variable porosity 

between 0.89 and 0.97. A schematic of the test facility built by Calmidi and Mahajan [25] is 

drawn in Figure 80.  

 

 
Figure 80. Schematic of the test rig used by Calmidi and Mahajan [25] (left); a particular of the heating part 
of the test section (right). 
 

The Authors [25] tested samples measuring 63 mm height, 45 mm depth and 196 mm length. 

The test facility was a wind tunnel where air was supplied by connecting the plexiglass tube 

to a fan/motor assembly downstream of the test sample. The test section was the main 

working area of the wind tunnel. Very low conductivity Styrofoam was used to block the 

space around the sample to fully prevent flow bypass. As it appears from the scheme, the air 

flow rate was measured by means of a volumetric flowmeter, consisting of an orifice plate 

located between two flanges connected to a differential pressure transducer. The air flow rate 

was obtained according to ISO-5167-1:1991. 

Four electrical pads were used to heat the samples, thirty six thermocouples were located 

along the center line to measure the wall temperatures. Finally, the heat power was supplied 

by the upper plate of the specimen. 

The power input to the patch heaters was set between 15 and 35 W. The temperature at the 

inlet of the test section was measured, but no temperature transducers were located at the 

outlet of the sample. 

Thus, the heat balance between the electrical power and the air was not being controlled, and 

the heat transfer coefficient was referred to the inlet temperature, not to the logarithmic mean 

temperature difference. Finally, the base area was used to calculate the heat transfer 

coefficient. 
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Pressure drops were measured by drilling pressure taps into the aluminum plate at various 

axial locations of the metal foam. Axial locations were chosen after allowing for a 

conservative flow developing length of around 75 mm. 

They found that the experimental Nusselt number rises with the Reynolds number. In 

addition, at constant number of pores per inch (PPI), the Nusselt number appears to be higher 

at higher porosity values. 

Uncertainties of ±4.3% and ±4.1% were reported for heat transfer coefficients and pressure 

drops, respectively. 

Hsieh et al. [26] carried out an experimental study to characterize the heat transfer 

characteristics of several heat sinks made of aluminum metal foams with different porosities 

(0.87-0.96) and PPI (10-40).  

Hsieh et al. [26] also experimentally analyzed the effect of porosity in heat transfer. They 

measured the heat transfer performance of four samples with 20 PPI and different porosity.  

The experimental test rig consists of a vertical wind tunnel in which a cylindrical heat sink is 

located in the base and the air flows from the top side to the bottom side. The heater is a 

copper plate heated by an electrical pad. The foam base temperature is measured by means of 

a set of thermocouples. 

The Nusselt number increases with the increasing of porosity. At constant porosity, they 

found that the heat transfer performance is better at higher PPI levels. 

Kim et al. [27] experimentally studied the heat transfer in forced convection of air through 

aluminum foams. Figure 81 shows a schematic of the test rig. Instead of a fan, the Authors 

used a compressor to pump the air through the test channel. A different boundary condition 

was imposed in the experiments: a constant temperature of the top side of the sample was 

maintained by means of a hot bath located over the upper wall of the channel. The maximum 

wall temperature obtainable with this technical solution was 50 °C.  

The two channel walls (bath and test section) were fastened together using six C-shaped 

clamps to reduce the thermal contact resistance between the wall bath and the specimen. As 

the compression loading was increased, convective heat transfer rate approached an 

asymptotic value which was considered as a condition for minimal contact resistance. Five 

thermocouples were vertically distributed at 5 mm downstream of the test section to measure 

the bulk temperature of the air at the exit. The heat transfer coefficient was referred to the 

logarithmic mean temperature difference between air and channel walls.  
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The Authors tested three foams which presented 10, 20 and 40 PPI with a constant porosity of 

0.92. The samples were inserted into a plexiglass rectangular channel imposing a constant 

wall temperature as a boundary condition. The Authors found that at constant Reynolds 

number the heat transfer performance was improved by varying the number of pores per inch 

from 10 to 40. On the other hand, the 40 PPI aluminum foam presented the highest pressure 

drop during single-phase air heat transfer. The uncertainty of the heat transfer coefficient was 

estimated to be less than ±12.3%. For the pressure drop measurements, an inclined 

manometer was used, but uncertainty was not mentioned in the paper. 

 

 
Figure 81. Schematic of the test rig used by Kim et al. [27]. 
 

Kim et al. [28] analyzed the heat transfer characteristics of different FeCrAlY foams in the 

test rig shown in Figure 82. The experimental apparatus consisted of four main sections: 

coolant supply, test section, test model and data acquisition system. Air at ambient condition 

was used as the coolant and it was drawn through the channel by an air suction device. A 

honeycomb and a wire screen were inserted in the channel before the contraction. Then, the 

coolant passed through a 9:1 contraction and a parallel section, in which the ratio of section 

length to channel height was 20, before it reached the test section. A flow rate regulator was 

located between the exit of the test section and the suction device. A silicon rubber etched foil 

heater produced by Watlow Inc. was used to heat the sample. 

Uncertainty in the heat transfer measurements was reported to be less than ±5.0%. The 

pressure drops across the FeCrAlY foams were measured with a differential pressure 

transducer with an accuracy of ±5.0% connected to four static pressure drop taps placed on 

the top substrate along the flow direction. Two T-Type thermocouples were positioned 

separately at the inlet and outlet of the test section at mid-height of the channel to measure the 
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air temperature gain. The Authors defined a volumetric heat transfer coefficient. The thermal 

performance of these metal foams was penalized by their low thermal conductivity. 

Kim et al. [22] analyzed the behaviour of aluminum lattice-frame materials during single-

phase heat transfer using air as the coolant. The data were collected in the test rig described in 

Figure 82., already mentioned. The samples were inserted into a rectangular channel and 

heated by an electric pad.  

 

 
Figure 82. Schematic of the test rig used by Kim et al. [22, 28] and Wen et al. [23]. 
 

The pressure drops across the lattice-frame materials were measured by means of a 

differential transducer connected to two pressure taps at the inlet and outlet of the heated 

section. Uncertainties were estimated to be less than ±5.0% for both heat transfer coefficients 

and pressure drops. 

Tian et al. [19] performed heat transfer and pressure drop measurements during single-phase 

heat transfer across different cellular copper structures heated by an electric pad located at the 

bottom face sheet of the test specimen. The Authors used the test rig shown in Figure 82. The 

samples were inserted into an open-circuit suction-type wind tunnel with rectangular cross 

shaped section. The heat transfer coefficient was referred to the bulk inlet temperature. The 

Authors declared uncertainties of ±5.0% and ±5.3% for pressure drops and heat transfer 

coefficients, respectively.  

Recently, stainless and copper honeycomb structures were experimentally characterized by 

Wen et al. [23], who measured heat transfer coefficients and pressure drops during single-

phase air heat transfer. 
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Metal honeycomb heat sinks were inserted into an open circuit type wind tunnel like that of 

Figure 82 and heated by electrical pads. The heat transfer coefficient was referred to the base 

area using the inlet temperature of the air. 

Wen et al. [23] studied several topologies of metal honeycombs with different hydraulic 

diameters and channel shapes. They also investigated the influence of materials in the heat 

transfer behaviour by testing both stainless steel and copper honeycomb structures. 

Uncertainties of ±6.4% and ±2.83% were reported for heat transfer coefficients and pressure 

drops, respectively. 

Del Col et al. [30], and successively Cavallini et al. [31], collected different sets of 

experimental data points measured by several research groups in order to understand the 

effective heat transfer capabilities of these new enhanced surfaces. In these works, a possible 

method for comparing different enhanced surfaces for electronic cooling systems was 

proposed. 

Not all of the experimental heat transfer coefficients were defined in the same way. A 

complete revision of the different data sets has been carried out in order to build a 

homogeneous database. 

 

Table 41. Major morphological characteristics and principal test conditions. 

Author Topology Material Porosity, ε** PPI*** U [m/s] 
Kim et al. [22] P.S. Aluminum 0.94 / 2.0-26.0 
Tian et al [19] P.S. Copper 0.68-0.80 / 1.0-14.0 
Wen et al. [23] P.S. Copper 0.68-0.86 / 2.0-26.0 

Calmidi and Mahajan [25] Foam Aluminum 0.90-0.97 5-40 0.0-5.0 
Hsieh et al. [26] Foam Aluminum 0.87-0.96 10-40 0.5-4.0 
Kim et al. [27] Foam Aluminum 0.92 10-40 1.0-5.0 
Kim et al. [28] Foam FeCrAlY 0.82-0.92 10-60 2.2-16.0 

 

Some interesting suggestions for the design of a new test rig were inferred from this brief 

literature review. First of all, only one study reported a constant wall temperature as a 

boundary condition (Kim et al.) [27], all other Authors imposed a heat flux at the top or 

bottom of the samples. 

Secondly, since nobody measured the outlet air temperature, with the exception of 

Kim et al. [28], the heat balance between the input electrical power and the air was not 

performed, and the heat transfer coefficient was almost referred to the inlet air temperature. 
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This is a critical point for all these experimental works since, if the heat balance between the 

supplied electrical power and air heat flow rate is within ± 5%, the accuracy of the 

measurements can be assured. 

The aim of the new experimental test rig designed during this Ph.D. work is to measure the 

heat transfer behaviour of different new enhanced surfaces and microgeometries in a range of 

operating conditions as wide as possible. 

When a fan is used to supply the desired air flow rate, the pressure drops across the test rig 

control the amount of air moved. Hence, the experimental pressure gradients measured by the 

Authors listed in Table 41 were studied. 

 

Figure 83, Figure 84, Figure 85 and Figure 86 report the experimental pressure gradients 

measured during air forced convection through cellular structure materials: the first two 

figures refer to periodic materials, the second two refer to stochastic materials. 
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Figure 83. Pressure gradient of two different honeycomb structures tested by Wen et al. [23]. 
 

This new enhanced surfaces present high pressure drops as compared with the traditional 

finned surfaces used in electronic cooling applications. 
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Figure 84. Pressure gradient of two different honeycomb structures tested by Wen et al. [23]. 
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Figure 85. Pressure gradient of three different aluminum foams tested by Kim et al. [27]. 
 

As it appears from Figure 86, a 60 PPI FeCrAlY at 0.01 kg s-1 presents a pressure gradient of 

over 120 kPa m-1. 

As one can see in Figure 87, at the same operating conditions the stochastic cellular structure 

materials (foams) exhibit higher pressure gradients than the periodic structures. 

In fact, at around 0.004 kg s-1 the honeycomb structures present a pressure gradient of 4 kPa 

m-1 while that of metal foam is of 14 kPa m-1.  
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Figure 86. Pressure gradient of three different aluminum foams tested by Kim et al. [28]. 
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Figure 87. Comparison between periodic and stochastic cellular structure materials (data by Wen et al. [23], 
Kim et al. [27]). 
 

In this brief literature review, only pressure drops and measurement techniques were deeply 

analysed, in order to find the most useful design solutions. 

The heat transfer behaviour of cellular structure materials was analysed in Del Col et al. [30] 

and in Cavallini et al. [31], where different enhanced surfaces have been compared against a 

traditional finned surface for electronics cooling applications which was optimised by Saini 

and Webb [18]. 
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2.2.3 Components Development, Design or Selection 
In this paragraph, the development, the design or the selection of the most important 

components of the test facility will be completely analysed. First of all, a brief overview of 

the test facility will be given, then the designed or selected components will be illustrated. 

Finally, the test facility components will be discussed. 

 

2.2.3.1 Overview 

This overview of the new experimental set-up begins with Figure 88, which describes the 

meaning of the three most important words in this work: development, design and building. 

 

Figure 88. The development, the design and the building of the new experimental set-up. 
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The scheme illustrated in Figure 88 has been adopted in the development, design and building 

of the new test rig. This approach reveals to be very useful as it synthesizes and gathers the 

most important technical information.  

As it results from the analysis of Figure 88, the idea first takes the form of a simple flowchart 

in which the most important components (valves, flowmeter, power supply and chamber), 

parameters (temperatures, gauge or differential pressures) which will be measured and 

technical solutions (chamber, components locations, etc.) are inserted and highlighted.  

This first flowchart permits to select or design the components which can entail new 

constraints in the test rig design. For instance, the pressure control valve position (1) implies 

that the connection channel between the valve and the flowmeter has to be longer than a fixed 

length.  

The second step, summarized by the word design, permits to draw the possible layout of the 

test rig. This operating layout takes into account all the distance or volume constraints linked 

to components selection. The layout gives the first operating idea of the possible shape of the 

test rig and its work area as compared to the total volume of the room. 

If the technical solutions obtained from the development (flowchart) do not match the 

operating layout (i.e., the work area is bigger than the room) (design), new constraints have to 

be considered in the selection or design of the different components.  

Finally, the result of this procedure is reported in the last part of the figure: it is the effective 

test rig.  

Considering the literature review, an open-circuit type wind tunnel with a rectangular cross 

section was selected as test facility typology. 

The second step was to decide what kind of air supplier achieved the best compromise 

between the constraints highlighted by the different enhanced surfaces (pressure drops) and 

the operating test conditions. 

Therefore, since the pressure drops of these cellular structure materials are orders of 

magnitude higher than those of traditional finned surfaces, and in order to ensure the most 

open operating test conditions for all the possible test samples, a compressor was chosen as 

air supplier. 

The experimental set-up can be subdivided into two parts: the first one consists in an Air 

Compressor Workplace, while the second is the true experimental test part. 
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Figure 89 shows a schematic of the Air Compressor Workplace, where it is possible to find: 

(1) the compressor, (2) a R134a drier, (3) a set of filters and (4) a 500 L air receiver. 

The compressor is an air cooled GA 7 VSD workplace full feature produced by Atlas Copco. 

The screw compressor is able to provide a variable volumetric air mass flow ranging between 

0 and 90 m3h-1 at a constant gauge pressure of 7 bar.  

The humid and oiled compressed air is dehydrated by a R134a drier to the dew point 

temperature of 3°C and then filtered by a set of filters, in order to remove water, oil and 

particulate materials.  

 

Figure 89. Air Compressor Workplace: scheme and photos. 
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As shown in Figure 89, an additional active carbon filter is located before the 500 L air 

receiver to eliminate the residual oil up to 3 ppm. 

The whole test facility is made of stainless steel AISI 316 L, with the exception of the 500 L 

air receiver, which is made of zinc coated steel.  

In order to limit pressure drops through the channels connecting the different components of 

the test facility, the inner diameter was set to 51 mm, with a circular cross-sectional area. 

In Figure 90 are shown a schematic and some photos of the second part of the test facility. 

This is the effective experimental test sector, and includes: pressure and mass flow control 

valves, the volumetric flowmeter, the test section with the power supply and the data 

acquisition system. 

Compressed air at 7 bar is drawn from the air receiver to the test part. As plotted in Figure 90, 

the inlet air is elaborated by a pressure control valve designed to reduce the pressure between 

7 bar and atmospheric condition. After that, according to EN ISO 5167-1:1997/A1:2000 [32], 

a volumetric orifice flowmeter, equipped with a high-precision differential pressure 

transducer, measures its flow rate. 

Afterwards the air flows in a 70 L calm chamber, then through the inlet tube to the test section 

and finally it arrives to the flow rate control valve and is discharged to the atmosphere.  

The connection tube from the chamber to the test section is 1.1 m long, with a rectangular 

cross section with a width of 100 mm and a height of 60 mm. It was designed to permit the 

full development of the air flow. The discharge tube is 0.6 m long and it has a rectangular 

cross section with the same geometrical characteristics of the inlet duct. 
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Figure 90. Experimental test part: scheme and photos. 
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Figure 91 reports the experimental test section, made of stainless steel AISI316L and with a 

width of 300 mm, a length of 300 mm and a height of 200 mm, fitted with a suitable Bakelite 

channel. 

 

 
Figure 91. Photo of the test section fitted with a suitable bakelite channel. 
 

The test sample is located inside the stainless steel test section and it is heated from the 

bottom by means of a copper plate machined to allow the passage of an electrical wire 

resistance powered by a 900 W DC power generator.  

Temperatures at the inlet and outlet of the specimen are measured by means of two grids 

equipped with T-Type thermocouples. As shown in Figure 90, the absolute pressure is 

measured in two places by means of two transducers: one is located on the inlet flange of the 

volumetric flowmeter, the other one before the test section. In addition, two differential 

pressure transducers are used to measure pressure drops across both the calibrated orifice 

flowmeter and the test sample. 

Finally, all the data are recorded by an acquisition system consisting in an Agilent HP34970A 

digital multimeter and elaborated by a visual data program developed in LabView 6.0 

ambient. 
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2.2.3.2 Air Compressor Workplace 

As described before, the compressor workplace consists of a screw compressor, a R134a 

drier, a set of filters and a 500 L air receiver. These components are illustrated in Figure 92. 

 

 

Figure 92.  Schematic (left) and photo (right)  of the air compressor workplace components. 
 

The air compressor (1) is a single stage, oil injected screw compressor driven by an electric 

motor with inverter driver. The inverter controls the rotational speed of the compressor, which 

can vary between 1500 rpm and around 3000 rpm, pumping a variable air flow rate from 0 to 

90 m3 h-1 at a constant pressure of 7 bar.  

After the compression stage, the air flows through the R134a drier (2), inside which the 

vapour contained in the air condenses over the cold surface of the evaporator. The drier is an 

air cooled R134a refrigeration system consisting of an evaporator embedded in a box which 

cooles and dehumidifies the compressed air to a dew point temperature of 3 °C. The circuit is 

completed by a compressor and an air cooled condenser.  

The compressed air at the exit of the evaporator can be considered as dry air because the 

contained water vapour is negligible. In fact, the humidity ratio (defined as the ratio between 

actual mass of water vapour present in air to the mass of dry air) of air at the absolute pressure 

of 8 bar and at the dew-point temperature of 3 °C is 0.6 10-3 kg of vapour for each kg of dry 

air. Therefore, the effect of humidity ratio on air enthalpy is negligible and, also considering 

that it does not vary during the sensible heat transfer process, its value has not been measured. 

A set of filters (3) are inserted to eliminate the residual oil and particle materials; then the 

compressed air reaches the 500 L air receiver (4). 
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2.2.3.3 Volumetric Air Flowmeter 

The air flow rate coming from the pressure control valve is measured by means of a calibrated 

orifice flowmeter. As already mentioned, after careful consideration of the merits of nozzles 

and orifices, an orifice flowmeter was selected as the more reliable under the operating 

conditions and for the particular application. 

To use an orifice is the most convenient method of measuring air flow, since it is simple in 

construction (nowadays it can be made with high accuracy at any good workshop) and its size 

can readily be changed by sliding in new orifice plates.  

The volumetric air flowmeter has been designed according to EN ISO 5167-1:1997/A1:2000 

[32]. It measures the air flow rate using a high accuracy differential pressure transducer which 

measures the air pressure drop across a calibrated orifice. 

 

 
Figure 93. Photo of the calibrated orifice flowmeter. 
 

In order to obtain the best accuracy in the air flow rate measurement, a high-precision 

difference pressure transducer LPX 9381, produced by Druck, has been chosen and connected 

to 4 flange taps. This pressure transducer has a declared accuracy of ±0.1% of full scale 

(F.S.= 20 mbar), but according to the calibration certificate it has a better performance. Fluid 

properties are estimated from the temperature and pressure measurements made at the inlet of 

the flowmeter.  

In Figure 94, the uncertainties of the calibrated orifice flowmeter calculated according to the 

reference norm UNI EN ISO [32] are plotted against the ratio between the calibrated orifice 
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diameter and the inlet tube diameter, β. Uncertainties include the differential pressure 

transducer accuracy. It is interesting to point out that uncertainty in flow rate measurement is 

always less than 0.8%. 
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Figure 94. Uncertainty of the calibrated orifice flowmeter, calculated according to EN ISO 5167-
1:1997/A1:2000 [32] as a function of the diameters ratio, β. 
 

 
Figure 95. Drawing of the orifice volumetric flowmeter.  
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Figure 95 shows a drawing of the orifice flowmeter. This consists of two flanges containing 

orifice plates. The orifice plates were designed to measure different air flow rates with a 

constant pressure drop range: 6 to 20 mbar. In this way, the experimental uncertainty in the 

flow rate measurement is maintained as low as possible.  

According to the different orifice diameters reported in Figure 95, the values of the ratio β are 

reported in Table 42. This ratio varies between 0.245 and 0.733. 

 

Table 42. Values of the diameter ratio, β. 

Duct Diameter, D 
[mm] 

Orifice Diameter, d 
[mm] 

β 
[ - ] 

37.382 0.73298 
29.428 0.57702 
22.401 0.43923 
16.777 0.32896 

51 

12.486 0.24482 

 

Figure 96 shows the simulation of the range of the measurements of the different orifice 

plates: it appears that each orifice plate measures a part of the total air flow range without 

leaving dead zones. 
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Figure 96. Orifice pressure drop against the related air flow rate as a function of the different ratios of the 
characteristic diameters, β.  
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Though it cannot be automatic, this measurement technique permits the measurement of a 

wide range of air flow rates with high accuracy and relatively low economic investment as 

compared with different typologies of flowmeters (like Coriolis effect or thermal effect mass 

flowmeters). 

EN ISO standard 5167-1:1997/A1:2000 [32] suggests a calculation procedure for evaluation 

of the air flow rate. The inputs of this algorithm are: the orifice pressure drop, the temperature 

and the pressure of the air at the inlet of the calibrated flanges and the diameters ratio, β. 

Humid air is a mixture of vapour and dry air; therefore, in order to define its thermodynamic 

state, three thermodynamic coordinates are needed. In our case, since the drier reduces the 

amount of the vapour in the air to a value which can be neglected, the humidity ratio has been 

considered equal to 0.6 10-3 kgv kg da
-1.  

The other two thermodynamic coordinates, air temperature and pressure, are measured at the 

inlet of the calibrated orifice flowmeter. Hence, the density and the dynamic viscosity of the 

air at the inlet of the flowmeter are estimated as follows: 
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Eq. 198 
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The air mass flow rate can be calculated using the following equation: 
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  Eq. 200 

 

Where ∆p is the orifice pressure drop, while C and ε are the coefficient of discharge and the 

gas expansion factor, respectively. 

 

These are evaluated with the next equations: 
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And: 
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 Eq. 202 

 

Where k is the ratio of specific heats, equal to 1.4. 

As it appears, the coefficient of discharge C depends on different parameters, the ratio of the 

characteristic diameters β and the Reynolds number, and two geometrical characteristics, L1 

and L2 , which are linked to the internal duct diameter: 

 

1 2

25.4

1000
L L

D
 


 Eq. 203 

 

While the Reynolds number is defined by: 

 

4
Re

D μ
airm





 


 Eq. 204 

 

Considering the gas expansion factor ε, again it depends on the ratio of the characteristic 

diameters β, and also on the orifice pressure drop and on the inlet air pressure. 

 

This computational procedure results to be iterative, because at the first step the Reynolds 

number called in the coefficient of discharge calculation is not longer known. Therefore, its 
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value is initialized to a default value of 20000 and then it is recalculated with the output air 

mass flow rate. 

The iterative procedure ends when the difference between the last two Reynolds numbers 

results to be less than a predefined threshold which has been fixed at 0.00001. 

 

2.2.3.4 Stainless Steel Components: 70 Liter Chamber, Test Section and 
Channels 

 

The whole test rig was designed to resist a maximum operating pressure of 7 bar. As already 

mentioned, all components are made of stainless steel AISI 316 L. This paragraph reports the 

executive drawings of the most important components. Considering again Figure 97, these 

components, from the calm chamber to the discharge valve, are listed and discussed, 

describing only the stainless steel ones. 

 

Figure 97. Schematic of the experimental test facility. 
 

70 Liter Calm chamber 

This “strategic” component permits to change the cross-sectional area of the test tube, passing 

from a circular one to a rectangular one, as reported in Figure 98. This technical solution 

permits to get rid of the design of such a complicated interconnection manifold. Furthermore, 

it allows to reduce the total length of the inlet test tube. 

Figure 98 also shows the executive technical drawing of the calm chamber, which is 1064 mm 

high, with an internal diameter of 317 mm and a thickness of 5 mm. The wall thickness was 

designed for 10 bar working pressure with a safety coefficient of 2. 



 
 
Part 2: Single-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

174 

The top side of this air receiver is blind, while a DN 300 flange is soldered on the other side 

to allow inspection and maintenance operations. Finally, a ½” connector was included to 

screw a safety valve set at a pressure of 5 bar. 

 

Figure 98. Photo and executive technical drawing of the 70 liter calm chamber. 
 

Inlet Test Tube 

The inlet test tube has a rectangular cross-sectional area which is 100 mm wide and 60 mm 

high. Figure 99 reports its executive technical drawing. The total length of this channel is 1.1 

m; it was designed to ensure the full development of the air flow before it reaches the test 

section . 

In fact, the hydrodynamic entrance length is defined as the duct length required to achieve a 

maximum duct cross section velocity as 99% of that of a fully developed flow when the 

entering fluid velocity profile is uniform.  

 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

175 

 
Figure 99. Executive technical drawing of the inlet test tube. 
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Test Section 

The stainless steel test section is 300 mm long, 300 mm wide and 200 mm high; it can hold 

any kind of test sample with the following maximum size: 100 mm width, 60 mm height and 

200 mm length (Figure 100). It consists of 3 parts: the top and bottom plates, which are bolted 

to allow inspections and maintenance operations, and the core where the test sample is 

inserted. 

The executive technical drawing of the cover plates is reported in Figure 101.  

 

Figure 100. Executive technical drawing of the test section. 
 

Six holes were successively drilled in the two cover plates: three in the top one and three in 

the bottom one. Considering the top plate, its three holes permit the passage of the 

thermocouples wires connecting the transducers to the ice point reference and the connection 

of the two pressure transducers to the static pressure taps. The three holes in the bottom plate 

are used to acquire the electrical difference potential of the wire resistance and to connect the 

DC generator to the heater. 

All these connections are pressure resistant because special insulated connectors have been 

used. 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

177 

Figure 101. Executive technical drawing of the two plates. 
 

Discharge Tube 

The test section is connected to the flow rate control valve by two different tubes: the first 

one, the effective discharge tube, has a rectangular cross-sectional area, while the other is a 2” 

ID circular tube. 

As it appears from the executive technical drawing of Figure 102, the discharge tube is an  

L-shaped duct 600 mm long. 
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Figure 102. Executive technical drawing of the discharge tube. 
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2.2.3.5 Pressure and Air Flow Rate Valves 

The Fisher Design GX is a compact, state-of-the-art control valve and actuator system, 

designed to control a wide range of process gases, vapours and fluids.  

Two of these control valves were selected to permit the control of both the operating pressure 

and the air flow rate independently one from the other. Figure 103 reports a scheme of the 

designed pressure and mass flow rate control system implemented in the test rig in order to 

control the pressure and the flow rate independently one from the other.  

As one can see, the compressed air gets to the pressure reducer at 7 bar and leaves the valve at 

0-3 bar, values which have been chosen as the design pressure range of the calibrated orifice 

flow meter used to measure the volumetric flow rate. 

The pressure control system consists of a GX DVC2000 DN25 valve with a digital actuator 

produced by Fisher and an external PID commanding the actuator. 

 

 
Figure 103. Simplified scheme of the designed pressure and mass flow rate control system. 
 

The compressor permits to have a constant incoming air at 7 bar and the reduction is 

commanded by the effective pressure measured by a Rosemount pressure transducer at the 

inlet of the calibrated flowmeter. The feedback signal from the pressure transducer is 

elaborated by the PID which performs the best approach to the set point. 

A second loop is inserted in the test rig for the flow rate control in the apparatus. It is an 

independent system consisting of a GX DVC2000 DN50 valve with a digital actuator 

produced by Fisher and an external PID controlling the movements of the actuator. 

The analogic feedback signal coming from the flowmeter is analysed by the digital PID 

controller which drives the actuator of the valve. In order to control the pressure and the flow 
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rate independently, the two sets of time constants (proportional, integrative and derivative) of 

the PIDs must be precisely tuned. 

The experimental rig itself behaves as a complex fluid-dynamic system, so that it is extremely 

difficult to describe the exact model for achieving an accurate control performance. In 

general, it is possible to propose a simplified bilinear system model. It is well known that this 

situation can cause an unstable behaviour because of the interaction of system components 

with control loops under continuously changing flow conditions. 

 

Figure 104. Photos of the designed pressure and mass flow rate control systems. 
 

Although this complicate system has been fully implemented in the test rig, the experimental 

campaign that will be presented in this thesis did not use it. PID controls have been by-passed 

using manual controls, simpler and sufficiently accurate and repeatable. 

In fact, the compressor was set to run at fixed velocity (rpm) and the inertia of the 500 L tank 

was sufficient to obtain fixed mass flow rate once that the position of the valves was selected 

manually.  
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2.2.3.6 Test Section 

Here we describe the core of the experimental set-up: the test section. The stainless steel box 

where the bakelite channel is inserted has been presented previously. It is important to 

highlight that the test section consists of both the bakelite channel and the stainless steel box. 

In this part of the experimental wind tunnel, the heat transfer coefficients and the pressure 

drops of different enhanced surfaces during single-phase air flow are measured. (Figure 81) 

shows a photo of the complete test section, and Figure 105 a photo of the test section during 

start-up works. 

In Figure 105, some important components of the test section are evident. Among them we 

can mention the bakelite channel with the Teflon base plate, the heating copper plate, the 

mixer, some thermocouple connectors and part of the pressure connectors. 

 

 
Figure 105. Photo of the test section during the set-up process.  
 

As highlighted by the cross section of the bakelite channel drawn in Figure 106, a 15 mm 

thick plate of Teflon is machined to obtain a location for the copper heater where the sample 

is tightened. This Teflon plate is blocked within two bakelite walls which are located over two 

guides milled in a bakelite base. Then the rectangular channel is completed with a bakelite 

ceiling. It is also possible to supply the heat from both the upper and bottom surfaces of the 

test sample; in this way, both symmetrical and asymmetrical heating can be investigated. 
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As described before, the bakelite channel has been equipped with pressure and temperature 

transducers, a copper heater and electrical potential difference measuring wires. As shown in 

Figure 107, the test specimen is located within a rectangular duct made of Teflon and 

bakelite. 

When the air reaches the test section, its temperature is measured by means on nine calibrated 

T-Type thermocouples (3). Since the inlet test tube is 1.1 m long, the fully development of the 

air flow is assured. The air absolute pressure is also measured by means of an absolute 

pressure transducer which is connected to four static pressure taps (1). More details of the 

pressure measurements will be given in the following.  

 

 
Figure 107. Schematic of the bakelite channel arrangement: (1) inlet pressure taps, (2) outlet pressure taps, 
(3) nine inlet thermocouples, (4) mixer, (5) nine outlet thermocouples, (6) tested heat sink.  

 
Figure 106. Drawing of a cross section of the bakelite channel.  
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Then the air arrives to the heat sink (6) which is heated by the copper heater. After the test 

sample, other four static pressure taps are drilled to measure the pressure drops of the air by 

means of a differential pressure transducer connected to the inlet and outlet pressure tubes, (1) 

and (2).  

At the exit of the test sample the air temperature profile is stratified. A mixer has therefore 

been designed to eliminate temperature non-uniformities, allowing to measure the mean air 

temperature by means of nine calibrated T-Type thermocouples. 

 

Figure 108. Four photos of the experimental test section: (A) side view, (B) top view, (C) finned surface 
arrangement, (D) full instrumented test section. 
 

The photos of Figure 108 show the test bakelite channel. Photo A shows a side view of the 

test section: the side pressure taps and the thermocouples connector are evident. Photo B 

shows a top view of the bakelite channel: as in photo A, the pressure taps and the 

thermocouples at the inlet and outlet of the test section are apparent. 
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Photos C and D illustrate the construction of the test section. It is interesting to highlight that 

in photo C the finned surface and the additional side walls used to reduce the frontal area are 

evident, while photo D is a close-up of the instrumented test section. 

 

2.2.3.7 Acquisition System 

The acquisition system permits to acquire and elaborate the most important parameters which 

control the test rig evolution during the experimental test runs. 

It consists of a HP34970A digital multimeter which is connected to both the transducers and 

the computer. It acquires the analogical signals following a defined time schedule. The 

recorded signals are then elaborated by a computer interface program developed in 

LabView 6.0. 

 

Figure 109. Part of the visual interface of the acquisition system developed in LabView 6.0 ambient. 
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Table 43. List of recorded transducers. 

Channel Description Unit 

101 Orifice flowmeter inlet air temperature °C 

102 Test section inlet air temperature °C 

103 Test section inlet air temperature °C 

104 Test section inlet air temperature °C 

105 Test section inlet air temperature °C 

106 Test section inlet air temperature °C 

107 Test section inlet air temperature °C 

108 Test section inlet air temperature °C 

109 Test section inlet air temperature °C 

110 Test section inlet air temperature °C 

111 Frontal test sample wall temperature °C 

112 Frontal test sample wall temperature °C 

113 Frontal test sample wall temperature °C 

114 Back test sample wall temperature °C 

115 Back test sample wall temperature °C 

116 Back test sample wall temperature °C 

117 Test section outlet air temperature °C 

118 Test section outlet air temperature °C 

119 Test section outlet air temperature °C 

120 Test section outlet air temperature °C 

201 Test section outlet air temperature °C 

202 Test section outlet air temperature °C 

203 Test section outlet air temperature °C 

204 Test section outlet air temperature °C 

205 Test section outlet air temperature °C 

311 Orifice flowmeter air pressure drop mbar 

312 Orifice flowmeter inlet absolute air pressure bar 

313 Test section inlet absolute air pressure bar 

314 Test sample air pressure drop Pa 

315 Circuit current A 

316 Electric differential potential of the wire resistance V 

 

Table 43 reports the main acquired transducers. It is important to underline that each different 

enhanced surface needs its dedicated channels set up and acquisition system. 
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Figure 109 shows an example of part of the visual interface of the acquisition system. It is 

clear that the acquisition system allows to understand the actual working regime of the 

experimental set-up: each diagram or table gives a precise piece of information on the trend of 

the selected variable. 

This acquisition system writes recorded and elaborated signals to an Excel file. This file is 

useful in post processing work because it permits to calculate the experimental heat transfer 

coefficients and the pressure drops exhibited by the tested enhanced surface. 

The Excel file lists, in chronological order, all the acquired measures. When steady-state 

conditions are reached and maintained for a few minutes, operating test conditions are 

changed varying the mass flow rate which flows through the test rig. 

In post-processing operations all listed readings are elaborated. The one with the lowest heat 

balance deviation, during steady-state conditions, is taken as an experimental data point. 
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Figure 110. Experimental heat balance deviation plotted against readings. 
 

Figure 110 shows an example of the behaviour of the test rig as a function of time (lecture). 

Generally speaking, a heat flux (i.e. 150 W) is imposed to the sample and a fixed air flow 

passes through it; after 700 lectures the system reaches the steady-state condition and a data 

point can be selected. 
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2.2.4 Heat Transfer and Pressure Drop Measurements: Techniques and 
Solutions 

This paragraph describes the techniques and the components developed and implemented for 

heat transfer and pressure drop measurements during single-phase air flow through enhanced 

surfaces. 

Considering heat transfer measurements, the attention will be focused on the technique used 

to heat the sample, on temperature measurement issues (uniformity and non-uniformity of the 

temperature profile) and on electric power measurements. 

Pressure drop measurements are not as difficult as the heat transfer ones, but, in order to 

obtain a high accuracy measurement, the location and connection of static pressure taps must 

be given much attention. 

 

2.2.4.1 Heat Transfer 

Heating Technique 

In general, there are two different ways to take heat transfer measures during single-phase air 

flow: the first one is by imposing a heat flux boundary condition, the second by imposing the 

wall temperature. This work concerns heat transfer measurements carried out by imposing 

constant heat flux as a boundary condition. 

Heating by means of off-the-shelf electrical pads appears to be the simplest and cheapest 

technique. Unfortunately electrical pads are normally maden of silicon rubber and so, they are 

not stable at high temperatures (120 °C); moreover, temperature distribution on the heater 

surface appears to be non-uniform. 

Another way to heat the sample could be by using the heating cartridges embedded in a 

copper block, but this technique was abandoned because it required a large amount of free 

volume. Since the heater had to be inserted within the stainless steel box, there was not 

sufficient space to hold it.  

In this work, another heating technique has been implemented: the heater is obtained from a 

7 mm copper plate with the same base area of the test sample; a guide is milled in the copper 

to hold the electrical wire resistance. This wire resistance is a nickel-chrome alloy presenting 

1.37 Ω m-1and it is drowned into high conductivity silicon paste. Electrical power is given by 

a stabilized direct current (DC) power supply providing up to 900 W. Figure 111 shows an 

example of the guide which is milled into the 7 mm copper plate. Four holes has been drilled 

to bolt the cover aluminum plate. 
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Figure 111. Drawing of the guide to be milled into the copper plate. 
 

To evaluate the effective suitability of this heater, an infrared camera was used to film the 

temperature distribution of the heated surface in transient conditions. The heater was 

connected to the DC generator and an electric power variable between 50 and 150 W was 

applied. 

Figure 112 shows a photo of temperature distribution taken with a thermo camera during a 

test on a copper heater prototype. A constant power of 150 W was supplied to the sample 

exchanging heat only with the ambient air in forced convection. 

As it appears from the photo, there are no hot spots or lines in correspondence of the milled 

guide where the resistance wire was positioned; furthermore, the temperature is constant all 

over the surface.  
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Figure 112. Thermo photo of the prototype heater powered with 150 W. 
 

Electric Power Measurement 

A DC stabilized generator able to supply up to 900 W is used to power the wire resistance 

embedded in the copper plate. In order to verify the accuracy of heat transfer measurements, 

this electric power has to be measured.  

It can be measured in two different ways: it is possible to use an electronic power analyzer or 

to measure the voltage and the current independently. 

In this work, the second method was followed: the voltage and the current are obtained from 

two EDP (Electrical Difference Potential) measures. The first one gives the effective EDP of 

the resistance wire inserted in the copper heater, the other is the EDP of a calibrated resistance 

(shunt). 

If the resistance is known from Ohm law; the current is easily calculable from the measure of 

the potential difference. 

 

      
V

R
I

   Eq. 205 

 

Where R is the wire resistance, while V and I are the electrical difference potential and the 

current, respectively. 

The accuracy of this indirect measure is related to the nominal resistance accuracy: a 

calibrated shunt is used to obtain the best current evaluation. 
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This shunt is a stable calibrated resistance of 0.0993 Ω with an accuracy of ±0.03% which is 

inserted in the electrical circuit as shown in Figure 113. 

 

 
Figure 113. Schematic of the electrical difference potential measurements. 
 

Therefore, with two accurate EDP measures it is possible to know the effective power 

supplied to the test sample by applying the following simple equation: 

 

 S
R R

S

V
=V I=V      W

RELP    Eq. 206 

 

Where the subscripts R and S refer to the wire resistance and to the shunt, respectively. 

Applying the error analysis it appears that electric power uncertainty is always lower than 

±0.15% of the reading. 

 

Air Temperature and Heat Flow Rate Measurements  

Temperature and heat flow rate measurements are closely linked. Hence, they are here 

presented together: the accuracy of air heat flow rate calculations depends on air temperature 

measures. 

The wall temperatures of the different enhanced surfaces are also measured, but these will be 

discussed later, when the tested samples will be illustrated. In this paragraph, the attention is 

focused on air temperature and heat flow rate measurements. 
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First of all, air temperature measurements were obtained by means of calibrated T-Type 

copper-constantan thermocouples. 

These thermocouples, including all their measurement chains (ice point reference, digital 

voltmeter/switch multimeter) have been calibrated against a Pt100 thermistor with an 

accuracy of ±0.02 °C and different fitting curves have been developed. Furthermore, these 

fitting curves were in excellent agreement with IPTS90. Therefore, the IPTS90 curve was 

used in the calculations. The results of the calibration procedure permit to declare an 

uncertainty of temperature measures of ±0.05 °C.  
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Figure 114. An example of the calibration result. Comparison between the thermocouple readings and the 
Standard Equation IPTS90. 
 

Figure 114 shows an example of the thermocouple calibration results; the calibration points 

obtained for each thermocouple have been compared with the standard equation IPTS90. All 

the calibrated temperature transducers which have been used in the test rig present a good 

agreement with the standard equation. 

The measurement of the heat flow usually involves the measurement of the flow of a fluid and 

the determination of its entering and leaving enthalpy. The enthalpy depends on pressure and 

temperature.  
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For steady-state conditions, it is recommended that heat flow be measured by two 

independent methods [34]. This permits establishing the acceptability of the tests by obtaining 

a heat balance. In this new test facility the heat balance between the electric power and the air 

is constantly controlled.No heat balance will be perfect for one or more of the reasons listed 

below. In order to obtain a heat balance within a prescribed tolerance, some or all of the 

following causes of error will be considered. 

 

 Losses or gains of heat from enclosures, pipes, wires, and connections. They shall be 

accounted for either a calibration or calculation procedure. 

 Uniform velocity and temperature distribution at measuring location. 

 The effect of thermal storage in such devices as duct walls, flow mixers, and 

straighteners during transient conditions. It must be made negligible or accounted for 

by calibration procedures, calculations procedures or measurements. 

 Simplifications introduced as prescribed calculation procedures, such as the use of 

constant coefficients in equations and the use of typical or average values of physical 

properties of fluids. 

 Unavoidable temperature or pressure fluctuations, with respect to time or space, of the 

fluid being measured.  

 Small deviations  in the accuracy, precision, and sensitivity of the test instruments. 

 Effects of the action and interaction of: 

1. Performance oscillations of the instruments, especially of the self-balancing 

remote reading type. 

2. Performance oscillations of the apparatus for producing the test environment. 

3. Performance oscillations of the equipment being used. 

 

From the foregoing it can be seen that some difficulties in obtaining acceptable heat balances 

cannot be overcome by merely specifying a high degree of instrument accuracy. As reported 

in ANSI/ASHRAE Standard 41.1-1986 [34], the determination of the average temperature of 

an airstream requires taking suitable precautions when dealing with the following: 

 

 Non-uniformity of temperature across the airstream. 

 Non-uniformity of air velocity. 
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 Thermal radiation to or from instrument sensing elements if exposed to the 

surrounding surfaces at temperatures different from that of the surrounding air. 

 Heat conduction through stem or lead wires to or from an instrument sensing element 

if the stem or lead wires are exposed to temperatures different from that of the sensing 

element. 

 Non-uniformity of the humidity ratio of the air when humidification or 

dehumidification is taking place. 

 

Moreover, when temperature measurements are required in connection with the determination 

of heat flow rates, suitable precautions should be taken between the inlet and outlet 

measurement points for air, in order to acceptably minimize the effects of: 

 

 Heat gains or losses when testing the apparatus ductwork, both steady-state and 

transient. 

 Heat gains or losses due to air leakage from or into the test apparatus. 

 The creation or suppression of recirculation or other abnormal airstream patterns 

caused by the presence of the test apparatus, which upset the normal thermal 

environment of the equipment being tested. 

 Oscillations of temperature with time. 

 Unsuitable instrument response time, resulting in unreliable readings, especially if air 

temperature oscillations have not been adequately damped. 

 

Air discharged from coils or heat sinks may have non-uniform temperature distribution along 

with non-uniform velocity distribution, and one of the most difficult laboratory problems is to 

determine the true mean temperature. This can be accomplished in several ways [35]: 

 

1. By measuring the temperature and the velocity at a large number of locations 

across the duct area. A weighted average temperature would then represent the 

true mean temperature, provided that sufficient observations are made. 

2. By correcting any velocity non-uniformity and then determining the 

temperature at a large number of locations across the duct area. If the velocity 

is uniform, the average temperature should represent the true mean. 
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3. By mixing the air streams to the extent that any temperature non-uniformity is 

corrected. This is a very difficult thing to accomplish, but it would make it 

possible to measure the temperature  at few points only and the result would be 

independent of any velocity non-uniformity which might exist. 

 

The procedure suggested by Wile [35] is to combine methods (2) and (3) to the extent that (a) 

the air stream is reasonably well mixed and (b) the velocity pattern is made reasonably 

uniform.  

In general, round or rectangular mixers, consisting of two sets of louvers producing a 

combination of shearing action and relative displacement on adjacent areas of the airflow, are 

most satisfactory [34].  

 

Figure 115. Examples of rectangular and circular mixing devices. [34]. 
 

Figure 115 illustrates two different mixing devices, for rectangular and circular ducts. Both 

consist of two mixers, one horizontal and one vertical. In 1947, Wile [35] suggested the use of 

two mixer assemblies, one for vertical mixing and the other for horizontal mixing. 

Figure 116 shows the final form of the mixing devices located in the test section; temperature 

stems are highlighted in photos (B) and (D). 
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Figure 116. Photo of air mixer: (A) front view of the whole test section, (B) close-up of the horizontal mixer, 
(C) and (D) two top views of the mixer. 
 

Figure 117 shows the executive drawing of the two mixers, designed as suggested by Wile 

[35] in order to deal with the non-uniformity of the temperature distribution of the air when it 

leaves the test sample. 

The temperature probe is a 9 cm long 1/16” stainless steel tube in which a thermocouple is 

inserted. One end of the tube is closed by an epoxy droplet while the other is open to the 

ambient air. 
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Figure 117. Drawing of the mixer devices. 
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Figure 118. Close-up of the PVC block. 
 

This device has been designed in order to improve thermocouple measurements, as it allows 

to insert the transducers in the fluid flow, shielding the sensor from thermal radiation but also 

allowing fluid-sensor contact. 

As shown in photo (B) (close-up) of Figure 116, nine thermocouples were inserted at the exit 

of the sample, after the mixing devices, in order to measure the true mean air temperature. 

Nine thermocouples were also inserted at the inlet of the test section in order to measure the 

air stream temperature.  

In the first experimental campaign, the inlet thermocouples were located inside the test 

section, while from the second experimental campaign onwards a PVC block was machined 

to hold the temperature probes transferring temperature measurements before the test section, 

as shown in Figure 118. 

The air heat flow rate can be calculated as follows: 

 

   , , , , ,air air air out air in air s air air out air inq m h h m c t t      Eq. 207 

 

Where airm is the air mass flow rate, hair is the specific air enthalpy, cs,air is the specific heat of 

humid air which is the sum of the cp,air and the term obtained by multiplying the humidity 

ratio x and the specific heat of the vapour cp,v. 

As described before, since after the compression the air is dehumidified and the humidity 

ratio does not change during the heat transfer process, the specific heat of humid air cs,air, can 

be considered equal to that of dry air cp,air. 
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Hence, the heat balance can be now expressed as: 

 

 , , ,EL air p air air out air inP m c t t   Eq. 208 

 

It is important to perform a heat balance check in order to understand if any possible cause of 

systematic error has been successfully avoided. 
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2.2.4.2 Air Pressure Measurements 

Experimental pressure drops are measured by means of a high accuracy differential pressure 

transducer which is connected to eight pressure taps, four upstream and four downstream of 

the test sample. 

ASHRAE Standards 33-78 and 51-85 [33, 36] suggest measurement solutions to be 

implemented for pressure measurements. According to these standards [33, 36], four static 

pressure taps at the center of each of the four air duct sides are located both upstream and 

downstream to determine the air pressure drop of the test sample. 

The four upstream static pressure taps are also connected to an absolute pressure transducer in 

order to measure the absolute pressure at the inlet of the test section. The standards also 

establishe the geometrical characteristics of the static pressure taps, which are displayed in 

Figure 119. 

As suggested by the standards [36], a 1.5 mm (around 0.06 in) internal diameter was chosen 

for the static pressure taps. The surface around the pressure taps is free and smooth within a 

radius of 30 mm. 

 

 
Figure 119. ASHRAE Standard 51-85 [36]: pressure tap drawing.  
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Figure 120. Frontal view of the bakelite channel: measuring pressure taps connected by pressure ducts.  
 

Figure 120 shows the pressure ducts connecting the four static pressure taps to the pressure 

transducer. These connection ducts are made of Teflon. 

Two absolute and two differential pressure transducers are implemented in the test rig to 

measure the absolute pressure of the air at the inlet of both the orifice flowmeter and the test 

section and air pressure drops across both the orifice plate and the test sample. 
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Figure 121. Absolute pressure plotted against the converted analogical output. 
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The absolute transducers, produced by Rosemount, have a 6 bar full scale with an accuracy of 

±330 Pa (accuracy of ±0.055% of the full scale). 

Figure 121 displays the calibration line of the calibrated transducers plotting absolute pressure 

against the converted analogical output. The 4-20 mA analogical output of this transducer  

was changed to 0.4-2 V by introducing a 100 Ω calibrated resistance. 

The differential pressure transducer connected to the orifice flowmeter is an LPX 9381, a high 

accuracy instrument produced by Druck, with a full scale accuracy of ±2 Pa and 2000 Pa. 
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Figure 122. Differential pressure plotted against the analogical output for a LPX9381 Druck transducer. 
 

Calibration line is plotted in Figure 122; calibration data are reported in the diagram.  

Air pressure drops through the test sample are measured by means of a high accuracy 

differential pressure transducer selected with reference to the sample typology. If the 

specimen is a traditional finned surface, a Rosemount 500 Pa transducer with an accuracy of 

±0.275 Pa is used. 

In order to measure higher pressure drops a Druck transducer is implemented. This 

differential pressure instrument has an accuracy of ±1 Pa with a full scale of 1000 Pa. 
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Figure 123. Differential  pressure plotted against the analogical output of the Rousemount transducer. 
 

Figure 123 reports the calibration data for a Rosemount differential pressure transducer, the 

default instrument installed in the test rig. If pressure drops exceed the full scale, this 

transducer is replaced by a Druck transducer, able to measure up to 1000 Pa of differential 

pressure. 

Figure 124 and Figure 125 report two calibration certificates which refer to the Druck 

LPX9381 and Rosemount 3051S differential pressure transducers. 
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Figure 124. Calibration certificate of a Druck LPX9381 differential pressure transducer. 
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Figure 125. Calibration Certificate of a Rousemount 3051S differential pressure transducer. 
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2.2.5 Data Reduction 
A simple scheme of data reduction is given in this paragraph. Since each test sample has got a 

specific test section configuration, it is not possible to generalize the post-processing data 

procedure. On the other hand, it is important to illustrate how the different parameters or 

results, such as non-dimensional numbers, the heat transfer coefficient and the friction factor, 

are defined. 

Nevertheless, differently than in the previous chapter with two-phase flow, here the 

experimental uncertainty evaluation scheme is presented with the data reduction procedure. 

Hence, calculation results depend on the different test specimen; they will be reported in 

dedicated paragraphs. 

As experimental uncertainty evaluation theory has been presented in paragraph 1.3.2.1, here 

it’s not described again and only operating formulas are reported. The heat transfer and the 

pressure drop data reduction will be presented separately. 

 

2.2.5.1 Heat Transfer  

First of all, the heat balance between the electric power and the air-side heat flow rate must be 

verified: 

 

 , , ,EL air p air air out air inP m c t t   Eq. 209 

 

where PEL is the supplied electric power, airm  is the air mass flow rate, cp,air is the air specific 

heat at constant pressure and the last term is the air temperature difference between the inlet 

and outlet of the test section. 

The mean air temperatures at the inlet and outlet of the test section are defined as: 

 

1, 9,
, 9

in in
air in

t t
t

 



 Eq. 210 

  

1, 9,
, 9

out out
air out

t t
t

 



 Eq. 211 

 

The difference between the two terms of Eq. 209 must be always maintained within ±5.0%.  
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The product of the heat transfer coefficient HTC and the surface area efficiency Ω* is defined 

as: 

 

* EL

base ml

P
HTC

A t
 


 Eq. 212 

 

Where the reference surface, baseA , is the base area of the test sample and mlt  is the mean 

logarithmic temperature difference between the wall temperature and the air: 

 

   
 
 

, , , ,

, ,

, ,

ln

w in air in w out air out

ml

w in air in

w out air out

t t t t
t

t t

t t

  
 

 
 

  

 
Eq. 213 

 

with tw,in and tw,out indicating the heated wall temperatures at the inlet and at the outlet of the 

base plate respectively. If the surface area efficiency is known or computable, it is possible to 

calculate the heat transfer coefficient value. 

The heat transfer coefficient can be referred also to the total heat transfer area Atot, with the 

following equation: 

 

 * EL

tot
tot ml

P
HTC

A t
 


 Eq. 214 

 

Since air temperature at the inlet of the test section is not controlled, it varies for the different 

tests within a limited range (21°C – 26°C), and in order to compare the different enhanced 

surfaces the mean wall temperatures for different air mass flow rates are calculated as follows. 

In the hypothesis that the product of heat transfer coefficient times the finned surface 

efficiency is constant along the sample and does not vary with air temperature (as air 

properties are almost constant), with reference to the mean air temperature across the sample 

airt  it is possible to calculate a normalized mean wall temperature wt : 
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*
EL

w air
base

P
t t

HTC A
 

 
 Eq. 215 

 

Here this temperature is not intended as a design parameter, but it permits to compare 

different enhanced surfaces under the same inlet test conditions. Thus, the enhanced surface 

with the lowest mean wall temperature is the one with better performance. 

Considering the experimental uncertainty evaluation, first of all it is important to point out 

that, since the experimental data points are punctual measures, the repeatability component of 

the uncertainty is not present. 

The uncertainties of the transducers, including the related complete measuring chains used in 

the test rig, are summarized in Table 44. 

 

 

Starting with the air heat flow rate, as described before it is defined by the following equation: 

 

 , , ,air air p air air out air inq m c t t   Eq. 216 

 

Deriving the equation, the sensitivity terms are: 

 

 , , ,
air air

p air air out air in
air air

q q
c t t

m m


  

  
 Eq. 217 

 

 , ,
, ,

air air
air air out air in

p air p air

q q
m t t

c c


  


  Eq. 218 

 

Table 44. Uncertainties of the instruments and measurements implemented in the experimental set-up. 

Transducer Uncertainty 
T-Type Thermocouple ± 0.05 °C 
Absolute Pressure Transducer (end of scale 0.6 MPa)  ± 0.055 FS% 
Differential Pressure Transducer (Orifice, end of scale 
2000 Pa) 

± 0.1 FS% 

Electric Power ± 0.13% of the reading 
Air Flow Rate ± 0.8% of the reading 
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,
air air

air p air
air air

q q
m c

t t


 

 
  Eq. 219 

 

From error analysis, the uncertainty of the mean air temperature is equal to 0.05 °C, while the 

uncertainty of the air temperature difference is equal to √2 times that of the experimental 

temperature measure. A “sequential perturbation” method was applied by using the 

REFPROP code to estimate the specific heat uncertainty. Considering a temperature 

measurement accuracy of ±0.05 °C and a pressure measurement accuracy of ±0.33 kPa, the 

estimated accuracy of the specific heat of the air was always lower than 1%, on the other hand 

a conservative value of 1% was taken for the calculations.  

Finally, the experimental uncertainty of the air heat flow rate can be estimated with the 

following equation: 

 

,

22 2

,
air p air

air air air
q m c t

air p air air

q q q
i i i i

m c t 

      
                


 Eq. 220 

 

The second term is the heat transfer coefficient defined by Eq. 212; its sensitivity coefficients 

are: 

 

 * *1

EL base ml EL

HTC HTC

P A t P

  
 

 
 Eq. 221 

 

 * *

2

ml

EL

ml base ml

HTC P HTC

t A t t

  
   

  
 Eq. 222 

 

Finally, the heat transfer coefficient uncertainty is given by: 

 

   2 2
* *

ml ELHTC t P
ml EL

HTC HTC
i i i

t P

      
      
       

 Eq. 223 
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While the experimental uncertainty of the electric power is known and reported in Table 44, 

the uncertainty of the mean logarithmic temperature difference has to be evaluated as follows: 

 

   
 
 
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  

   
       

 
Eq. 224 

 

Where: 

 

1 , ,w in air int t    Eq. 225 

 

2 , ,w out air outt t    Eq. 226 

 

These two temperature differences present an uncertainty equal to √2 times that of the 

experimental temperature measure. 

The sensitivity coefficients are: 
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 Eq. 228 

 

Finally, the uncertainty of the mean logarithmic temperature difference is given by: 

 

1 2

2 2
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 Eq. 229 
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2.2.5.2 Pressure Drops 

Pressure drops are reported in terms of the pressure gradients, their uncertainty directly 

depends on the accuracy of the differential pressure transducer used for the measurements. 

 

 

During the experimental campaign, the instruments listed in Table 45 were used in order to 

measure single-phase air pressure drops through the different test samples. The relative values 

listed in Table 45 are equal to ±0.275 Pa and ±2.5 Pa for the Rosemount transducer and for 

the Druck transducer, respectively. 

Since different test samples present different pressure drop parameters, such as the friction 

factor, permeability, the inertia coefficient, etc., the experimental uncertainty of those values 

will be discussed in dedicated paragraphs. 

 

Table 45. Accuracy of the differential pressure transducers used for pressure drop measurements.  

Instrument Accuracy 
Differential Pressure Transducer, Rosemount 
(Test Section, end of scale 500 Pa) 

± 0.055 FS% 

Differential Pressure Transducer, Druck  
(Test Section, end of scale 1000 Pa) 

± 0.25 FS% 
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2.3 Traditional Finned Surface Characterization 
2.3.1 Introduction 
In the following paragraphs, the experimental results of the study and characterization of a 

traditional finned surface for electronic cooling applications during single-phase air heat 

transfer will be presented. This work aims at experimentally validating the new test facility 

and at characterizing a traditional heat transfer surface which has been taken as a reference for 

successive comparisons. 

 

 
Figure 126. Close-up of the traditional finned surface located in the bakelite channel. 
 

Figure 126 illustrates the test section arrangement for the thermo-fluid-dynamic 

characterization of the traditional finned surface. 

This enhanced surface, measuring 100 x 70 x 60 mm, is obtained by extrusion of aluminum. It 

consists of six 48 mm high trapezoidal fins arranged over a 12 mm thick base. The most 

important geometrical characteristics of this heat transfer surface are listed in Table 46. 

 

Table 46. Most important geometrical characteristics of the finned surface. 

Traditional Aluminum Finned Surface 
Length of the Test Sample 100 mm 

Height of the Sample  60 mm 
Width of the Sample  70 mm 

Number of Fins 6 
Tip Fin Thickness  3 mm 

Base Fin Thickness  5 mm 
Fin Pitch 12 mm 

Hydraulic Diameter* 14.27 mm 
Thermal Conductivity 175±5 Wm-1K-1 

*Hydraulic Diameter is defined as: 4 eff wetA P  
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The thermal conductivity of the aluminum alloy of the finned surface has been experimentally 

measured by Prof. Bonacina and Prof. Moro of the “Dip. di Fisica Tecnica” of the University 

of Padova by using a “Hot Disk” apparatus (for more information see: www.hotdisk.se). 

As described in Figure 127, six holes were drilled into the base of the specimen in order to 

locate six calibrated T-Type thermocouples for measuring the wall temperature distribution 

during single-phase air heat transfer. 

Figure 127. Drawings of the location of the six holes drilled in the specimen. 
 

A suitable copper heater was designed to evenly heat the base of the sample. As described 

before, a guide was milled into a 7 mm thick copper plate, in which a calibrated wire 

resistance was inserted. 

 

 
Figure 128. A photo of the test section arrangement (left) and a photo of the finned surface (right). 

 

The test section arrangement for the finned surface campaign is shown on the left hand side of 

Figure 128; in this photo, the most important components are highlighted: the copper heater, 

the mixer and the machined Teflon plate. The photo on the right hand side of Figure 128, a 

close-up of the traditional finned surface, shows three of the six holes. 
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2.3.2 Experimental Uncertainty  
The theory of experimental uncertainty, which is deeply analysed in paragraph 2.2.5, has been 

analytically applied to this case in order to give a general overview. 

Now, the numerical results of the uncertainty of the experimental measurements are reported. 

In particular, the uncertainty of the air flow rate, of the heat transfer coefficients and of the 

pressure drops, in this order, will be pointed out. 

 

2.3.2.1 Air Heat Flow Rate 

As previously described, the air heat flow rate can be written as: 

 

 , , ,air air p air air out air inq m c t t   Eq. 230 

 

As it appears from Eq. 230, the uncertainty of the air heat flow rate depends on the air mass 

flow rate and on the air temperature gain.  

Table 47 reports the maximum and average experimental uncertainties of the air heat flow 

rate; these values are always lower than 2% and it appears that the maximum value depends 

on the air temperature gain uncertainty. 

 

Table 47. Air heat flow rate experimental uncertainty. 

 qair ∆tair airm  

im [%] 1.48 0.88 0.8 

imax [%] 1.68 1.20 0.8 

 

At constant imposed heat flux, as the air mass flow rate increases, its temperature gain 

decreases, hence the value of the uncertainty of the heat flow rate increases as well. This is 

explained in Figure 129 and Figure 130, in which the uncertainty of the air heat flow rate is 

plotted against the air mass flow rate and the air temperature gain, respectively. 
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Figure 129. Uncertainty of the air heat flow rate plotted against the air flow rate. HF: Heat Flux [kW m-2] 
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Figure 130. Uncertainty of the air heat flow rate plotted against the air temperature gain. HF: Heat Flux 
[kW m-2]. 
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2.3.2.2 Heat Transfer Coefficient 

The uncertainty of the heat transfer coefficient depends on electric power measurements and 

on the mean logarithmic temperature difference, as described by Eq. 231: 

 

 * EL

tot
tot ml

P
HTC

A t
 


 Eq. 231 

 

As it appears from the data reported in Table 48, the relative uncertainties of the mean 

logarithmic temperature difference and of the electric power are very low. The maximum 

value of the experimental uncertainty of the heat transfer coefficient is 0.72 W m-2 K-1, while 

the average value is equal to 0.61 W m-2 K-1. 

 

 

Table 48. Heat transfer coefficient experimental uncertainty. 

 HTC Ω* ∆tml PEL 

im [%] 1.01 0.11 0.08 

imax [%] 1.028 0.15 0.08 

 

In Figure 131 and Figure 132, the uncertainty of the heat transfer coefficient is plotted against 

the air mass flow rate and the mean logarithmic temperature difference respectively. 

The heat transfer coefficient uncertainty is constant all over the range of operating test 

conditions. 

 



 
 
Part 2: Single-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

216 

0

0.5

1

1.5

2

2.5

3

0.005 0.01 0.015 0.02 0.025 0.03

Air Mass Flow Rate [kg s-1]

i H
T

C
 [

%
]

HF=150 W

HF=175 W

 
Figure 131. Uncertainty of the air heat transfer coefficient plotted against the air mass flow rate. HF: Heat 
Flux [kW m-2]. 
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Figure 132. Uncertainty of the air heat transfer coefficient plotted against the air mean logarithmic 
temperature difference. HF: Heat Flux [kW m-2]. 
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2.3.2.3 Pressure Drops 

Experimental pressure drops were measured at three different pressure value, namely, 0.101, 

0.140 and 0.195 MPa, at the sample inlet. Measurements were carried out using a high 

accuracy differential pressure transducer with a full scale of 500 Pa and an overall uncertainty 

of ±0.275 Pa. 

The uncertainty of pressure drop measurements is plotted against its experimental value in 

Figure 133. Since the absolute value of the uncertainty is constant, the relative value increases 

as the pressure drop decreases.  
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Figure 133. Uncertainty of the experimental pressure drop measurements plotted against their value as a 
function of the operating pressure. 
 

Figure 134 shows the relative uncertainty of the experimental pressure drop measurement 

plotted against the air mass flow rate as a function of the operating pressure. The relative 

uncertainty increases as the mass flow rate decreases, and at 0.195 MPa it presents higher 

values than those exhibited at lower pressures.  

Only measured pressure drops with an experimental uncertainty lower than 20% have been 

considered in the following analysis.  
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Figure 134. Uncertainty of the experimental pressure drop measurements plotted against the air mass flow 
rate as a function of the operating pressure. 
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2.3.3 Experimental Results 
In the following paragraphs, the experimental results will be presented in terms of 

temperature distribution at the inlet and outlet of the test section, heat transfer coefficients, 

surface area efficiency and pressure drops. 

 

2.3.3.1 Operating Conditions  

The test sample was located inside the test section as shown in Figure 126 and Figure 128. 

The experimental data points refer to both adiabatic and heat transfer measurements carried 

out during single-phase air flow. Table 49 reports the most relevant operating test conditions. 

Some tests were run in order to understand the effective behaviour of the test facility under 

different operating conditions. In particular, the temperature distribution at the inlet and outlet 

of the test section was controlled during both adiabatic and heat transfer operating conditions. 

The heat balance between the electric power supplied to the test sample and the measured air 

heat flow rate was also controlled. 

Several data sets at different operating test conditions were collected. The mass flow rate was 

varied between 0.005 to 0.025 kg s-1, adiabatic pressure drops were measured at three 

different pressures, 0.101 MPa, 0.140 MPa and 0.195 MPa, while heat transfer coefficients 

were measured imposing 150 and 175 W, corresponding to 21.4 and 25 kW m-2, respectively. 

 

 

Table 49. Operating test conditions. 

Parameter Range 

Air Mass Flow Rate 0.005 – 0.025 kg s-1 

Absolute Pressure 0.101 – 0.195 MPa 

Heat Flux 150 – 175 W 

Air Frontal Velocity 0.8 – 4 m s-1 
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2.3.3.2 Air Inlet Temperature Distribution 

The temperature distribution at the inlet of the test section was measured by means of nine T-

Type thermocouples, as showed in Figure 135. As suggested by ASHRAE Standard 33-78 

[33], no individual dry bulb temperature reading of entering air on the measurement plane 

shall vary by more than around 0.6 °C (1 °F). 

 

 
Figure 135. Photo of the thermocouples distribution at the inlet of the test section. 
 

Figure 135 is a close-up of the thermocouples distribution at the inlet of the test section; the 

temperature transducers are clockwise numbered (TC1,..., TC9) starting from the upper center 

probe. 

The thermocouples were inserted in the fluid through nine holes drilled in the bakelite walls. 

In particular, three holes were drilled in the ceiling wall: one in the center and two at a 

distance of 15 mm from the central one. These last two holes were copied in the bottom wall 

of the bakelite channel, while in the two side walls two probes divided the wall height into 

equal parts. 

The results of 100 readings of each thermocouple (1 reading / 9 s) are reported in Figure 136: 

all the readings are within ±0.2 °C. There is not any apparent non-uniformity in the air 

temperature distribution at the inlet of the test section. 
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Figure 136. An example of the temperature distribution at the inlet of the test section.  
 

2.3.3.3 Air Outlet Temperature Distribution 

Figure 137 shows the thermocouples distribution at the outlet of the test section after the 

mixing device. Nine thermocouples were installed as at the inlet of the test section.  

 
Figure 137. Photo of the thermocouples distribution at the outlet of the test section. 
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Figure 138. An example of the temperature distribution at the inlet of the test section.  
 

Although a mixing device was designed and inserted at the exit of the test section, the air 

presented a non-uniform temperature distribution with a maximum difference of 1.6 °C 

(Figure 138). Still, because of the volume constraints of the system, there weren’t any other 

possible technical solutions which could be implemented to solve this problem.  

Nevertheless, the most important issue which must be satisfied to make the test reliable is the 

heat balance. If the comparison between the electric power and the air heat flow rate is 

verified within ±5%, mean average temperature estimates are also acceptable. 
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2.3.3.4 Heat Balance 

For each experimental data point, the heat balance was evaluated. This comparison was 

carried out by calculating the following parameter, HB: 

 

100air EL

EL

q P
HB

P


   Eq. 232 

 

Where PEL is the electric power and qair is the air heat flow rate. 

A positive value of HB means that the electric power is lower than the measured air heat flow 

rate; on the contrary, if the electric power is greater than the air heat flow rate, HB will be 

negative.   

When the HB was within ±5% the steady state conditions were considered acceptable and the 

test point was recorded. 

 

-8

-6

-4

-2

0

2

4

6

8

0.005 0.01 0.015 0.02 0.025 0.03

Air Mass Flow Rate [kg s-1]

H
e

a
t 

B
a

la
n

c
e

, 
H

B
 [

%
]

HF=150 W

HF=175 W

 

Figure 139. Heat balance deviation HB  plotted against the air mass flow rate. HF: Heat Flux [kW m-2]. 
 

Figure 139 plots the heat balance deviation, HB, against the air mass flow rate for the two sets 

of experimental data points. Generally speaking, for both imposed heat flow rates, 150 and 

175 W, the deviation decreases as the mass flow rate increases. The deviation is always 
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negative; it means that the measured air heat flow rate is lower than the imposed electric 

power. Only few of the data points at a high air mass flow rate present a positive heat balance 

deviation. These experimental runs were carried out imposing 150 W. 
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Figure 140. Heat balance deviation HB plotted against the air temperature difference. 
 

As it appears from the diagram plotted in Figure 140, the deviation exhibits a dependence on 

the air temperature difference. With the exception of data points presenting a positive heat 

balance deviation, HB appears to increase as the temperature gain increases. 

This behaviour can be explained with the higher difficulties in air flow mixing at a low air 

flow rate than at a high air flow rate. In fact, if some non-uniformities remain in the flow 

temperature distribution, mean air temperature estimation is affected by higher inaccuracy. 
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2.3.3.5 Heat Transfer Coefficient and Surface Area Efficiency 

An extended surface (fin) is a device attached to the (primary) surface of a structure 

protruding in the adjacent fluid, where its sole purpose is to increase the heat transfer from the 

surface to the fluid or vice versa [37]. 

The heat transfer behaviour of an enhanced surface is defined by two important parameters: 

the effective heat transfer coefficient (HTC) and the surface area efficiency (Ω*). 

The measured heat transfer coefficient is the product of these two values, therefore, if it is 

possible to calculate one of them, the other will be evaluated. 

 

 * EL

tot
tot ml

P
HTC

A t
 


 Eq. 233 

 

As it appears from Eq. 233, the global heat transfer behaviour is defined on the total heat 

transfer area, Atot , which is equal to 0.06733 m2
.  

The fin has a trapezoidal shape and its thickness varies from the base to the tip, passing from 

5 mm to 3 mm. Since the thickness variation (2 mm) is small compared to the fin height (48 

mm), it is possible to consider an equivalent rectangular fin with the thickness equal to the 

average value (4 mm). 

The theory of fin efficiency is then applied to this equivalent rectangular fin, therefore it is 

possible to obtain the two parameters starting from the experimental global heat transfer 

behaviour. 

One-dimensional fin efficiency theory is based on several important assumptions: 

 

 There is a steady-state heat flow. 

 The fin material is homogeneous and isotropic. 

 There are no heat sources or sinks in the fin. 

 The heat flow to or from the fin surface at any point is directly proportional to the 

temperature difference, at the same point, between the surface and the surrounding 

fluid (convective fins).   

 The thermal conductivity of the fin material is constant. 

 The heat transfer coefficient is the same all over the fin surface. 

 The temperature of the surrounding fluid is uniform. 
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 The temperature at the base of the fin is uniform. 

 Compared to its height, the fin thickness is so small that temperature gradients normal 

to the surface may be neglected (i.e. there is one-dimensional conduction). 

 The heat transferred through the outermost edge of the fin is negligible compared to 

that dissipated through the sides (i.e. the tip of the fin is insulated). 

 The width of the longitudinal fins is much larger than either the height or the base 

thickness (i.e. the temperature variation along the width is negligible). 

 The end faces of the longitudinal fins along their width are adiabatic. 

 

In his work, Razelos [37] has analyzed and discussed all cited assumptions. In particular, he 

affirms that, in longitudinal fins, the variation of the base temperature along their length can 

be overcome and the heat transfer from the fin can be obtained simply by using the average 

base temperature of the space. 

The finned surface is located in the bakelite channel and the fin tips can be considered 

adiabatic as they touch the bakelite ceiling. As described before, the global heat transfer 

behaviour of the enhanced surface is obtained from the experimental measures using Eq. 212. 

The fin efficiency is iteratively calculated following the next simple algorithm: 

 

 tanh mL

mL
   Eq. 234 

 

Where: 

 

HTC
m

 



 Eq. 235 

 

And:  

 

L h  Eq. 236 

 

δ is half the equivalent fin thickness (2 mm), λ is the aluminum thermal conductivity, and it is 

equal to 175 ± 5 W m-1 K-1, while h is the fin height. 
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Introducing, as a first step, the global heat transfer coefficient (HTCΩ*), the first estimation of 

the fin efficiency is calculated using Eq. 234 and the surface fin efficiency is given by: 

 

 * 1 1fin

tot

A

A
     Eq. 237 

 

With this value, it is possible to calculate the first heat transfer coefficient; after few iterations 

its value remains constant and the procedure can be considered completed. 

  

30

35

40

45

50

55

60

65

70

0.005 0.01 0.015 0.02 0.025 0.03

Air Mass Flow Rate [kg s-1]

H
T

C
Ω

*  [
W

m
-2

K
-1

]

HF=150 W

HF=175 W

 

Figure 141. Global heat transfer behaviour of the finned surface plotted against the air mass flow rate. HF: 
Heat Flux [kW m-2]. 
 

The product of the heat transfer coefficient and the surface fin efficiency is plotted against the 

air mass flow rate in Figure 141. As one can see, the global heat transfer coefficient increases 

linearly with the mass flow rate and it does not depend on the heat flux. 
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Figure 142. Heat transfer coefficient plotted against the air mass flow rate. HF: Heat Flux [kW m-2]. 
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Figure 143. Surface area efficiency plotted against the air mass flow rate. HF: Heat Flux [kW m-2]. 
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Figure 142 and Figure 143 focus on the two terms of the global heat transfer behaviour: the 

heat transfer coefficient and the surface fin efficiency. The heat transfer coefficient presents 

the same behaviour of the product, while the surface fin efficiency decreases with the 

increasing of the heat transfer coefficient and of the air mass flow rate. In the range of 

operating test conditions, the surface fin efficiency varies between 0.87 and 0.93; again, the 

surface fin efficiency does not depend on the heat flux. 

Experimental heat transfer coefficients have been compared with the results of some semi-

empirical correlations proposed in the open literature. Analyzing the operating test conditions, 

it is possible to understand that the Reynolds number, referred to the hydraulic diameter, 

varies between 3000 and 9000, falling into the transition flow between the laminar region and 

the turbulent region. There is a lack of experimental works concerning the heat transfer 

coefficient and the fluid flow in this transition region, hence heat transfer phenomena have 

not been deeply investigated yet. 

Moreover, as experimentally verified by Ghajar and Tam [38], the effect of the inlet 

configuration appears to influence heat transfer and fluid flow behaviours in the transition 

region, during single-phase liquid flow. In particular, Ghajar et al. [39] made local forced and 

mixed convective heat transfer measurements in a horizontal electrically heated stainless steel 

circular tube with re-entrant, square-edged and bell-mouth inlets under uniform wall heat flux 

conditions. They experimentally found that the heat transfer transition Reynolds number 

range for each inlet configuration can be estimated to be between 2000-8500 for the re-entrant 

inlet, 2400-8800 for the square-edged inlet and 3400-10500 for the bell-mouth inlet.  

The same Authors experimentally investigated the heat transfer and the fluid flow during 

single-phase liquid flow covering all flow regimes (laminar, transition and turbulent) in a 

circular horizontal tube with three inlet configurations, finding that the heat transfer behaviour 

and the fluid flow depend on inlet boundaries conditions [39,40]. 

Ghajar et al. [41] have proposed an improved heat transfer correlation for the transition region 

developed on their experimental heat transfer measures during single-phase liquid flow in a 

horizontal circular tube. The results of this equation were compared with the experimental 

heat transfer coefficients measured during single-phase air heat transfer. Although the 

geometrical characteristics of the tested tube were different from our configuration, the heat 

transfer correlation was applied, considering the hydraulic diameter as the geometrical 

reference coordinate. 
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The correlation for heat transfer coefficient calculation in the transition region is the 

following: 

 

Re
c

a
cb

tr l tNu Nu e Nu
 

 
 

 
   

  
 Eq. 238 

 

Where Nutr is the transition Nusselt number, while Nul and Nut are the Nusselt numbers 

referred to the laminar flow and the turbulent flow, respectively. 

 

 
0.33

0.8Re Pr
1.24 0.025 Prh

l

d
Nu Gr

x
    

 Eq. 239 

 

And: 

 

0.0054

0.8 0.3850.023Re Prt
h

x
Nu

d


 

  
 

 Eq. 240 

 

With the Reynolds number defined on the core cross-sectional area and based on the 

hydraulic diameter. 

The constants depend on the different inlet configurations, as reported in Table 50. 

 

Table 50. Constants in Eq. 238. 

Inlet a b c 

Re-entrant 1766 276 -0.955 

Square-edged 2617 207 -0.950 

Bell-mouth 6628 237 -0.980 

 

The finned surface is positioned as an obstacle in the test section, therefore the constants 

regressed for the square-edged and re-entrant inlet configurations are selected to calculate the 

transition Nusselt number. 
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Figure 144. Calculated vs. experimental heat transfer coefficients. Model by Ghajar et al. 
 

Generally speaking, even if it has been developed for circular ducts, the model proposed by 

Ghajar et al. is able to estimate experimental heat transfer coefficients with a quite good 

accuracy. The deviation, almost lower than 20%, rises as the mass flow rate increases, and 

experimental data points are underestimated. The two sets of constants exhibit near the same 

results excepted for the lowest experimental data points. This can be due to the different 

transitional Reynolds number: in fact, for square-edged inlet configuration it is equal to 2617 

while it is 1677 for re-entrant configuration.  

Another model was selected from the open literature in order to compare its results with the 

experimental heat transfer coefficients. This model was developed by Polley and Abu-Khader 

[42] using the most extensive and widely used source data on the performance of plate-fin 

surfaces, built by Kays and London [43]. 

This computational scheme is a power law correlation which combines the laminar and 

turbulent Nusselt numbers as follows. 
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The laminar Nusselt number is calculated with: 

 

1
3 313 613 3 0.53 4 2

3.66 0.7 1.77 0.7
1 22PrlNu Gz Gz



                      

 Eq. 241 

  

While the turbulent Nusselt number is given by: 

 

1
30.035 Re PrtNu f  Eq. 242 

 

Where the friction factor f is calculated with: 

 

1
3 3 3

0.25

16 0.078

Re Re
f

         
     

 Eq. 243 

 

The Nusselt number is given by: 
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2 2

1 1h
l

air j t

HTCd
Nu Nu

Nu Nu

         
   

 Eq. 244 

 

Where the transition Nusselt number is defined by: 

 

Re Re

730
,Re

cr

j l crNu Nu e

 
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   Eq. 245 

 

The Authors suggested to use 2200 as the critical Reynolds number for cylindrical channels, 

while for rectangular ducts the value decreases to 1500. 

The results of the application of this model are clearly illustrated in Figure 145. All data are 

underestimated by the proposed correlation; again, the deviation increases as the mass flow 

rate increases.  
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Figure 145. Calculated vs. experimental heat transfer coefficients. Model by Polley and Abu-Khader. 
 

Table 21 reports the relative deviation, eR, the absolute deviation, eA, and the standard 

deviation σN  calculated for the two evaluated models. The best agreements with the 

experimental data are exhibited by Ghajar et al. [41] correlations; however, both 

underestimate the data points.  

 

Table 51. Deviations from the experimental values of the models.  

Model eR [%] eA [%] σN [%] 

Ghajar et al. [41]  

Square-edged 
-17.7 17.7 3.23 

Ghajar et al. [41] 

Re-entrant  
-16.0 16.0 3.18 

Polley and Abu-Khader [42] -24.5 24.5 4.19 
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2.3.3.6 Mean Wall Temperature 

The wall temperature is one of the most important parameters in electronic cooling system 

design. Since the experimental data points were carried out under different ambient conditions 

(which vary, as they depend on atmospheric weather), the inlet air temperature was not 

constant. For this reason, a mean wall temperature has been calculated in order to compare 

experimental data points taken under different ambient conditions. 

In the hypothesis that the product of the heat transfer coefficient times the finned surface area 

efficiency is constant along the sample and does not vary with air temperature (because air 

properties are almost constant) with reference to the mean air temperature across the sample, 

airt  , it is possible to calculate a normalized mean wall temperature, wt : 

 

*
EL

w air
tot

P
t t

HTC A
 

 
 Eq. 246 

 

Calculations of mean wall temperatures were performed setting the air temperature at the inlet 

of the test section at 25 °C. 
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Figure 146. Mean wall temperature plotted against  air mass flow rate. tair,in=25 °C HF: Heat Flux  [kW m-2]. 
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Figure 146 reports the results of the described calculations: the mean wall temperature is 

plotted against the air mass flow rate. The diagram illustrates that the wall temperature 

decreases as the mass flow rate increases, while it increases when the heat flux passes from 

150 W to 175 W. 
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2.3.3.7 Pressure Drops 

In this paragraph, the experimental pressure drops are analyzed. In this test equipment, it is 

possible to control the air flow rate and its pressure independently. Different data sets were 

collected varying the air flow rate at three different pressures: 0.101 MPa, 0.140 MPa and 

0.195 MPa. As illustrated in paragraph 2.2.4.1, during this experimental campaign the 

temperature probes were located after the inlet pressure taps before the test sample. 

As reported in Figure 147, two independent data sets, with and without the inlet temperature 

probes, were carried out to verify the influence of these transducers on the pressure drops. The 

measurements were collected at 0.140 MPa, and, as it appears from Figure 147, there is not 

any appreciable effect of the temperature probes on the pressure drops.  
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Figure 147. Pressure drop measurements with and without the inlet temperature probes. 
 

The total pressure drop measured during adiabatic single-phase air flow through the finned 

surface is plotted in Figure 148. At constant mass velocity, the pressure drop increases with 

decreasing air absolute pressure, since the fluid density increases. The same trend is exhibited 

by the total pressure gradient, plotted in Figure 149. 
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Figure 148. Total pressure drop plotted against the air mass flow rate. 
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Figure 149. Total pressure gradient plotted against the air mass flow rate. 
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The designer  is interested in the overall core pressure drop, including any entrance and exit 

loss, rather than merely the core friction pressure drop. On the other hand, if the experimental 

results are compared to the calculated ones, abrupt pressure drops have to be evaluated in 

order to obtain frictional ones. 

Abrupt contraction and expansion additional pressure drops can be estimated using the Kc and 

Ke entrance and exit pressure loss coefficients suggested by Kays and London [43] for the 

multiple-tube flat duct heat exchanger. The abrupt pressure drops (∆ploc) can be estimated 

using the following equation: 

 

2 2 2 2

1 1
2 2 2 2

ff ffch ch ch ch
loc in out c e

fr fr

A Au u u u
p p p K K

A A

         
                           

 Eq. 247 

 

Therefore: 
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    Eq. 248 

 

 

Figure 150. Frontal view of the finned surface. 
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Figure 150 reports a drawing of the frontal view of the finned surface with the most important 

areas which are used in the following to define different air velocities. 

As suggested by Kays and London [43], uch is the channel velocity, linked to the frontal 

velocity by the ratio of free-flow area to frontal area (Aff / Afr). 

 

ff
ch fr

fr

A
u u

A
  Eq. 249 

 

Where frontal area is the sum of the three areas: Aff, Afin, Abase highlighted in Figure 150; this 

velocity, Eq. 249, is used in the calculations called First Method.  

Since the finned surface is inserted in the test section, as it would be in its application, the 

base is exposed to the fluid flow. Hence, the fluid field at the inlet of the test section is 

disturbed by the presence of the base, and a dead zone for the fluid flow might be present in 

front of the test sample. For this reason, it is possible that the approach velocity is different 

from the frontal velocity. Thus, also the inlet channel velocity can be higher than the frontal 

velocity. 

The ratio of free-flow area to frontal area (Aff / Afr) is equal to 0.544. Considering the base 

thickness, frontal area decreases, and it would be 0.0035 m2 instead of 0.0042 m2 (as 

suggested in Figure 150, Afr - Abase). Therefore, the approach velocity would be 1.2 times 

higher than the frontal velocity. Accordingly, using the predefined free-flow area to frontal 

area ratio, it is possible to determine the new inlet channel velocity which permits to calculate 

different local pressure drops. 

Finally, the channel velocity to use in the calculation of the local pressure drops would be: 

 

1.2 ff
ch fr

fr

A
u u

A
  Eq. 250 

 

This channel velocity, Eq. 250, is used to calculate the abrupt pressure losses in the second 

way, called Second Method. The frictional pressure drops are obtained by subtracting the 

estimated local pressure losses from the total measured pressure drops. The results of the 

application of these two different methods are illustrated in Figure 151. 
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It is apparent that the Second Method exhibits lower frictional pressure drops than those 

obtained with the First Method. 

 

0

2

4

6

8

10

12

14

16

18

0.005 0.01 0.015 0.02 0.025

Air Mass Flow Rate [kg s-1]

F
ri

c
ti

o
n

a
l 

P
re

s
s

u
re

 D
ro

p
s

 [
P

a
]

First Method

Second Method

 

Figure 151. Estimated frictional pressure drops plotted against the air flow rate. 
 

If the frictional pressure drops are calculated from the total pressure losses, the friction factor 

f can be evaluated considering the well-known Fanning equation: 

 

2

4
2

ch

h

ul
p f

d


   Eq. 251 

  

The channel velocity is the one only referred to the free-flow area to frontal area ratio, as 

suggested by Eq. 249. 

In Figure 152, the friction factors were calculated only for the atmospheric data set, applying 

the two methods. The calculated values were compared with three semi-empirical correlations 

suggested in the open literature. 

 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

241 

0

0.005

0.01

0.015

0.02

0.025

0.03

3000 4000 5000 6000 7000 8000

Reynolds Number [-]

F
ri

c
ti

o
n

 F
a

c
to

r,
 f

 [
-]

First Method

Second Method

 

Figure 152. Friction factor f plotted against the Reynolds Number. 
 

The three semi-empirical correlations are those suggested by Polley and Abu-Khader [42], 

Tam and Ghajar [39] and Phillips [44].  

Polley and Abu-Khader [42] proposed to calculate the friction factor using the following 

simple equation: 

 

0.333333 3

0.25

16 0.079

Re Re
f

         
     

 Eq. 252 

 

Tam and Ghajar [39] have studied the influence of the inlet configuration and of heating on 

the fluid flow. 

As described before [41], the Authors [39] analyzed the transition flow regime considering 

three inlet configurations: re-entrant, square-edged and bell-mouth. The correlation for the 

friction factor evaluation in the transition flow region for the square-edged inlet configuration 

was: 
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     

 Eq. 253 

 

The dynamic viscosity ratio was proposed to take into account the temperature difference 

between the fluid and the wall during the heat transfer process. Since the data points were 

carried out under adiabatic test conditions, this ratio was set equal to 1. 

Finally, the last equation was developed by Phillips [44] for micro-channel fluid flow. It 

covers both the developing and fully developed turbulent flow regions. The friction factor is 

given by: 

 

ReBf A  Eq. 254 

 

Where: 

 

1.01612
0.09290

h
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   
Eq. 255 
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l
d

    
Eq. 256 

 

The Reynolds number is referred to the channel velocity (First Method). 
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Figure 153. Calculated to experimental friction factor ratio plotted against the Reynolds Number referred to 
the channel velocity. Abrupt pressure losses evaluated with the First Method. 
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Figure 154. Calculated to experimental friction factor ratio plotted against the Reynolds Number referred to 
the channel velocity. Abrupt pressure losses evaluated with the Second Method. 
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Figure 153 and Figure 154 report the comparison between the experimental friction factors 

and those calculated with the three correlations. 

In Figure 153, all applied models underestimate the experimental friction factors; in the 

diagram the experimental friction factors were calculated considering the First Method for 

abrupt pressure losses evaluation. The model proposed by Phillips [44] appears to be the most 

accurate, but it was developed for micro-channel applications. In Figure 154 the abrupt 

pressure losses were calculated using the Second Method; in this case the experimental 

friction factors are lower than those obtained by applying the First Method.  

The most reliable model appears to be the one proposed by Tam and Ghajar [39], though it 

slightly overestimates the friction factor at high Reynolds number. The model proposed by 

Polley and Abu-Khader [42] slightly underestimates the friction factors (Figure 153). 

Phillips [44] equation overestimates the experimental results. 
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2.3.4 Conclusions 
In this part of the work, a traditional finned surface has been thermo-fluid-dynamically 

characterized in a new experimental test rig. This experimental campaign was carried out to 

test and evaluate the new experimental test rig in a wide range of operating test conditions. In 

particular, both heat transfer coefficients and pressure drops were measured during single-

phase air flow at different pressures. 

Heat transfer measurements were performed in order to evaluate the thermal performance of 

the test section; in particular, the heat balance has been controlled for each selected data point. 

The temperature measurement technique was also controlled to verify the effective behaviour 

of the designed mixer. Adiabatic tests were carried out in order to measure air pressure drops 

through the finned surface at different pressures: 0.101 MPa, 0.140 MPa and 0.195 MPa. 

From these first experimental test runs, the test facility can be considered reliable and the data 

points repeatable. Starting from these results and using this same test facility, five different 

aluminum metal foams have been experimentally characterized. 
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2.4 Transport Phenomena in Aluminum Foams 
The aim of this part of the work was to experimentally investigate heat transfer and fluid flow 

during single-phase air flow through high porosity open-cell metal foams. Metal foams 

present random microstructures consisting of open cells randomly oriented and mostly 

homogeneous in size and shape. Most commercially available metal foams are based on 

aluminum, copper, nickel and metal alloys. Other very interesting stochastic porous materials 

are carbon foams, which are receiving special attention for their potential applications in 

several areas of thermal management.  

Metal foams made of aluminum with porosity ranging from 0.903 to 0.956 and pores per inch 

(PPI) varying between 5 and 40 were used. In this chapter, the experimental results are 

presented in terms of heat transfer coefficients, pressure drops, permeability and inertia 

coefficient. In order to introduce this new topic, a brief overview is given of metal foams, 

looking at their foaming processes and their morphological structures. 

 

2.4.1 Introduction 
Generally speaking, metal foams are a class of cellular solids. The word cell derives from the 

Latin cella: a small compartment, an enclosed space. The research interest is in clusters of 

cells, to the Roman cellarium, to us cellular solids, which are an assembly of cells with solid 

edges or faces, packed together so that they fill space. Such materials are common in nature: 

wood, cork, sponge and coral are examples. A cellular solid is one made up of an 

interconnected network of solid struts or plates which form the edges and faces of cells.  

Before talking about the metal foaming processes, it is worth mentioning that many foodstuffs 

are foams. Some, like meringue, are made by mechanical beating. Others, like breads, use a 

biological blowing agent (yeast). Others, like cornflakes, rely on a physical blowing agent 

(steam). And nature has devised her own ways of making foams either as part of the growth 

process of a single organism (as in bone, woods, cork and leaves) or as the product of a 

community of organisms (corals, sponges, nests of certain insects). 

The cellular materials exhibit two predominant topologies: periodic (honeycomb) and 

stochastic (foamed). Examples of cellular solids are illustrated in paragraph 2.1. The simplest 

is a two-dimensional array of polygons which pack to fill a plane area like the hexagonal cells 

of the bee, honeycombs. More commonly, the cells are polyhedra which pack in three 

dimensions to fill space, foams. 
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If the solid of which the foam is made is contained in the cell edges only (so that the cells 

connect through open faces), the foam is said to be open-celled. If the faces are solid too, so 

that the cell is sealed off from its neighbours, it is said to be closed-celled. Of course, some 

foams are partly open and partly closed. 

 

 
Figure 155. Example of cellular solids: (a) a two-dimensional honeycomb; (b) a three-dimensional foam with 
open cells; (c) a three-dimensional foam with closed cells. [45]. 
 

Almost any materials can be foamed [45]. Polymers are the most common but metals, 

ceramics, glasses and even composites can be fabricated into cells. Different techniques are 
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used for foaming different types of solids. Considering the metal foams, they can be made 

using either liquid or solid state processing. Powdered metal and powdered titanium hydride 

or zirconium hydride can be mixed, compacted and then heated to the melting point of the 

metal to evolve hydrogen as a gas and form the foam. Mechanical agitation of a mixture of 

liquid aluminum and silicon carbide particles forms a froth which can be cooled to give the 

aluminum foam. Liquid metals can also be infiltrated around granules which are then 

removed; for instance, carbon beads can be burned off or salt granules can be leached out. 

Metals can be coated onto an open-cell polymer foam substrate using electroless deposition, 

electrochemical deposition or chemical vapour deposition. Metal foams can also be made by 

an eutectic transformation: the metal is melted in an atmosphere of hydrogen and then cooled 

through the eutectic point, yielding the gas as a separate phase within the metal. Solid state 

processes use powder metallurgy. In the powder sintering method, the powdered metal is 

mixed with a spacing agent which decomposes or evaporates during sintering. Alternatively, a 

slurry of metal powder mixed with a foaming agent in an organic vehicle can be mechanically 

agitated to form a foam which is then heated to give the porous metal. Metal foams can also 

be formed by coating an organic sponge with a slurry of powdered metal, drying the slurry 

and firing to remove the organic sponge.  

Foaming dramatically extends the range of properties available to the engineer. The enormous 

extension of properties creates applications for foams which cannot easily be filled by fully 

dense solids, and offers potential for engineering ingenuity. The low densities permit the 

design of light, stiff components such as sandwich panels and large portable structures, and of 

flotation of all sorts. In the last decades, these porous media have been largely studied 

because of their interesting properties that cover several different technical fields.  

In fact, metal foams are lightweight structures, offering high strength and rigidity, high heat 

transfer surface area which improve energy adsorption and heat transfer in thermal 

applications [46].  

Metal foams have considerable applications in multifunctional heat exchangers, cryogenics, 

combustion chambers, cladding on buildings, strain isolation, buffer between a stiff structure 

and a fluctuating temperature field, geothermal operations, petroleum reservoirs, compact heat 

exchangers for airborne equipment, air cooled condensers and compact heat sinks for power 

electronics. 
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2.4.2 The Structure of Metal Foams  
2.4.2.1 Fundamental Structures and Definitions [45] 

The structure of cells has fascinated natural philosopher for at least 300 years. Hooke 

examined their shape, Kelvin analysed their packing, and Darwin speculated on their origin 

and function. The subject is important to us here because the properties of cellular solids 

depend directly on the shape and structure of the cells. 

The most important structural characteristic of a cellular solid is its relative density (ρ*/ρs) (the 

density, ρ* of the foam divided by that of the solid of which it is made, ρs). 

The fraction of pore space in the foam is its porosity and it is simply: 

 

1
S






   Eq. 257 

 

At first sight one might suppose that the cell size, too, should be an important parameter, and 

sometimes it is; but most mechanical and thermal properties depend only weakly on cell size. 

Cell shape matters much more; when the cells are equiaxed the properties are isotropic, but 

when the cells are even slightly elongated or flattened the properties depend on direction. 

There are important topological distinctions between two-dimensional cells (honeycombs) 

and three-dimensional cells (foams). 

In three dimensions there is also the distinction between cells which are closed (that is, each 

cell is sealed off from its neighbours by membrane-like faces) and those which are open (so 

that the cells interconnected). 

Another important parameter is connectivity. Considering the open-cell metal foams, the 

connectivity of cell edges is the number of edges that meet at a node or vertex: usually four, 

though it can be much higher. 

The study of the geometry of foams has interested several relevant scientists. Plateau (1873), 

in his treatise on solid geometry, identified the cell shape as a rhombic dodecahedron (a 12-

faced, garnet shaped figure), and it is certainly possible to partition space into an array of cells 

with this shape. But it is not the most efficient way to do so. For over a century, it was 

thought that the space-filling cell which minimizes surface area per unit of volume was 

Kelvin’s tetrakaidecahedron with slightly curved faces. (Kelvin, 1887). Recently, using 

computer software for minimization of surface area, Weaire and Phelan (1994) have identified 
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a unit cell of even lower surface area per unit of volume. The unit cell is made up of six 14-

sided cells (with 12 pentagonal and 2 hexagonal faces) and two pentagonal dodecahedra, all 

of equal volume. The 14-sided cells are arranged in three orthogonal axes with the 12-sided 

cells lying in the interstices between them, giving an overall simple cubic lattice structure. 

Only the hexagonal faces are planar: all of the pentagonal faces are curved. 

The Kelvin tetrakaidecahedron and the Weaire-Phelan unit cell are illustrated in Figure 156. 

 

 
Figure 156. Examples of unit cell models: (a) Kelvin tetrakaidecahedron; (b) Weaire-Phelan unit cell [45]. 
 

In three dimensions a great variety of cell shapes is possible. Figure 157 shows most of the 

shapes that can be packed together to fill space, while Figure 158 shows the resulting cellular 

solids. 
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Figure 157. Three-dimensional polyhedral cells: (a) tetrahedron, (b) triangular prism, (c) rectangular prism, 
(d) hexagonal prism, (e) octahedron, (f) rhombic dodecahedron, (g) pentagonal dodecahedron, (h) 
tetrakaidecahedron, (i) icosahedron [45]. 
 

 
Figure 158. The packing of polyhedra to fill the space: (a) triangular prisms, (b) rectangular prisms, (c) 
hexagonal prisms, (d) rhombic dodecahedra, (e) tetrakaidecahedra.[45]. 
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All of these unit cell packings have been suggested as idealizations for the cells in foams, 

together with others which, by themselves, do not pack properly unless distorted: the 

tetrahedron, the icosahedron and the pentagonal dodecahedron. Most foams, of course, are not 

regular packings of identical units, but contain cells of different sizes and shapes, with 

differing numbers of faces and edges. 

If the foam is idealized as a packing of different polyhedra and these fill space without any 

distortions it is possible to calculate the relative density using the geometrical characteristic of 

the base polyhedron. Gibson and Ashby [45] suggest to use the tetrakaidecahedron because it 

gives the most consistent agreement with observed properties. The Authors derived geometric 

relationships for the tetrakaidecahedron unit cell, including the length of the edge of the 

hexagonal window, l. 

 

 
Figure 159. Tetrakaidecahedron structure. 
 

The relative density is given by: 

 

2

1.06
S

t

l




    
 

 Eq. 258 

 

Thus, measuring the fiber thickness t and the length of the edge of the hexagonal window l, it 

is possible to estimate the relative density of the open-cell metal foam. 

For a tetrakaidecahedron unit cell, the following geometric relationships are valid. 
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VC is the tetrakaidecahedron cell volume: 

 

311.31CV l  Eq. 259 

 

SS is the surface area of the tetrakaidecahedron cell: 

 

36SS t l   Eq. 260 

 

The length of the edge of the hexagonal window can be calculated using dp, that is the 

diameter of a circle with an area equivalent to the hexagonal window (of six equilateral 

triangles of edge l-t). 
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Eq. 261 

 

The fiber thickness is obtainable by applying the following equations: 
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 Eq. 262 

 

Finally, the expression of the surface area per unit of volume is: 
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 Eq. 263 

 

Richardson et al. [47] applied similar equations derived for the pentagonal dodecahedron, and 

they found that the results were very close to those of the tetrakaidecahedron. 
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2.4.2.2 Other Unit Cell Models 

Several Authors have proposed different unit cell idealizations in order to simplify the 

geometrical characterization of the porous media. The geometrical characteristics of a metal 

foam can present a wide variation between the nominal pore diameter calculated from the 

number of pores per inch (PPI) and the measured pore diameter, dp. 

The model suggested by Gibson and Ashby [45], and reported in the previous paragraph, 

descends from geometrical considerations about the possible structures which packed together 

can fill space. 

Richardson et al. [47], according to Gibson and Ashby [45], propose the tetrakaidecahedron 

unit cell as a good idealization of the pore structure. In their work, the Authors [47] have also 

suggested an image technique to measure the mean pore diameter which has been partially 

applied here. 

Calmidi [48] proposed an open-cell representation to approximate the metal foam structure as 

shown in Figure 160. 

 

 
Figure 160. Calmidi [48] open-cell representation of metal foam and schematics of the fiber cross sections at 
different porosities. 
 

It is shaped as a cube of unit volume, with porosity ε, with N2 fibers of diameter df and N2 

pores of (dp)c in each of the x, y, z directions. Noting that N=1/(dp)c the ratio between the fiber 

diameter and the pore diameter is given by: 
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  Eq. 264 
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Where G is the shape function that takes into account the variation of the fiber cross section 

with porosity, according to Figure 160. 

 

1

0.041G e



   Eq. 265 

 

Bhattacharya et al. [49] have modified Eq. 264 to reflect the differences between the open-cell 

representation and the three-dimensional dodecahedron structure. First, with reference to 

Figure 160, (dp)c has been replaced by the characteristic cell size, a, which can be determined 

by counting the number of cells in a given length of foam.  

 

1 1
2

3
fd

a G





  Eq. 266 

 

The cell size, a, is equivalent to the distance between two parallel pentagons of the 

dodecahedron structure, and it is equal to 2.23 times the length of the edge of the pentagonal 

face. 

Next, Bhattacharya et al. [49] have made the equivalence between the two structures (cubic 

and dodecahedral), assuming that the square face formed by the cylinders has the same area as 

the pentagonal face formed by the fibers in the dodecahedron. 

Hence, it is possible to recalculate (dp)c as a function of the cell size, a: 

 

  0.59p c
d a  Eq. 267 

 

By replacing a by (dp)c , Eq. 266 becomes: 
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  Eq. 268 

 

In this paragraph, Bhattacharya et al. [49] model is presented according to the Authors, but in 

paragraph 2.4.3.3 it will be explained that, in Eq. 268, (dp)c must be substituted by the cell 

size, a.   
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Finally, it is possible to define the surface area per unit of volume of the unit cell: 
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Eq. 269 

 

 
Figure 161. Fourie and Du Plessis [51] representative unit cell for cellular foams. 
 

Du Plessis et al. [50] representative unit cell (RUC) is illustrated in Figure 161. Du Plessis et 

al. [50] assumed geometrical isotropy “on average” for the foamlike medium. The 

characteristic linear dimension of the RUC is d, which Calmidi [48] and then Bhattacharya et 

al. [49] called (dp)c. 

With reference to the nomenclature defined in Figure 161, the ratio of the characteristic pore 

width (dp)d to the characteristic RUC dimension d can be written as: 

 

  3

2

p d
d

d

 



   Eq. 270 

 

Where χ is the tortuosity, which is defined as the total tortuous pore length within a linear 

length scale, divided by the linear length scale in the porous medium. 

Fourie and Du Plessis [51] proposed the following equation: 
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 14 1
2 2cos cos 2 1

3 3

       
 Eq. 271 

 

And also the specific surface area of the RUC can be calculated, using: 

 

    3
3 1v d

S
d

     Eq. 272 

 

Finally, it is important to underline that for Du Plessis et al. [50] and Fourie and Du Plessis 

[51] the cell size, a, and (dp)d are linked by: 

 

3 1.7320a d d   Eq. 273 

 

Bhattacharya et al. [49] modified the tortuosity model proposed by Du Plessis et al. [50] 

giving: 
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 Eq. 274 

 

Where G is the shape function defined by Eq. 265. 

 

In Table 52, the three analysed models are summarized and compared, reporting the most 

important proposed equations. 

 

 

 

 

 



 
 
Part 2: Single-Phase Enhanced Heat Transfer 

 

 
Simone Mancin 

258 

 

Table 52. Representative foam structure models. 

Parameter  Link 
Representative Unit Cell 

 
Gibson and Ashby [45] 
tetrakaidecahedron: t fiber thickness, l hexagonal face edge 
length, dp equivalent diameter of the circle equal to the 
hexagonal face 

Figure 159 

 
Calmidi [48] (a) and Bhattacharya et al. [49] (b) 

(a) cubic unit cell: df fiber diameter and (dp)c cubic cell 
characteristic length  

(b) dodecahedron: a characteristic cell size, l pentagon 
face edge length 

Figure 160 

 
Du Plessis et al. [50] and Fourie and Du Plessis [51] 
RUC, representative unit cell: d characteristic length, ds  

fiber thickness, (dp)d =d-ds 

Figure 161 

Tortuosity 
 
Bhattacharya et al. [49] 
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Eq. 274 

 
Fourie and Du Plessis [51] 
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Eq. 271 

Pore Dimensions 
 
Calmidi [48] 

 
1 1

2
3

f

p c

d

Gd







 

Bhattacharya et al. [49] (substitute (dp)c with a) 
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Eq. 264 
 
 
 

Eq. 268 

 
Fourie and Du Plessis [51] 
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Eq. 270 
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Surface Area per Unit of Volume 
 
Gibson and Ashby [45] 
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Eq. 263 

 
Calmidi [48] and Bhattacharya et al. [49] (unit cell) 
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Du Plessis et al. [50] and Fourie and Du Plessis [51] (RUC) 
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2.4.3 Aluminum Metal Foams 
2.4.3.1 Introduction and Geometrical Properties 

Six aluminum metal foams (acquired from ERG Aerospace, Inc.) have provided in each test 

sample the most important structural characteristic: relative density. The test samples consist 

of a 40 mm thick foam core brazed between two 10 mm thick aluminum plates. The technical 

characteristics, provided by the supplier, of the six test samples used in this work are listed in 

Table 53. 

 

 

As suggested by Richardson et al. [47], the fiber diameter and the length of the fiber between 

two adjacent vertices were measured by analyzing different high resolution photos. Four 

photos for each test sample were taken and the measurements were carried out using the tools 

of CorelDRAW 11 graphic software. 

 

 
Figure 162. Photo of the fiber thickness measurement procedure (S-3: 10 PPI, ε=0.934). 

Table 53. Properties of the aluminum foams provided by ERG Inc. 

Sample PPI  
[pore/inch] 

Relative Density 
[%] 

Porosity, ε 
[-] 

S-1 5 7.9 0.921 
S-2 10 4.4 0.956 
S-3 10 6.6 0.934 
S-4 10 9.7 0.903 
S-5 20 6.8 0.932 
S-6 40 7.0 0.930 
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Figure 163. Photo of the edge measurement procedure (S-3: 10 PPI, ε=0.934). 
 

Two examples of the measurement procedure are reported in Figure 162 and Figure 163; in 

particular, Figure 162 shows the fiber thickness measurement. Several measures for each 

photo were collected and then statistically analysed. The frequency of the different classes 

was calculated and then a normal distribution was applied. 
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Figure 164. Distribution of the frequencies of fiber thickness measures. 
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An example of the statistical analysis is plotted in Figure 164; the normal distribution appears 

to fit well the observed frequencies of the fiber thickness.  

 

Table 54. Fiber thickness measurement: t, df or ds . 

Sample PPI Mean  
Value 
[mm] 

Maximum 
Value 
[mm] 

Minimum 
Value 
[mm] 

Standard 
Deviation 

[mm] 
S-1 5 0.540 0.681 0.384 0.056 
S-2 10 0.445 0.603 0.321 0.050 
S-3 10 0.450 0.578 0.364 0.039 
S-4 10 0.529 0.782 0.400 0.064 
S-5 20 0.367 0.620 0.259 0.062 
S-6 40 0.324 0.468 0.240 0.040 

 

Table 55. Fiber length measurement: l. 

Sample PPI Mean  
Value 
[mm] 

Maximum 
Value 
[mm] 

Minimum 
Value 
[mm] 

Standard 
Deviation 

[mm] 
S-1 5 1.959 3.574 0.917 0.518 
S-2 10 1.351 2.376 0.630 0.339 
S-3 10 1.785 2.862 0.838 0.423 
S-4 10 1.870 3.050 0.922 0.441 
S-5 20 1.218 2.009 0.644 0.271 
S-6 40 1.072 1.756 0.454 0.254 

 

The results of the measurements for all the experimental specimens are reported in Table 54 

and Table 55, in terms of mean value, maximum value, minimum value and standard 

deviation of the measurements. 

Finally, in Table 56, both the measured and the provided properties of the tested aluminum 

metal foams are summarized. 

 

Table 56. Properties of the tested aluminum foams. 

Sample PPI Relative 
Density 

[%] 

Porosity 
[-] 

t, df or ds 
[mm] 

Fiber Length 
[mm] 

S-1 5 7.9 0.921 0.540 1.959 
S-2 10 4.4 0.956 0.445 1.351 
S-3 10 6.6 0.934 0.450 1.785 
S-4 10 9.7 0.903 0.529 1.870 
S-5 20 6.8 0.932 0.367 1.218 
S-6 40 7.0 0.930 0.324 1.072 
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Although the models proposed for the structure modeling appear to be simple and easy to 

apply, they present some difficulties because the morphology of the porous medium is 

complicated and sometimes such defined parameters are hard to understand.  

Therefore, in the following, some of the calculation results obtained by applying Gibson and 

Ashby [45], Calmidi [48], Bhattacharya et al. [49], Fourie and Du Plessis [51] representative 

models will be presented. 

 

2.4.3.2 Gibson and Ashby [45] Representative Model 

The Authors’ representative unit cell is the tetrakaidecahedron; its most important 

characteristics have been discussed in paragraph 2.4.2. 

Starting from the measured values, it is possible to follow two different ways: the first is to 

calculate the porosity starting from the measured properties, while the second consists in the 

fiber length evaluation using the measured fiber thickness and the relative density provided by 

the supplier. 

The results listed in Table 57 were obtained using the measured geometrical properties. The 

porosity was calculated by applying Eq. 257 and Eq. 258; it is interesting to highlight that the 

tetrakaidecahedron structure appears to be in good agreement with the provided porosity. The 

greater deviation is observed for S-2, which presents the highest porosity, ε=0.956. 

Three samples (S-2, S-3, and S-4) with PPI=10 and different relative density (or porosity) 

have been acquired in order to understand the influence of this property on heat transfer and 

fluid flow behaviours. For these three samples, the deviation between the calculated and the 

experimental porosity increases as the porosity decreases. Only one sample results to be 

underestimated  (S-4). 

 

Table 57. Results of Gibson and Ashby [45] model, part 1. 

Sample PPI t 
 

[mm] 

l 
 

[mm] 

Relative 
Density 

[%] 

Provided 
Porosity 

[-] 

Calculated 
Porosity 

[-] 

CALC 



 

[%] 

S-1 5 0.540 1.959 7.9 0.921 0.919 0.2 
S-2 10 0.445 1.351 4.4 0.956 0.885 7.4 
S-3 10 0.450 1.785 6.6 0.934 0.933 0.1 
S-4 10 0.529 1.870 9.7 0.903 0.915 -1.4 
S-5 20 0.367 1.218 6.8 0.932 0.904 3.0 
S-6 40 0.324 1.072 7.0 0.930 0.903 2.9 
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The second way allows to calculate the hexagonal face edge length l, starting from the 

measured fiber thickness and the provided porosity; the results are summarized in Table 58. 

Again, only the sample which presents the higher porosity is not fitted by the model; the 

deviation between the calculated fiber length and that experimentally measured increases with 

the increasing of the number of pores per inch. 

 

Table 58. Results of Gibson and Ashby [45] model, part 2. 

Sample PPI t 
 

[mm] 

Relative  
Density 

[%] 

l 
 

[mm] 

Calculated 
l 

[mm] 

∆l 
 

[mm] 

S-1 5 0.540 7.9 1.959 1.979 0.020 
S-2 10 0.445 4.4 1.351 2.183 0.832 
S-3 10 0.450 6.6 1.785 1.801 0.016 
S-4 10 0.529 9.7 1.870 1.747 -0.123 
S-5 20 0.367 6.8 1.218 1.448 0.230 
S-6 40 0.324 7.0 1.072 1.261 0.189 

 

From this brief analysis of the model proposed by Gibson and Ashby [45], it appears that this 

is in great agreement with the experimental measures; only the sample which presents the 

highest porosity does not match  the tetrakaidecahedron structure. 

 

Table 59. Results of Gibson and Ashby [45] model, part 2. 

Sample PPI Relative  
Density 

[%] 

t 
 

[mm] 

l 
 

[mm] 

Sv 

 

[m2m-3] 

dp 
 

[mm] 

S-1 5 7.9 0.540 1.959 5559 3.252 
S-2 10 4.4 0.445 1.351 6753 3.587 
S-3 10 6.6 0.450 1.785 6680 2.961 
S-4 10 9.7 0.529 1.870 5681 2.872 
S-5 20 6.8 0.367 1.218 8187 2.380 
S-6 40 7.0 0.324 1.072 9268 2.072 

  

Table 59 lists the results of the calculations obtained by applying the representative model 

proposed by Gibson and Ashby [45], among which are the surface area per unit of volume 

(Eq. 263) and the diameter dp. 
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2.4.3.3 The Other Structural Models: Calmidi [48], Bhattacharya et al. [49], 
Du Plessis et al. [50] and Fourie and Du Plessis [51]. 

In paragraph 2.4.2.2, two alternative structural models were presented and compared in order 

to propose alternative interpretations of foams. These models were developed in order to 

describe the heat transfer and fluid flow behaviours of different porous media. 

In this paragraph, the model proposed by Calmidi [48] and rielaborated by Bhattacharya et al. 

[49] is compared against the representative idealization suggested by Du Plessis et al. [50] 

and Fourie and Du Plessis [51]. 

Figure 165 reports the comparison between the proposed tortuosity models, where tortuosity 

is a function of porosity. These calculations were performed using the porosities of the six test 

samples. As highlighted, the model proposed by Fourie and Du Plessis [51] decreases as the 

porosity increases, while the equation suggested by Bhattacharya et al. [49] increases. The 

two models present the same tortuosity for porosity, equal to 0.96. 
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Figure 165. Comparison between the two tortuosity models, with tortuosity as a function of the porosity. 
 

After this comparison, some calculations were done to evaluate the different experimental 

properties used in the heat transfer and fluid flow analyses. 
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Table 60. Results of the Calmidi [48] model. 

Sample PPI Relative  
Density 

[%] 

t 
 

[mm] 

df  / (dp)c 
 

[mm] 

(dp)c 
 

[mm] 

S-1 5 7.9 0.540 0.2126 2.541 
S-2 10 4.4 0.445 0.2048 2.171 
S-3 10 6.6 0.450 0.2071 2.170 
S-4 10 9.7 0.529 0.2226 2.375 
S-5 20 6.8 0.367 0.2079 1.765 
S-6 40 7.0 0.324 0.2086 1.553 

 

Using the relative density and the measured fiber thickness, it is possible to calculate the pore 

diameter suggested by Calmidi [48]; the results are listed in Table 60. 

When the revised model proposed by Bhattacharya is applied, the calculation can be 

performed starting from the relative density and from the cell size or using the fiber thickness. 

 

Table 61. Results of Bhattacharya et al. [49] model. 

Sample PPI Relative  
Density 

[%] 

t 
 

[mm] 

df  / (dp)c 
 

[mm] 

(dp)c 
 

[mm] 

S-1 5 7.9 0.540 0.1254 4.307 
S-2 10 4.4 0.445 0.1209 3.680 
S-3 10 6.6 0.450 0.1222 3.678 
S-4 10 9.7 0.529 0.1313 4.025 
S-5 20 6.8 0.367 0.1226 2.991 
S-6 40 7.0 0.324 0.1231 2.632 

 

The results reported in Table 61 appear quite strange, as the calculated pore diameter is far 

from those obtained applying Calmidi et al. [48] model. In fact, present authour suggests to 

(dp)c with the cell size a in Eq. 268, paragraph 2.4.2.2.  

Therefore, in Table 62, the results of the modified Bhattacharya et al. model are proposed. 

The calculated fiber thicknesses are in good agreement with the measured ones, and the new 

computed pore diameters are closer to those presented in Table 60. Hence in Eq. 268 it is 

important to substitute (dp)c with the cell size, which is estimated to be 2.23 times the 

measured fiber length.  
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Table 62. Results of the modified Bhattacharya et al. [49] model. 

Sample PPI Relative  
Density 

[%] 

df 
 

[mm] 

a 
 

[mm] 

Calculated 
df 

[mm] 

(dp)c 
 

[mm] 

S-1 5 7.9 0.540 4.369 0.548 2.577 
S-2 10 4.4 0.445 3.013 0.364 1.778 
S-3 10 6.6 0.450 3.981 0.486 2.349 
S-4 10 9.7 0.529 4.170 0.548 2.460 
S-5 20 6.8 0.367 2.716 0.333 1.603 
S-6 40 7.0 0.324 2.391 0.294 1.410 

 

Finally, the calculation results obtained by applying Fourie and Du Plessis [51] model are 

reported in Table 63. The characteristic cell length (dp)d is calculated using again the 

measured fiber thickness. Comparing the characteristic unit cell lengths proposed by the 

different Authors, it can be seen that there is a great agreement. 

 

Table 63. Results of the Fourie and Du Plessis [51] model. 

Sample PPI Relative  
Density 

[%] 

ds 
 

[mm] 

ds  / d 
 

[-] 

Calculated 
d 

[mm] 

(dp)d 
 

[mm] 

S-1 5 7.9 0.540 0.1725 3.132 2.592 
S-2 10 4.4 0.445 0.1266 3.514 3.069 
S-3 10 6.6 0.450 0.1567 2.868 2.418 
S-4 10 9.7 0.529 0.1926 2.744 2.216 
S-5 20 6.8 0.367 0.1592 2.303 1.937 
S-6 40 7.0 0.324 0.1617 2.003 1.679 

 

Finally, in Table 64 the three models are applied to calculate the surface area per unit of 

volume of the representative unit cell. 

The highest values have been obtained by the equation suggested by Calmidi [48], while the 

lowest are exhibited by Fourie and Du Plessis [51] model.  
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Table 64. Unit cell surface area per unit of volume models. 

Sample PPI Relative  
Density 

[%] 

Sv 

 
[m2m-3] 

  
 

Calmidi [48] Bhattacharya et al. 
[49] 

Fourie and  
Du Plessis [51] 

S-1 5 7.9 789 766 547 
S-2 10 4.4 889 1327 378 
S-3 10 6.6 900 768 553 
S-4 10 9.7 883 823 680 
S-5 20 6.8 1110 1346 698 
S-6 40 7.0 1266 1535 812 
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2.4.4 Experimental Results 
2.4.4.1 Introduction 

As reported in the brief initial overview, numerous Authors have investigated heat transfer 

and fluid flow through cellular structure materials and, in particular, through foams. 

Considering the heat transfer behaviour of metal and non-metal foams, this topic has been 

experimentally studied by different research groups all over the world, among which: Calmidi 

and Mahajan [25], Calmidi [48], Hsieh et al. [26], Kim et al. [27], Hwang et al. [28], Kim et 

al. [29], Dukhan and Chen [53], Giani et al. [54], Fu et al. [55], Younis and Viskanta [56]. 

Pressure drops during single-phase flow through porous media, foams, have been 

experimentally measured by several scientists such as Richardson et al. [47], Bhattacharya et 

al. [49], Beavers and Sparrow [52], Paek et al. [57], Liu et al. [58], Hamaguchi et al. [59] and 

Vafai and Tien [60]. 

Moreover, heat transfer and fluid flow have been modeled by various Authors; a complete 

synthesis of the proposed correlations for heat transfer coefficient and pressure drop 

estimation has been suggested by Mahjoob and Vafai [61]. 

The experimental results concerning heat transfer and fluid flow of air through five aluminum 

metal foams will be presented in the following paragraphs. 

 

2.4.4.2 Set-up Arrangement 

The test facility was set up in order to allow heat transfer and pressure drop measurements for 

single-phase air flow through different Al 6101 alloy aluminum foams. Five of the six 

previously characterized samples were tested: S-1, S-2, S-3, S-4, S-6. The remaining, S-5, 

with 20 PPI and a porosity of 0.932, will be characterized in a different experimental 

campaign. 

The samples were located in the bakelite channel on a copper heater measuring 100 x 100 

mm, which was designed as described in paragraph 2.2.4.1 and illustrated in Figure 166. The 

aluminum foam samples were equipped with twelve T-Type calibrated thermocouples, 

inserted in twelve holes drilled into two guides milled all around the two aluminum plates. Six 

thermocouples were inserted in the upper plate and six in the bottom one (Figure 168). They 

were used to measure the temperatures of the two plates during the heat transfer 

measurements.  

A new mixer was designed to ensure uniform distribution of air at the exit of the test sample; 

the device was different from the one developed for the finned surface measurements. 
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Figure 166. Photo of an instrumented test sample inserted in a part of the bakelite channel during the 
assembly work. 

 

Figure 167 shows a top-view photo of the new mixer. When the air arrives, it is vertically 

mixed by several horizontal fins; it is then displaced by the vertical obstacles and, finally, two 

horizontal blocks are inserted. 

 

 
Figure 167. Top view photo of the new mixer especially designed for the aluminum foam tests. 
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Figure 168. Executive drawing of the test sample. 

 

The shape of this mixer was designed to allow it to be located after the test sample, before the 

temperature probes. 

The other technical solutions have been discussed in paragraph 2.2.4. The fully equipped test 

section for the foam heat transfer and pressure drop measurements is illustrated in Figure 169. 
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Figure 169. Photo of the fully equipped test section. 

  

Sixteen calibrated T-Type thermocouples were inserted at the inlet and outlet of the test 

section to measure temperature distributions: eight of them were located at the inlet and eight 

at the outlet.  

Three of the eight temperature probes inserted at the outlet of the test section are evident in 

Figure 169, which also show the pressure measurement lines. 
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2.4.4.3 Data Reduction  

In paragraph 2.2.5, the data reduction procedure was presented, but not all calculated 

parameters were analyzed, because some of them are exclusive to each test sample. While the 

heat transfer coefficient can be calculated by the Eq. 212 defined in paragraph 2.2.5.1 using 

the base area, the pressure drops can be analyzed differently.  

In particular, the foams are characterized by two important parameters which describe the 

fluid flow through their structure: the permeability, K, and the inertia coefficient, f. As 

suggested by Beavers and Sparrow [52], which based their analysis on the first study on non-

Darcy flow in porous media proposed by Reynolds (1900), the experimental pressure gradient 

may be represented by the form: 

 

2

EXP

dp u f u

dz K K

       
 

 Eq. 275 

 

Beavers and Sparrow [52] present the following rationale to support the form of Eq. 275. For 

very low speed flow, i.e. Darcy flow, it is well established that the pressure gradient is a linear 

function of the velocity. At higher velocities, departures from Darcy’s law are due to inertial 

effects, first such as separation (i.e. form drag) and later such as turbulence. Inertia effects are 

reckoned to be proportional to ρu2.  

K is the permeability of the porous media, which, according to Darcy’s law, is the measure of 

the flow conductance of the matrix; it is expressed in m2 (Kaviany) [62]. The second term 

reports the quadratic dependence of the pressure drop on the velocity and defines the inertia 

coefficient, f. The other quantities are the air dynamic viscosity, μ, the air density, ρ, and the 

air frontal velocity at the inlet of the foam, u.  

The collected experimental data points allow to estimate the permeability K and the inertia 

coefficient f. In fact, Eq. 275 can be rewritten as: 

 

1

EXP

dp f u
a b u

dz u K K

           
 

 Eq. 276 
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The experimental results have shown that the pressure gradient divided by the air velocity is a 

linear function of the air velocity, and the two constants a and b allow to calculate the 

permeability and inertia coefficient, respectively. 

 

K
a


  Eq. 277 

 

And: 

 

b K
f


  Eq. 278 
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2.4.4.4 Experimental Uncertainty 

As in the case of the traditional finned surface, the theory of experimental uncertainty is not 

presented here, because it has been analyzed in paragraph 1.3.2.1. 

Starting from the air heat flow rate, the maximum and average experimental values of its 

uncertainty are reported in Table 65.  

 

Table 65. Air heat flow rate experimental uncertainty. 

 qair ∆tair airm  

im [%] 1.33 0.41 0.8 

imax [%] 1.41 0.71 0.8 

 

The experimental uncertainty of the air heat flow rate is always lower than ±1.5%, this is due 

to the uncertainty of the air temperature difference, which is low because the air temperature 

gain through the heated samples is always higher than 9.9 °C. 

Considering the product of the heat transfer coefficient and the surface area efficiency, called 

global heat transfer coefficient, its uncertainty analysis is summarized in Table 66. 

 

Table 66. Heat transfer coefficient experimental uncertainty. 

 HTC Ω* ∆tml PEL 

im [%] 1.03 0.11 0.08 

imax [%] 1.02 0.19 0.08 

 

The uncertainty of the heat transfer coefficient is almost constant and equivalent to ±1%, its 

maximum value is 9.7 W m-2 K-1.  

Finally, the pressure drop uncertainty depends on the differential pressure transducer used in 

the experimental campaign. In order to measure the air pressure drops through the aluminum 

foam, the Rosemount instrument has been substituted by the Druck one (1000 Pa full scale). 

This differential pressure transducer has an accuracy of ±1 Pa, hence the average uncertainty 

on the experimental pressure drops is ±0.27%, with a maximum value of ±0.91%. 

Considering the permeability and inertia coefficient, they present an uncertainty of ±0.8% and 

±1.4%, respectively. 
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2.4.4.5 Operating Test Conditions 

Heat transfer coefficient and pressure drop measurements during air flow through five 

aluminum metal foams were carried out. The most important experimental test conditions are 

listed in Table 67. The heat balance between the electric power supplied to the test sample and 

the measured heat flow rate was also controlled. 

The measurements were taken imposing three different heat fluxes: 250 W, 325 W and 

400 W, which correspond to 25.0, 32.5 and 40.0 kW m-2, respectively. The air flow rate was 

varied between 0.01 and 0.025 kg s-1, while the pressure at the inlet of the test section was 

always set around the value of that of ambient conditions. 

 

Table 67. Operating test conditions. 

Parameter Range 

Air Mass Flow Rate 0.01– 0.025 kg s-1 

Absolute Pressure Near Ambient Conditions 

Heat Flux 250, 325 and 400 W 

Air Frontal Velocity 2.0 – 5 m s-1 

 

The most important properties of the studied Al6001 alloy aluminum foams are summarised 

in Table 56 for reader convenience.   

 

Table 68. Properties of the tested aluminum foams. 

Sample PPI Relative 
Density 

[%] 

Porosity 
ε 

[-] 

Fiber 
Thickness 

[mm] 

Fiber Length 
 

[mm] 
S-1 5 7.9 0.921 0.540 1.959 
S-2 10 4.4 0.956 0.445 1.351 
S-3 10 6.6 0.934 0.450 1.785 
S-4 10 9.7 0.903 0.529 1.870 
S-5 20 6.8 0.932 0.367 1.218 
S-6 40 7.0 0.930 0.324 1.072 

 

In the following, the experimental results in terms of heat balance, heat transfer coefficient, 

pressure drop, permeability and inertia coefficient will be presented for S-1, S-2, S-3, S-4, S-6 

samples, then the heat transfer behaviour of all the tested specimens will be compared. 
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2.4.4.6 5 PPI Aluminum Foam Sample: S-1 

The experimental measurements of 5 PPI aluminum foam with a porosity of 0.921 are here 

presented.  

In Figure 170, the HB calculated value is plotted against the air mass flow rate. The heat 

balance decreases as the flow rate increases; the measured air heat flow rate is always lower 

than the supplied electric power, and it appears to be independent of the heat flux. 
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Figure 170. Heat balance plotted against air mass flow rate. HF: Heat Flux [kW m-2] 

 

Figure 171 and Figure 172 report the heat transfer results. The global heat transfer coefficient 

and the mean wall temperature are plotted against the air mass flow rate as a function of the 

imposed heat flux. The global heat transfer coefficient appears to be independent from the 

imposed heat flux.  

It increases with increasing air flow rate and it varies between 591 and 816 W m-2 K-1. The 

mean wall temperature, calculated according to Eq. 215, imposing tair,in=25 °C , decreases as 

the air flow rate increases. At a constant mass flow rate, the temperature increases with the 

electric power.   
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Figure 171. Global heat transfer coefficient of the S-1 plotted against air mass flow rate. HF: Heat Flux 
[kW m-2] 
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Figure 172. Mean wall temperature evaluated using Eq. 215. tair=25 °C. HF: Heat Flux [kW m-2].  
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Figure 173. Experimental pressure drops plotted against air mass flow rate.         
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Figure 174. Inertia coefficient f and permeability K plotted against air mass flow rate. 
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The fluid flow results are reported in Figure 173 and Figure 174. In particular, Figure 173 

plots the pressure drop as a function of the flow rate; it appears that the pressure losses 

increase as the mass flow rate increases, rising from 149 to 664 Pa when the air flow rate 

changes from 0.011 to 0.024 kg s-1. 

Figure 174 illustrates the inertia coefficient, f, and the permeability, K, plotted against the air 

mass flow rate. These values appear to be constant for all operating test conditions; the inertia 

coefficient varies between 0.074 and 0.075, while the permeability ranges between 1.484 and 

1.493 (10-7) m2 
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2.4.4.7 10 PPI Aluminum Foam Sample: S-2 

The experimental measurements of 10 PPI aluminum foam with a porosity of 0.956 are here 

presented.  

As it appears from the next figures, only two data sets were carried out for this test sample, 

imposing 250 W and 325 W. In fact, since the sample has low heat transfer performance, the 

wall temperature sharply increases as the electric power increases. Thus, in order to prevent 

any possible damage to the test section, the experimental tests were stopped at 325 W.  

First of all, the heat balance between the electric power and the measured heat flow rate is 

presented. Figure 175 plots the HB deviations against the air mass flow rate. 

 The heat balance is quite constant with the flow rate; the measured air heat flow rate is 

always lower than the supplied electric power. 
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Figure 175. Heat balance plotted against air mass flow rate. HF: Heat Flux [kW m-2]. 
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Figure 176. Global heat transfer coefficient of S-2 plotted against air mass flow rate. HF: Heat Flux    
[kW m-2]. 
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Figure 177. Mean wall temperature evaluated using Eq. 215. tair=25 °C. HF: Heat Flux [kW m-2]. 
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Figure 178. Experimental pressure drops plotted against air mass flow rate.         
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Figure 179. Inertia coefficient f and permeability K plotted against air mass flow rate. 
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Figure 176 and Figure 177 report the heat transfer results. The global heat transfer coefficient 

and the mean wall temperature are plotted against the air mass flow rate as a function of the 

imposed heat flux. The global heat transfer coefficient appears to be independent from the 

imposed heat flux. It increases with increasing air flow rate, varying between 388 and 560 W 

m-2 K-1. The mean wall temperature, calculated according to Eq. 215, imposing tair,in=25 °C, 

decreases as the air flow rate increases. At constant mass flow rate, the temperature increases 

with the imposed electric power.   

The fluid flow results are reported in Figure 178 and Figure 179. In particular, Figure 178  

plots the pressure drops as a function of the flow rate; it appears that the pressure losses 

increase as the mass flow rate increases, varying between 188 and 784 Pa. 

Figure 179 illustrates the inertia coefficient, f, and the permeability, K, plotted against the air 

mass flow rate. These values appear to be quite constant for all operating test conditions. The 

inertia coefficient varies between 0.075 and 0.078, while the permeability ranges between 

1.087 and 1.095 (10-7) m2. 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

285 

2.4.4.8 10 PPI Aluminum Foam Sample: S-3 

The experimental measurements of 10 PPI aluminum foam with a porosity of 0.934 are here 

presented.  

First of all, the heat balance between the imposed electric power and the measured air heat 

flow rate is presented in Figure 180, plotted against the air mass flow rate. HB is negative, and 

it decreases when the air flow rate rises from 0.01 to around 0.017 kg s-1, where HB is equal 

to zero. Then, the deviation increases as the air flow rate increases. 
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Figure 180. Heat balance plotted against air mass flow rate. HF: Heat Flux [kW m-2]. 

 

Figure 181 and Figure 182 report the heat transfer result. The global heat transfer coefficient 

and the mean wall temperature are plotted against the air mass flow rate as a function of the 

imposed heat flux. The global heat transfer coefficient appears to be independent from the 

imposed heat flux and it increases when the flow rate increases, varying between 486 and 

753 W m-2 K-1. The mean wall temperature, calculated according to Eq. 215, imposing 

tair,in=25 C, decreases as the air flow rate increases. At constant mass flow rate, the 

temperature increases with the electric power.  
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Figure 181. Global heat transfer coefficient of S-3 plotted against air mass flow rate. HF: Heat Flux   
[kW m-2]. 
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Figure 182. Mean wall temperature evaluated using Eq. 215. tair=25 °C. HF: Heat Flux [kW m-2]. 
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Figure 183. Experimental pressure drops plotted against  air mass flow rate.         
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Figure 184. Inertia coefficient, f and permeability K plotted against air mass flow rate. 
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The fluid flow results are reported in Figure 183 and Figure 184 In particular, Figure 183 

plots the measured pressure drops as a function of the flow rate; it appears that the pressure 

losses increase as the mass flow rate increases, passing from 110 to 638 Pa when the air mass 

flow rate varies from 0.01 to 0.025 kg s-1. 

Figure 184 illustrates the inertia coefficient, f, and the permeability, K, plotted against the air 

mass flow rate. These values appear to be constant for all operating test conditions. The 

inertia coefficient varies between 0.062 and 0.065, while the permeability ranges between 

1.194 and 1.233 (10-7) m2. 
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2.4.4.9 10 PPI Aluminum Foam Sample: S-4  

The experimental measurements of 10 PPI aluminum foam with a porosity of 0.903 are here 

presented.  

First of all, the heat balance between the electric power and the measured heat flow rate is 

presented. Figure 185 plots the HB calculated value against the air mass flow rate. The heat 

balance decreases as the flow rate increases and the measured air heat flow rate is always 

lower than the supplied electric power. 
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Figure 185. Heat balance plotted against air mass flow rate. HF: Heat Flux [kW m-2]. 

 

Figure 186 and Figure 187 report the heat transfer results. The global heat transfer coefficient 

and the mean wall temperature are plotted against the air mass flow rate as a function of the 

imposed heat flux. The global heat transfer coefficient appears to be independent from the 

imposed heat flux; it increases with increasing flow rate and varies between 656 and 

947 W m-2 K-1. The mean wall temperature, calculated according to Eq. 215, imposing 

tair,in=25 °C, decreases as the air flow rate increases. At constant mass flow rate, the 

temperature increases with the electric power.   
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Figure 186. Global heat transfer coefficient of S-4 plotted against air mass flow rate. HF: Heat Flux   
[kW m-2]. 

 

50

60

70

80

90

100

110

120

130

0.005 0.01 0.015 0.02 0.025 0.03

Air Mass Flow Rate [kg s-1]

M
e

a
n

 W
a

ll
 T

e
m

p
e

ra
tu

re
 [

°C
]

HF=25.0, S-4

HF=32.5, S-4

HF=40.0, S-4

 
Figure 187. Mean wall temperature evaluated using Eq. 215. tair=25 °C. HF: Heat Flux [kW m-2]. 
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Figure 188. Experimental pressure drops plotted against air mass flow rate.         
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Figure 189. Inertia coefficient, f and permeability K plotted against air mass flow rate. 
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The fluid flow results are reported in Figure 188 and Figure 189 In particular, Figure 188 

plots the pressure drops as a function of the air flow rate; it appears that the pressure losses 

rise as the mass flow rate increases, varying between 111 and 573 Pa. 

Figure 189 illustrates the inertia coefficient, f, and the permeability, K, plotted against the air 

mass flow rate. These values appear to be constant for all operating test conditions. The 

inertia coefficient varies between 0.055 and 0.057, while the permeability ranges between 

1.194 and 1.204 (10-7) m2. 
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2.4.4.10 40 PPI, Aluminum Foam Sample: S-6 

The experimental measurements of 40 PPI aluminum foam with a porosity of 0.930 are here 

presented.  

First of all, the heat balance between the imposed electric power and the measured air heat 

flow rate is presented. Figure 190 plots HB against the air mass flow rate. The heat balance 

decreases as the flow rate increases; at high air mass flow rate the air heat flow rate tends to 

the value of the supplied electric power and the deviation tends to zero. 
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Figure 190. Heat balance plotted against air mass flow rate. HF: Heat Flux [kW m-2]. 

 

Figure 191 and Figure 192 report the heat transfer results. The global heat transfer coefficient 

and the mean wall temperature are plotted against the air mass flow rate as a function of the 

imposed heat flux. The global heat transfer coefficient appears to be independent from the 

imposed heat flux; it increases when the air flow rate increases and varies between 537 and 

773 W m-2 K-1. The mean wall temperature, calculated according to Eq. 215, imposing 

tair,in=25 °C , decreases as the air flow rate increases. At constant mass flow rate, the 

temperature increases with the electric power.   
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Figure 191. Global heat transfer coefficient of S-6 plotted against air mass flow rate. HF: Heat Flux   
[kW m-2]. 
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Figure 192. Mean wall temperature evaluated using Eq. 215. tair=25°C. HF: Heat Flux [kW m-2]. 
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Figure 193. Experimental pressure drops plotted against air mass flow rate.         
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Figure 194. Inertia coefficient f and permeability K plotted against the air mass flow rate. 
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The fluid flow results are reported in Figure 193 and Figure 194. In particular, Figure 193 

plots the pressure drops as a function of the flow rate; it appears that the pressure losses rise 

as the air mass flow rate increases, varying between 288 and 1168 Pa. 

Figure 194 illustrates the inertia coefficient, f, and the permeability, K, plotted against the air 

mass flow rate. These values appear to be constant for all operating test conditions. The 

inertia coefficient varies between 0.074 and 0.077, while the permeability ranges between 

0.477 and 0.481 (10-7) m2. 
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2.4.4.11 Comparison Between the Tested Aluminum Foams 

The comparison between the global heat transfer behaviours of the different tested aluminum 

foams are now presented. As already mentioned, five of the six acquired aluminum foams 

have been tested. They present different structural properties which influence their global heat 

transfer performance during single-phase air flow. These properties are listed in Table 68. 

First of all, all the tested metal foams were compared in order to find the one with the best 

heat transfer behaviour in the investigated range of operating conditions. 

 Figure 195, Figure 196 and Figure 197 plot the global heat transfer coefficient, which is the 

product of the heat transfer coefficient and the surface area efficiency, against the air mass 

flow rate for three imposed heat fluxes.  

The data set referred to S-2, shown in Figure 197, was simulated. In fact, the experimental 

data points were not carried out, as the wall temperatures at 32.5 kW m-2, taken during the 

preview measurements, were too high. This procedure is acceptable, since the experimental 

heat transfer coefficients appear to be independent from the imposed heat flux (Figure 176). 
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Figure 195. Comparison between the tested aluminum foams: global heat transfer coefficient plotted against 
air mass flow rate. HF=25.0 kW m-2. 
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Figure 196. Comparison between the tested aluminum foams: global heat transfer coefficient plotted against 
air mass flow rate. HF=32.5 kW m-2. 

 

350

400

450

500

550

600

650

700

750

800

850

900

950

1000

0.005 0.01 0.015 0.02 0.025 0.03
Air Mass Flow Rate [kg s-1]

H
T

C
·Ω

* 
[W

 m
-2

 K
-1

]

HF=40.0, S-1

HF=40.0, S-3

HF=40.0, S-4

HF=40.0, S-6

HF=40.0, S-2 Sim.

 
Figure 197. Comparison between the tested aluminum foams: global heat transfer coefficient plotted against 
air mass flow rate. HF=40.0 kW m-2. 
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The global heat transfer coefficient of the different aluminum foams shows the same trend for 

all the imposed heat fluxes. In particular, the best heat transfer behaviour was exhibited by the 

10 PPI aluminum foam, which presents the lowest porosity (ε=0.903), while the worst was 

that of another 10 PPI sample, the one presenting the highest porosity (ε=0.956). 

Looking at Figure 195, it appears that the 40 PPI aluminum foam exhibits a global heat 

transfer coefficient lower than that of the 5 PPI aluminum foam. On the other hand, the 40 

PPI metal foam presents a heat transfer area higher than that of the 5 PPI aluminum foam, 

because the heat transfer area increases as the number of pores per inch increases, as reported 

in Figure 198.  

 

 
Figure 198. Surface area per unit of volume plotted against relative density. (1 in2in-3= 39.37 m2m-3) [63]. 

 

A possible explanation for this behaviour is the following. Since the global heat transfer 

coefficient is referred to the base area, it takes into account both the total heat transfer area 

and the surface area efficiency; therefore, the surface area efficiency worsens the mere 

increasing of the surface area. Their combined effects produce an overall worsening of the 

heat transfer behaviour.  

From the experimental wall temperatures it appears that the surface area efficiency of these 

aluminum foams is very low. In fact, each test sample was instrumented with twelve T-Type 

thermocouples: six inserted in the upper plate and six in the bottom plate.  

During the experimental measurements, these temperatures were acquired; the upper wall 

temperatures were independent of both the imposed heat flux and the air mass flow rate. For 
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instance, for S-4, at 40 kW m-2, passing from 0.01 kg s-1 to 0.025 kg s-1, the mean base 

temperature varies from 102 °C to 72 °C, while the upper mean wall temperature changes 

only between 34 and 24 °C.  

As experimentally and numerically determined by Dukhan et al. [64], in a metal foam, the 

temperature decays exponentially with the distance from the heated base. The Authors have 

experimentally demonstrated that the temperature of the foam reaches that of the ambient at a 

dimensionless distance from the heated base of approximately 0.3. Applying this result to our 

samples, it follows that a layer of more than 2.5 cm of the foam thickness is at around ambient 

temperature and so the related heat transfer is negligible.  

With increasing heat transfer area, this phenomenon grows and the fin efficiency decreases. 

Therefore, it is important to find the right equilibrium between the increasing of the heat 

transfer area and the worsening of the surface efficiency. As evident from Figure 195, Figure 

196 and Figure 197, the best heat transfer compromise is represented by the 10 PPI sample, 

the one with the lowest porosity: ε=0.903. According to Figure 198, as compared with the 

other two 10 PPI samples, this one has the highest surface area and the thickest fiber. As it is 

well-known, the fin efficiency depends on the fin thickness, more precisely it increases as the 

fin thickness increases, hence the 10 PPI sample S-4 may also present the highest efficiency. 

For all the tested foams, the global heat transfer coefficient linearly increases with the air 

mass flow rate. S-3, presenting 10 PPI and 0.934 of porosity, exhibits almost the same global 

heat transfer behaviour of the 40 PPI foam sample. 

Figure 199, Figure 200 and Figure 201 report the mean wall temperature plotted against the 

air mass flow rate as a function of the imposed heat flux. The mean wall temperature has been 

computed imposing 25 °C air temperature at the inlet of the test section (Eq. 215), in this way 

it has been possible to compare data points acquired under different ambient conditions, 

21°C<tair,in<26°C.  

In Figure 201, the data for S-2 are simulated in the hypothesis that the heat transfer coefficient 

is independent from the imposed heat flux. S-2 appears to be far from all the other tested 

samples, presenting the worst mean wall temperature. The lowest wall temperatures are 

exhibited by the 10 PPI sample S-4, which presents also the highest global heat transfer 

coefficients. 
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Figure 199. Comparison between the tested aluminum foams: mean wall temperature evaluated using Eq. 
215. tair=25°C. HF=25.0 kW m-2. 
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Figure 200. Comparison between the tested aluminum foams: mean wall temperature evaluated using Eq. 
215. tair=25°C. HF=32.5 kW m-2. Blank triagles refer to estimated values.  
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Figure 201. Comparison between the tested aluminum foams: mean wall temperature evaluated using Eq. 
215. tair=25°C. HF=40.0 kW m-2. Blank triagles refer to estimated values. 

 

As the heat flux increases, also the temperature difference between the best and the worst 

sample rises. For instance, at 0.015 kg s-1, the temperature difference is around 25 K at 25 kW 

m-2, while it becomes 35 K at 32.5 kW m-2 and 40 K at 40 kW m-2. 

The experimental pressure drops of the different aluminum foams are presented in Figure 202. 

The highest pressure drops has been measured for the 40 PPI S-6 sample, while the lowest 

ones has been obtained for S-4. It is interesting to point out that the pressure drops of the 40 

PPI sample are two times higher than those measured for S-4, the 10 PPI sample. The 

pressure drops measured for S-1 and S-3 are almost the same, but at high mass flow rate the 5 

PPI sample S-1 presents higher pressure losses than the 10 PPI sample. At low mass flow rate, 

i.e. at around 0.01 kg s-1, S-1, S-2, S-3 and S-4 present the same pressure drops. 

The permeability, K, and the inertia coefficient, f, for all the tested aluminum foams are 

reported in Table 69. S-1, S-2 and S-6 have almost the same inertia coefficients, while the 

permeability of the 40 PPI sample, S-6, is one half and one third, respectively, of that of S-2 

and of S-1. S-3 and S-4 present the same permeability, while the inertia coefficient of S-3 is 

0.064 and that of S-4 is 0.056. 
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Figure 202. Comparison between the tested aluminum foams: experimental pressure drops plotted against 
air mass flow rate.  

 

 

Table 69. Permeability and inertia coefficient values for the tested aluminum foams.  

Sample PPI Relative 
Density 

[%] 

Porosity 
 

[-] 

Permeability, K 
10-7  

[m2] 

Inertia Coeff., 
f 

[-] 
S-1 5 7.9 0.921 1.489 0.074 
S-2 10 4.4 0.956 1.092 0.076 
S-3 10 6.6 0.934 1.209 0.064 
S-4 10 9.7 0.903 1.200 0.056 
S-5 20 6.8 0.932 - - 
S-6 40 7.0 0.930 0.479 0.076 
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2.4.4.12 Comparison Between Three 10 PPI Aluminum Foams with 
Different Porosity  

Three 10 PPI aluminum foam samples were analysed in order to study the effect of porosity 

on heat transfer behaviour during single-phase air flow. The experimental results are 

illustrated in Figure 203, Figure 205 and Figure 206, where the global heat transfer 

coefficient, the computed mean wall temperature and the pressure drop are plotted against the 

air mass flow rate. 
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Figure 203. Comparison between the different 10 PPI aluminum foams: global heat transfer coefficient 
plotted against air mass flow rate. HF=25 kW m-2. 

 

As the relative density increases, i.e. the porosity decreases, the global heat transfer behaviour 

gets better and better. As it appears from Figure 203, the global heat transfer coefficients 

presented by S-4 are 1.73 and 1.27 times higher than those measured for S-2 and S-3. 

According to Figure 198, this experimental evidence can be explained considering both the 

increasing of the surface area of the heat transfer  and the improvement of the surface area 

efficiency. As described in the previous paragraph, the surface area efficiency of S-4 may be 

higher than those of S-2 and S-3, because its fiber thickness is higher than theirs and, in 

addition, its pores are larger than those of S-2. 
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Figure 204. Photos of the different 10 PPI samples: left side photo, S-2 ε=0.956; central photo, S-3  ε=0.934, 
right side photo, S-4 ε=0.903. 

 

Table 70. Properties of the 10 PPI tested samples.  

Sample PPI Relative 
Density 

[%] 

Porosity 
[-] 

Fiber 
Thickness 

[mm] 

Fiber Length 
[mm] 

S-2 10 4.4 0.956 0.445 1.351 
S-3 10 6.6 0.934 0.450 1.785 
S-4 10 9.7 0.903 0.529 1.870 

 

Figure 204 shows three photos of the different 10 PPI aluminum foams. Comparing the foam 

pores, it appears that S-2 presents the smallest ones, while S-4 is made of the thickest and 

longest fibers, which improve the surface area efficiency. Table 70 confirms these qualitative 

results reporting the fiber length and thickness for the three foam samples. 
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Figure 205. Comparison between the different 10 PPI aluminum foams: mean wall temperature evaluated 
using Eq. 215. tair=25 °C. HF=25 kW m-2 
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Figure 206. Comparison between the different 10 PPI aluminum foams: experimental pressure drops plotted 
against air mass flow rate. 
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The mean wall temperatures for the three test samples, calculated imposing an air temperature 

of 25 °C at the inlet of the test section (Eq. 215), are plotted in Figure 205. Again, S-4 

presents the best behaviour as compared with the other two test samples. 

Figure 206 illustrates the experimental pressure drops measured for the three 10 PPI foam 

samples plotted against the air flow rate. S-2, the foam with the highest porosity, equal to 

0.956, presents also the highest pressure drops, while S-4 exhibits the lowest ones. 

The inertia coefficient, f, appears to be a function of the porosity, i.e. relative density; in fact, 

it increases as the porosity increases. Considering the permeability K, S-3 and S-4 present 

almost the same value, which is around 1.2 10-7 m2, while for S-2 the permeability is around 

1.09 10-7 m2 (Table 71). 
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Figure 207. Comparison between the different 10 PPI aluminum foams: experimental inertia coefficient 
plotted against air mass flow rate. 

 

Table 71. Permeability and inertia coefficient values for the three 10 PPI aluminum foams.  

Sample PPI Relative 
Density 

[%] 

Porosity 
[-] 

Permeability, K 
10-7 [m2] 

Inertia Coeff., f 
[-] 

S-2 10 4.4 0.956 1.092 0.076 
S-3 10 6.6 0.934 1.209 0.064 
S-4 10 9.7 0.903 1.200 0.056 
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2.4.4.13 Traditional Finned Surface vs. Aluminum Metal Foams 

The comparison between the heat transfer behaviour of the traditional finned surface which 

had been previously tested and those of the considered aluminum foams is now outlined. The 

traditional finned surface has been characterized in order to evaluate the new test facility and 

so as to become a reference surface for the alternative enhanced structures. 

Thus, in this paragraph, the measured global heat transfer coefficient for the finned surface 

referred to the base area is plotted, together with those exhibited by the aluminum foams, 

against the air mass flow rate. The traditional finned surface performs slightly better than S-2, 

which is the sample with a PPI of 10 and the highest porosity. 
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Figure 208. Traditional finned surface vs. aluminum foams: global heat transfer behaviour plotted against 
air mass flow rate. HF=25 kW m-2. 

 

On the other hand, when the heat transfer behaviour of the finned surface is compared with 

those of the other aluminum foams, it is evident that these new enhanced surfaces present 

interesting heat transfer capabilities.  

At high mass flow rate, the global heat transfer coefficient measured for S-4, the best of the 

aluminum foams, is around 1.5 times the one obtained for the traditional finned surface, while 

at low mass velocity this ratio reaches the value of 2. 
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Figure 209. Traditional finned surface vs. aluminum foams, mean wall temperature evaluated using Eq. 215. 
tair=25 °C. HF=25 kW m-2. 
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Figure 210. Traditional finned surface vs. aluminum foams: experimental pressure drops plotted against air 
mass flow rate. 
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As shown in Figure 209, at 25 kW m-2 the traditional finned surface and S-2 are again the 

samples with the highest calculated mean wall temperatures. At high air mass flow rate the 

wall temperature calculated for the finned surface is lower than that obtained for S-2. 

The other side of the coin is represented by the fluid flow behaviour, since the pressure drops 

exhibited by the aluminum foams are orders of magnitude higher than those of the traditional 

finned surface. As reported in Figure 210ined for S-2. 

The other side of the coin is represented by the fluid flow behaviour, since the pressure drops 

exhibited by the aluminum foams are orders of magnitude higher than those of the traditional 

finned surface. As reported in Figure 210, at 0.025 kg s-1 the best aluminum foam, S-4, loses 

around 600 Pa, while the traditional finned surface losses only 50 Pa; the ratio between these 

two pressure drops is 12. In the case of the 40 PPI sample the ratio becomes 24. 

The tested stochastic materials appear to be suitable only where a high air pressure load is 

available. 
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2.5 Conclusions 
One of the most crucial challenges in the field of air cooling applications is to increase the 

upper limit of the heat flow rate dissipated per unit area. High heat flux dissipators and 

compact heat sinks are more and more demanded in many different applications where an 

efficient heat transfer would allow the overcoming of the limits of air cooling.  

From this point of view, there is a growing necessity for new enhanced surfaces able to 

replace the traditional finned ones. 

This part of this Ph. D. thesis reports the design, development and building of the new 

experimental set-up devised to fully characterize the thermal-fluid-dynamic behaviour of 

several different enhanced surfaces during single-phase air heat transfer. The new 

experimental facility was built in the laboratory of the Dipartimento di Fisica Tecnica of the 

University of Padova.  

The design or selection of all components implemented in the test rig have been deeply 

analyzed in order to give a clear and synthetic overview of each decision made to create a 

high accuracy test equipment. The designed set-up is an open-circuit type wind tunnel with 

rectangular cross section where it is possible to analyse specimens with finned surfaces, offset 

strip pins, cellular structure materials both stochastic and periodic and microgeometries. 

The cellular structure materials and new enhanced surfaces hitherto proposed in the open 

literature present pressure drops which are higher by orders of magnitude than those of the 

traditional finned surfaces at the same operating conditions. Hence, here, in order to 

characterize a variety of enhanced surfaces under a wide range of operating test conditions, 

compressed air has been selected as a coolant. The heating technique and the air flow rate, 

electric power, air temperature and pressure measurements have been discussed and the 

implemented experimental solutions have been presented. 

This new test rig is able to carry out single-phase air heat transfer measurements at different 

pressures, varying the air flow rate between 0.05 and 0.025 kg s-1 and heating the test sample 

up to 900 W. The experimental heat transfer coefficients and the pressure drops during single-

phase air flow through a traditional finned surface have been measured and reported. This 

finned surface has also been taken as a reference for successive comparisons, which have 

involved a new enhanced heat transfer surface class, aluminum foams. 

Metal foams are a class of cellular structured materials with a stochastic, interconnected pore 

distribution, mostly uniform in size and shape. In the last decades, these porous media have 
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been largely studied because of their interesting properties, covering several different 

technical fields. In fact, metal foams are lightweight materials, offering high strength and 

rigidity and high heat transfer surface area which improve energy absorption and heat transfer 

in thermal applications.  

Metal foams have considerable applications in the making of multifunctional heat exchangers, 

cryogenics, combustion chambers, cladding on buildings, strain isolation buffers between a 

stiff structure and a fluctuating temperature field, geothermal operations, petroleum 

reservoirs, compact heat exchangers for airborne equipment, air cooled condensers and 

compact heat sinks for power electronics. 

Six 40 mm thick Al 6101 alloy (aluminum) foams were acquired from ERG Aerospace, Inc. 

They present different numbers of pores per inch (5-40 PPI) and varying porosity (from 0.903 

to 0.956). Three of them are 10 PPI samples with different porosities: 0.903, 0.934 and 0.956. 

These samples were acquired to study the effects of porosity on heat transfer and fluid flow 

behaviours during air forced convection. 

A systematic measuring technique has been developed to measure the most important 

geometrical characteristic of the tested aluminum foams. Four photos of each side of the 

specimens have been taken. Then a large number of thickness and length measurements of the 

fibers have been taken and statistically analysed. Five of the six test samples have been 

experimentally characterized in the new test facility.  

The global heat transfer coefficients (obtained multiplying the effective heat transfer 

coefficient by the surface area efficiency) have been measured during single-phase air heat 

transfer. Also the pressure drops of the air through these new cellular structure materials have 

been measured. 

The 10 PPI sample with the lowest porosity presents the best heat transfer behaviour, 

exhibiting the highest heat transfer coefficients and the lowest pressure drops under the 

investigated range of operating conditions. The results obtained for the three 10 PPI 

aluminum foams confirm that the global heat transfer coefficients and the pressure drops 

strongly depend on the porosity. The global heat transfer coefficient increases as the porosity 

decreases; conversely, the pressure drops decrease. 

The surface area efficiency of these new enhanced surfaces appears to be very low: after a 

few millimetres, around a centimetre, from the heated wall, the temperature is around ambient 
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temperature. Therefore, the global heat transfer coefficient of the metal foam is worsened by 

its surface area efficiency. 

The tested aluminum foams have been compared with the traditional finned surface, which 

has exhibited the same global heat transfer coefficient as the worst aluminum foam (the 10 

PPI sample with the highest porosity). The global heat transfer coefficient measured for the 

best aluminum foam (10 PPI, ε=0.903) is around 1.7 times higher than the one obtained for 

the finned surface. On the other hand, this foam presents pressure drops which are 12 times 

higher than those of the traditional surface. 

These new enhanced surfaces appear to be suitable when high pressure loads are available; for 

instance, aluminum foams might be used to cool aeronautical electronics systems. 

 

Finally, the 20 PPI test sample will be tested and compared with the other ones and, of course, 

with the finned surface. 

 

Other six 20 mm thick aluminum foams were acquired from ERG Aerospace to study their 

surface area efficiency. These new samples will be tested, then they will be compared with the 

ones already experimentally characterized. The collected experimental data points will 

generate a wide database of heat transfer coefficients and pressure drops, which will be used 

to test the available heat transfer and fluid flow correlations and to select new suitable 

correlations. The test rig will be also used to develop and test other enhanced surfaces which 

might improve the applicability of air cooling to electronics applications. 
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2.6 Nomenclature  
 

Abase  base area [m2] 

Aeff  effective heat transfer area [m2] 

Aff  effective free-flow cross sectional area [m2] 

Afr  frontal area [m2] 

C  coefficient of discharge 

cp  specific heat capacity [J kg-1 K-1] 

cs  specific heat capacity of the humid air [J kg-1 K-1] 

D  stainless steel internal diameter [m] 

d  orifice diameter [m] 

dh  hydraulic diameter [m] 

dp  pore diameter [m] 

ds  fiber thickness [m] 

eA  mean absolute deviation [%] 

eP  percent deviation [%] 

eR   mean relative deviation [%] 

f  friction factor  

g  gravitational acceleration [m s-1] 

G  shape function 

HB  heat balance [%] 

HTC  heat transfer coefficient [W m-2 K-1]  

HTC Ω* “global” heat transfer coefficient [W m-2 K-1]  

Kc, Ke  abrupt contraction and expansion coefficients 

i  uncertainty [%] 



 
Dipartimento di Fisica Tecnica, 

Università degli Studi di Padova 
 

 
Ph.D. Thesis  XXI Ciclo 

315 

I  current [A] 

m   air mass flow rate [kg s-1] 

p  pressure [Pa] 

PEL  Electric Power 

p  pressure difference [Pa] 

PPI  pore per inch 

q  heat flow rate [W] 

R  Ohm resistance [Ω] 

t  temperature [°C] or fiber diameter [m] 

tml  mean logarithmic temperature difference [K] 

u  velocity [m s-1] 

V  tension [V] 

x  humidity ratio [kgv kgda
-1] 

 

Non-dimensional Number 

 

Pr  Prandtl number 

Re  Reynolds number 

Gr  Grashof number 

Gz  Graetz number  

 

Greek Symbols 

 

  diameters ratio [-]    
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ε  porosity or gas expansion factor 

  dynamic viscosity [kg m-1 s-1] 

N   standard deviation 

  density [kg m-3] 

χ  tortuosity 

Ω  fin efficiency [-] 

Ω*  surface area efficiency [-] 

  

Subscripts 

 

air  air 

CALC  calculated 

ch  channel 

EXP  experimental 

f  fluid 

in  inlet 

l   laminar 

loc  local  

out  outlet 

t  turbulent 

tr  transition 

w  wall 
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CONCLUSIONS 
 

This Ph. D. thesis, in which single-phase and two-phase flow through enhanced heat transfer 

surfaces have been experimentally studied and analyzed, consists of two separate parts. 

Therefore, the most important issues highlighted with respect to each argument are pointed 

out at the end of the related chapter. Here, some final remarks will be made, aiming at giving 

some hints for future possible research works.  

  

The experimental work concerning two-phase flow has involved the condensation of R410A, 

a halogenated refrigerant, inside a microfin tube. The condensation heat transfer coefficients 

and the pressure drops at a saturation temperature of 40 °C have been measured under a wide 

range of operating conditions. A large number of experimental heat transfer coefficients for 

the condensation of different synthetic and natural refrigerants inside microfin tubes have 

been selected from the open literature and collected to complete a database of around 4000 

experimental measures. After that, a model for the computation of the heat transfer coefficient 

during condensation inside micro-finned tubes has been developed and validated against the 

experimental database. 

 

Considering the importance of environmental issues, other experimental campaigns are 

needed to characterize the condensation heat transfer properties of other refrigerants, for 

validating and improving the proposed model.  

 

The experimental work concerning single-phase flow has involved the design, development 

and building of a new test facility for the thermal-fluid-dynamic characterization of several 

different enhanced surfaces and microgeometries during air forced convection. This 

experimental test rig has been designed to allow the study and development of new enhanced 

heat transfer surfaces for electronic cooling applications able to overcome the thermal limits 

of air cooling. 

The new facility has been tested characterizing a traditional finned surface. The experimental 

heat transfer coefficients and the pressure drops measured during single-phase air forced 

convection were repeatable. These results have confirmed the reliability of the new 

experimental set-up. Subsequently, five aluminum metal foams, a new class of enhanced 
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surfaces, have been tested. In this Ph. D. thesis their heat transfer coefficients and the pressure 

drops measured during air forced convection have been presented and analysed. 

According to the experimental results, during single-phase air heat transfer metal foams 

exhibit interesting heat transfer properties but, on the other hand, they are also characterized 

by high pressure losses. These stochastic materials appear to be suitable for electronics 

cooling systems when high air pressure loads are available. 

 

More experimental work is needed to completely understand the thermal-fluid-dynamic 

behaviour of these new enhanced surfaces, in order to define the best design parameters. As a 

consequence, considering possible future work in this field, other metal foams of different 

thicknesses may be tested to fully characterize their thermal behaviour. The collected results 

could be used to develop new simple heat transfer correlations which can lead to the design of 

efficient heat sinks for advanced electronics cooling systems. 
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