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Multi-source energy systems are a promising solution to lower the environmental impact of the heating and
cooling sector and enhance the exploitation of renewable energy sources. In this context, dual-source solar-
assisted heat pumps exploit solar energy and air as the low-temperature heat sources. However, the efficiency of
solar-based systems is strictly related to weather conditions, location, and time. Therefore, there is a need for
accurate models to be used in dynamic simulations of these systems and perform detailed performance analyses
and study the involved energy flows.

This paper presents an experimental and numerical investigation of a direct-expansion solar-assisted heat
pump (DX-SAHP) operating with COx as the refrigerant. The heat pump prototype can work with an air-finned
coil heat exchanger or photovoltaic-thermal (PVT) solar collectors as the evaporator. The solar-mode configu-
ration allows the exploitation of the heat from solar radiation to evaporate the refrigerant and to improve the
photovoltaic electricity production due to the cooling of the cells up to 8%.

A numerical heat pump model, integrated with novel gas-cooler and PVT collectors models, has been devel-
oped and implemented as a TRNSYS type for dynamic simulations of the system. The model has been validated
with continuous measurements during the heat pump operation in solar and air modes. The proposed model can
be used for performing seasonal simulations of a heat pump operating with a transcritical CO5 cycle. Moreover,
the outcomes of the analysis show how the configuration of a CO heat pump with a direct-expansion air-finned
coil heat exchanger or PVT can be used to enhance the performance of the heat pump and increase the electrical
efficiency of the photovoltaic cells.

integrating renewables and heat pumps becomes crucial in the transition

1. Introduction

Heat energy end-use accounts for almost 50% of global final energy
consumption in 2021, of which 46% is consumed in buildings for space
and water heating [1]. Fossil fuels account for 64% of global energy use
for buildings-related heating, decreasing only three percentage points
since 2010, and are responsible for 80% of direct CO; emissions in the
building sector [2]. Heat pumps, powered by low-emissions electricity,
are considered the central technology in the global transition to secure
and sustainable heating [3]. According to Delegated Regulation (EU)
2022/759 [4], part of the aerothermal, geothermal, or hydrothermal
energy captured by heat pumps is considered energy from renewable
sources. In addition, a share of the electrical energy demanded by
electrically driven heat pumps is produced using renewable primary
energy sources, according to the national fuel mix [5]. In this context,
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to more sustainable air conditioning systems in residential and non-
residential applications.

Nowadays, the research on heat pump technology is focused on the
possible usage of environmentally friendly refrigerants with a low global
warming potential (GWP) and on improving the system performance,
reducing the consumption, or maximizing the thermal production, i.e.,
the coefficient of performance (COP). The adoption of low GWP re-
frigerants and the phase-down of hydrofluorocarbons (HFC) is pushed
by the recent regulations (Regulation No 517 of European Union of 2014
[6] — and its new proposal, which is nowadays under review- and the
Kigali Amendment of United Nations of 2016 [7]).

The use of CO; as the refrigerant is very promising due to its low
global warming potential (GWP = 1), zero ozone-depleting potential
(ODP), no toxicity, and no flammability (class Al for ASHRAE).
Furthermore, COy provides high heat transfer coefficients and low
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Nomenclature

Symbols

A area [m?]

ax finned coil evaporator efficiency empirical coefficients
bpy temperature coefficient of power K1

Cp specific heat capacity [J kg™ K™1]

Cx compressor polynomials empirical coefficients
D internal diameter [m]

G incident solar radiation [W m~2]

GA absorbed solar radiation [W]

h specific enthalpy [J kg ']

H global transmission coefficient [W m2K1]
hte local heat transfer coefficient [W m 2 K™ !]
K global heat transfer coefficient [W m2K!]
KA heat transfer coefficient/exchange area product [W K1
1 serpentine length [m]

m mass flow rate [kg s 1

n number of discretized elements/node

N number of plates [-]

P electrical power [W]

p pressure [bar]

Q heat flow rate [W]

R thermal resistance [m? K W]

T temperature [°C]

t thickness [m]

\ wind velocity [m s

Greek symbols

o absorption coefficient [-]

n efficiency [-]

A thermal conductivity [W m K]

p density [kg m~3], reflection coefficient [-]
Ta ratio of absorbed solar radiation [-]

o Stefan-Boltzmann constant [W m 2 K™ 4]

B slope angle [°]

T transmission coefficient [-]
Subscripts/Superscripts

air air

[ compressor

e evaporation

fin equivalent fin

gc gas-cooler

g glass

guess tentative

HE user heat exchanger

i plate discretised element/iteration
in inlet

dis compressor discharge
int internal heat exchanger
lam throttling valve

m measured value

max maximum

out outlet

p plate

sky equivalent sky

r refrigerant

s simulated value

suc compressor suction
abs absorber plate

T1 TANK1

T2 TANK2

tot total

user user load

w water

EVA ethylene vinyl acetate
ref reference

pipe refrigerant pipe

we welding

start starting value

node PVT node

Acronyms /Abbreviations

PV photovoltaic

PVT photovoltaic-thermal collector
COMP  compressor

COP coefficient of performance
GC gas-cooler

INT internal heat exchanger
EEV electronic expansion valve
REC low-pressure receiver tank
RMSE root mean square error
USER user heat exchanger
TANK  water tank

DX-SAHP direct-expansion solar-assisted heat pump
GWP global warming potential
HFC hydrofluorocarbons

ODP ozone-depleting potential
LCA life cycle assessment
MPPT maximum power point tracking

pressure drop compared to other refrigerants [8]. However, its low
critical point and high operating pressure require careful attention in the
design of the system components [9].

Besides the low environmental impact, one of the main advantages of
carbon dioxide is the possibility of providing a high temperature lift
between the water inlet and outlet when using a transcritical cycle. For
this reason, the transcritical CO, cycle is particularly suitable for do-
mestic water heating. Calise et al. [10] investigated the use of CO heat
pumps to replace conventional gas-fired boilers for heating in buildings.
They carried out TRNSYS [11] simulations and explored the use of COy
heat pumps in applications where radiators are used, instead of low-
temperature terminal units, and high water temperatures are needed.

Liu et al. [12] numerically demonstrated that, although the COP of a
basic CO, transcritical cycle is lower than the COP of a comparative
cycle operating with R134a, CO, systems can achieve higher energy
efficiency with proper cycle modifications: two-stage compression,

vapor injection, and inter-stage cooling. A further way to enhance the
efficiency of heat pumps is to use different heat sources. For instance,
solar-assisted heat pumps (SAHPs) exploit solar radiation as the low-
temperature thermal source, leading to better performance compared
to air-source heat pumps under high irradiance conditions [13]. SAHPs
can be coupled to solar thermal collectors or photovoltaic-thermal col-
lectors (PVT), which can simultaneously provide electrical and thermal
power to the energy system [14,15]. Usually, the warm water from the
solar field releases heat in the evaporator to the heat pump’s refrigerant
[13,16]. For example, Leonforte et al. [17] presented the results of the
experimental monitoring on a PVT-coupled SAHP system to assess the
daily and seasonal performance of the system providing heating, cool-
ing, and DHW to a building. They tested the unit under different set
point temperatures and building loads and showed how the investigated
configuration can enhance the electrical and thermal efficiency of PVT
collectors, maximizing the heat pump’s seasonal performance and
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Fig. 1. Layout of the heat pump and water loop with the sensors installed: T temperature probe, P pressure transducer, FM Coriolis flowmeter, DP differen-

tial pressure.

reducing the electricity exchange with the electrical grid. Yu et al. [18]
evaluated the performance of a direct-expansion SAHP with an evacu-
ated tube collector-evaporator, experimentally testing the system under
different operating conditions. In particular, they studied the effect of
several parameters (i.e., the solar radiation intensity, circulating water
temperature, ambient temperature, and collector area) on the thermo-
dynamic and exergy performance of the system and identified the
evacuated tube collector-evaporator and compressor as the parts of the
system to be improved to increase the overall efficiency.

However, there are few experimental studies, in the available liter-
ature, on direct-expansion solar-assisted heat pumps for hot water pro-
duction working with COy as the refrigerant. Duarte et al. [19]
experimentally investigated the operation of a small solar-assisted heat
pump with a sheet-and-tube solar evaporator for hot water production.
They found that the water inlet temperature strongly influences the gas-
cooler outlet pressure and temperature. Paulino et al. [20] performed
numerical simulations of the same system under dynamic conditions,
studying the effect of solar radiation changes. To enhance the overall
performance of direct-expansion solar-assisted heat pumps, the use of
PVT solar collectors/evaporators is investigated in the literature
[21,22]. The main advantage of using PVT evaporators is the possibility
of simultaneous heat and electrical power production and improved
photovoltaic conversion efficiency due to the cells cooling. Zhou et al.
[23] experimentally and numerically investigated an R410A solar heat
pump with micro-channel PVT modules as the evaporator. The results
showed an average COP of the system between 4.7 and 5. Du et al. [22]
realized a dual-source solar-assisted heat pump with R22 as refrigerant,
operating with two PVT solar collectors, composed of micro heat pipe
arrays applied on the PV back sheet and an additional finned air duct.
During the tests at the same ambient conditions, the COP obtained in
solar mode was 18.2% higher than in air mode.

None of the previous works addresses the direct expansion of CO; in
PVT evaporators. To the authors’ knowledge, only the experimental
works by Zanetti et al. [24,25] investigated a CO, solar-assisted heat
pump system working with a PVT evaporator. In the study, the perfor-
mance coefficient of the dual-source heat pump (solar-air heat pump)
can increase up to 30% in solar-source mode compared to the air-source
mode.

The increase of the renewable share in the heating and cooling sec-
tors and the consequent use of multi-source heat pumps makes it

necessary to develop a strategy for the selection of the different thermal
sources based on the environmental conditions, thermal load, and
storage [26,27]. When addressing this problem, numerical tools can be
useful to evaluate the performance of multi-source heat pumps and
choose a source selection strategy. The prediction of the energy effi-
ciency and evaluation of the energy flows in multi-source energy sys-
tems is usually made using dynamic energy simulation tools. Among the
existing energy simulation tools, TRNSYS software is a flexible package
of utility programs that enables the simulation and analysis of transient
systems. It is a graphically based tool in which the different components
of the system are interconnected and represented as black boxes called
“Types”, and it is often employed to analyze and investigate systems
involving renewable energy sources and storage devices [28]. Generally,
most of the analyses carried out with TRNSYS software use the perfor-
mance matrix of commercial heat pumps to simulate their operating
conditions [29]. This could lead to problems when unit details or its
performance are missing or not provided by the manufacturers. Chargui
et al. [30] modeled and simulated with TRNSYS a dual-source heat
pump using air and ground as heat sources and CO; as the refrigerant.
The investigated heat pump presented two evaporators: one for heat
exchange with a water source (solar or geothermal) and one for heat
exchange with the ambient air. Emmi et al. [15] developed a TRNSYS
model of a solar-assisted ground source heat pump using a ground loop
and a solar loop as the thermal source/sink, where the use of solar
thermal collectors and PVT was investigated. The results proved the
possibility of obtaining a relevant improvement in the heat pump’s ef-
ficiency using PVT. Ma et al. [31] evaluated the performance variation
of indirect-expansion SAHPs using CO; as the refrigerant for different
configurations (one-stage and two-stage transcritical cycle) with solar
thermal collector area, storage tank volume, and heat pump compressor
capacity based on TRNSYS models. In this context, the availability of a
heat pump TRNSYS type, for the dynamic modeling of a transcritical
CO, thermodynamic cycle and simulating the operations with a con-
ventional finned coil heat exchanger or PVT panels as the evaporator, is
extremely interesting. Indeed, this would allow a more comprehensive
and detailed analysis of the investigated energy system, providing in-
formation on the involved thermal and electrical energy flows and the
energy performance at both unit and energy system levels.
Considering the reviewed literature, there is a lack of studies
regarding the modeling of PVT evaporators working with CO2 and
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Fig. 2. Picture of the heat pump prototype, including finned coil evaporator
and PVT collectors.

Fig. 3. Picture of the water tanks and the USER brazed plate heat exchanger.

Table 1

Main components of the heat pump system.
Component Type Characteristics
Compressor Rotary, inverter Displacement: 3.02 cm®/rev

driven

Gas-cooler Brazed plate Number of plates: 28

Plate size: 379 x 79 mm
Number of plates: 4

Plate size: 377 x 120 mm
High-pressure control

Number of circuits: 4

Number of tubes: 88

Tube internal diameter: 9.5 mm
Number of collectors: 3
Number of tanks: 2

Tank size: 200 L

Heating elements: 4 resistances, 4.5
kW each

Internal heat
exchanger

Throttling valve

Air evaporator

Brazed plate
Electronic

Finned coil

PV-T collectors
Cylindrical tank

Solar evaporator
Water storage

numerical models that consider the entire direct-expansion heat pump
system and its coupling with the user water loop. Due to the lack of
correlations describing the heat transfer of supercritical CO; in plate
heat exchangers [32], there are no numerical models of plate gas-
coolers, which are largely encountered in commercially available heat
pumps.

The present work aims to cover this gap by studying a direct-
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expansion dual-source CO, heat pump experimentally and numeri-
cally. The main novelties are the followings:

e experimental tests conducted in dynamic conditions are presented
when the dual-source CO5 heat pump operates in air and solar modes
under real environmental conditions;

a model of the gas cooler based on a recent correlation developed for

supercritical CO3 is presented and compared with experimental data

obtained during steady-state operations;

e a dynamic heat pump and water loop model has been developed
using TRNSYS. The developed heat pump TRNSYS component in-
cludes the PV-T collectors model;

e the dynamic model has been compared and validated against the
experimental data. It can be considered an important tool to assess
the heat pump performance over long time and develop a control
strategy to maximize the advantages of a dual-source system.

2. Heat pump prototype

The present dual-source (solar and air) CO2 heat pump is installed at
the University of Padova, Italy (45° 24" 23'N, 11° 52 40E), and it
operates a transcritical cycle to produce hot water at the gas-cooler. The
prototype has a heating capacity equal to 5 kW, and it has been designed
to work alternatively with two evaporators: a finned coil air heat
exchanger or 3 photovoltaic-thermal (PVT) solar collectors. The layout
of the system with the sensors installed and the auxiliary water loops is
shown in Fig. 1. When considering the refrigerant cycle of the heat
pump, after an inverter-driven rotary compressor (named COMP in
Fig. 1), the high-pressure superheated refrigerant is sent to the gas-
cooler (GC), a brazed plate heat exchanger with water flowing in
counter-current. After the gas-cooler, the refrigerant enters an internal
heat exchanger (INT), where the CO; is cooled down. Subsequently, it is
expanded into an electronic expansion device (EEV) that operates as a
back-pressure valve to control the pressure at the gas-cooler. From this
point, the refrigerant can evaporate inside the finned coil heat
exchanger or the solar PVT collectors. After evaporation, the CO5 enters
the low-pressure receiver tank (REC), where the vapor phase is extracted
from the top and sent to the compressor through the internal heat
exchanger (which guarantees a certain degree of superheating at the
compressor suction). During the heat pump operation, it has been
possible to control the high-pressure value at the gas-cooler side, the
compressor’s speed, and the fan’s velocity at the finned coil evaporator.
Fig. 2 displays the casing of the heat pump prototype (containing the
compressor, gas-cooler, internal heat exchanger, receiver, and expan-
sion device), the finned coil evaporator, and the back of the three PVT
collectors.

The water loop comprises two 200 L tanks and one brazed plate heat
exchanger (named USER in Fig. 1) between the two tanks. The water
exiting the cold tank (named TANK1) is sent to the gas-cooler using a
water pump. The water is heated in the gas-cooler and enters the hot
tank (TANK2). The user heat flow rate is drawn at the USER plate heat
exchanger. It is also possible to modulate the mass flow rate in the USER
heat exchanger acting on a bypass valve. Two valves placed before and
after the USER heat exchanger allow to isolate this part of the circuit
when there is no thermal load request by the user. In the TANK1, four
variable electrical resistances, capable of producing up to 4.5 kW each,
allow controlling the tank’s temperature and, consequently, the water
temperature at the inlet of the gas-cooler. During the experimental
campaign, the temperature at the inlet of the gas-cooler was maintained
at a temperature of about 30 °C. Fig. 3 shows a picture of the water loop
with the two tanks and the USER brazed plate heat exchanger.

The refrigerant circuit and the water loop are thermally insulated to
limit the heat losses towards the external ambient.

The main components of the system and their characteristics are
listed in Table 1.
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Table 2

Main characteristic of the PVT collector.
Characteristic Value
Dimensions 1650 x 992 mm
Tilt angle 45°
Absorber thickness 0.5 mm
Tube thickness 1 mm
External tube diameter 8 mm
Tube pitch 80 mm
Number of tubes 15

Table 3

Uncertainty of sensors used.
Parameter Sensor Type Uncertainty
Temperature T-type thermocouples +0.1 K
Temperature PT-100 resistance temperature 1/10 DIN

detector

Pressure Pressure transducers +5 kPa
Solar irradiance Secondary standard pyranometer 1SO 9060

Water mass flow Coriolis effect flow meter 0.1% of the
rate reading

Electric power Power analyzer Norma 4000 0.1% of the
reading

2.1. Heat exchangers

When the heat pump works with the air as the thermal source
(hereafter air-mode), a conventional finned coil heat exchanger is used
as the evaporator. The finned coil has 22 ranks and 4 rows, and the fluid
flow is subdivided into 4 circuits made of 3.2 mm internal diameter
tubes. The finned coil evaporator is coupled to a fan driven by a 0-10
Vdc signal to modulate the rotation speed.

When the heat pump works with solar radiation as the thermal
source (hereafter solar-mode), three PVT solar collectors are used as the
evaporator. Using a PVT device for this purpose has two benefits:
exploiting the energy from solar radiation to evaporate the refrigerant
flow and improving the PV electricity conversion by cooling the
photovoltaic cells [24]. Each PVT collector comprises an aluminum
plate (0.5 mm thickness) glued below a multicrystalline PV module.
Each plate is coupled with an 8 mm external diameter copper serpentine.
The PV modules are connected to a variable electrical resistance,
allowing operating at the maximum power point (MPPT). The main
features of the PVT collectors are reported in Table 2.

The gas-cooler is a brazed plate heat exchanger where water and CO»
flow in a single pass/counter-current configuration. It consists of 28
plates with external dimensions of 379 x 79 mm.

An internal heat exchanger increases the temperature of the vapor
CO;, exiting the low-pressure receiver to supply the compressor with a
certain degree of superheating by further cooling the CO; exiting the
gas-cooler. The internal heat exchanger is a single pass/counter current
brazed plate heat exchanger with 4 plates (the external dimensions are
377 x 120 mm).

2.2. Data reduction

The heat pump and the water circuit have been equipped with
several sensors (see Fig. 1).

In the heat pump system, temperature sensors (T-type thermocou-
ples) and pressure transducers have been placed at the inlet/outlet of
each component. One differential pressure transducer has been used to
evaluate the pressure drop inside the finned coil heat exchanger. The air
temperature has been assessed with a PT-100 resistance temperature
detector, and the solar irradiance on the tilt angle of the PVT collectors
has been evaluated with a secondary standard pyranometer. One cup
anemometer has been used to measure the wind velocity. The
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compressor power consumption (including the inverter), the heat
pump’s global power consumption, and the power produced by the
photovoltaic modules have been measured by a power analyzer Norma
4000.

In the water loop, the water mass flow rate has been measured using
a Coriolis effect mass flow meter, while the water temperatures at the
inlet/outlet of the gas-cooler have been measured with two PT-100 s
placed inside two thermowells. Three thermocouples have been placed
in thermowells at different heights of the TANK2 to evaluate the water
thermal stratification in the tank. Two thermocouples have been used to
measure the water temperature at the inlet/outlet of the USER heat
exchanger, and one thermocouple to measure the water temperature
before entering TANKI.

The heating capacity produced at the gas-cooler can be calculated
with an energy balance on the water-side:

— Tingew) €))

where m,, is the water mass flow rate measured by the Coriolis
flowmeter, c; is the water specific heat capacity and (ngc_w - ngcﬂw) is
the difference between the water temperatures measured at the outlet/
inlet of the gas-cooler.

Considering the USER heat exchanger and the bypass line as a black
box, the heat flow rate delivered to the user can be calculated with the
following equation:

Quser = vaCp (Toul-rz - Tinn> (2)

where (Towy, — Tiny,) i the difference between the temperature
measured at the inlet of the USER heat exchanger (i.e., at the outlet of
TANK?2) and the temperature measured before entering TANK1.

A data logger Agilent 34970 continuously records all the data with a
time step equal to 10 s.

The uncertainties of the sensors are reported in Table 3.

The combined uncertainty for non-measured data has been calcu-
lated following the law of error propagation according to [33]. The
average uncertainty of the heating capacity (Qg) was equal to 0.44%
when the temperature drop across the gas-cooler was higher than 10 K,
whereas the average uncertainty of the user thermal load (Quser) Was
equal to 0.57% when the temperature drop across the user heat
exchanger was higher than 10 K.

Qgc = Ihwcp (Tou[gc.w

3. Numerical model
3.1. Trnsys model

Fig. 4 shows a scheme of the system modeled in the TRNSYS envi-
ronment. In Fig. 4, the blue lines highlight the water loop of the system.
Water is pumped using a circulator (Type 3d), and the stream is warmed
inside the heat pump’s gas-cooler. After this, the water flow rate enters
TANK2 (Type 534) from the upper part while the outlet of the thermal
storage is located in the bottom part. The water, exiting TANK2, flows
into a diverter that can convey the fluid directly to the mixing valve or to
the plate heat exchanger to meet the USER thermal load. After the
mixing valve, the total water stream is sent to TANK1, and then the flow
rate is delivered to the circulation pump, closing the loop.

The inputs to the model are:

e the thermal load to be provided to the user;

o the heat exchanger inlet and outlet well water temperatures;
the total water flow rate circulating in the system;

the external air temperature;

the supply voltage of the compressor, throttling valve, and fan;
the power of the electrical resistances in the TANKI.

The flow diverter and plate heat exchanger are simulated using
simple equations. The flow rate delivered to the heat exchanger (mhyg) is
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Fig. 4. Scheme of the system modeled in Simulation Studio.

calculated using the real temperature difference of the well water be-
tween the heat exchanger’s inlet and outlet and the thermal load
measured during the experimental campaign.

Quser
Cp (Tuungm - ToulHEm)

where Q,, is the user’s thermal load, Toy,, and T, are the
temperatures at the outlet of the USER heat exchanger and the TANK2,
respectively.

Once the mass flow rate value through the heat exchanger is
computed, the temperature at the outlet of the heat exchanger is
calculated using the modeled temperature at the inlet.

3

Mmyg =

QUSEF
ToulHE\ = Toulns - (CpTHE (C)]

where Ty, is the temperature at the outlet of TANK2 calculated by
the model.

3.2. Heat pump model

The heat pump has been modeled by creating a specific TRNSYS type
(HP in Fig. 4), adapting the heat pump TRNSYS type described in [29] to
the actual heat pump prototype. The numerical model of the heat pump
is based on an iterative algorithm to solve the supercritical carbon di-
oxide cycle under different external conditions and operative modes.
The base algorithm to model the heat pump was presented by Zanetti
et al. [24]; however, a novel approach has been used to model the gas-
cooler and the PVT collectors for the numerical tool described in this
work. The HP type can calculate the heat pump’s energy fluxes and
performance indicators given the environmental conditions, the
compressor speed, and the high-pressure value.

The model simulates the steady-state operation of the unit since its
transient operation is negligible compared to the inertia of the water
storage tanks. The following assumptions have been made:

o the pressure drop in the heat exchangers is neglected;

o the heat exchangers and compressor are adiabatic;

e the high-pressure value is a model input since it can be selected
through the back-pressure expansion device.

The Refprop [34] subroutine is used to calculate the intermediate
fluid properties in the model.

The solution algorithm of the refrigerant cycle is realized through the
following steps (Zanetti et al. [24]):

o First, tentative values of the evaporation temperature T. and pres-
sure p, are assumed based on the environmental conditions. As
demonstrated by Zanetti et al. [24], in the present heat pump pro-
totype, the CO, exits the evaporators as saturated vapor (vapor
quality between 0.94 and 1) in any operating condition. Therefore, in
the model, the vapor quality at the evaporator outlet is constant and
equal to 1, and the enthalpy hoy e can be calculated as a function of
the evaporation temperature.

e The refrigerant mass flow rate (m,), the compressor power con-
sumption (Py), and the specific compressor work (hgis —hgye) are
calculated through a 20 coefficients polynomial, depending on the
evaporation temperature, the pressure at the gas-cooler and the
compressor speed, similar to the standards [35,36]. The polynomial
equations with the experimental coefficients, derived from empirical
data, are reported in Appendix A.

o The refrigerant temperature at the gas-cooler outlet Toy, , is calcu-

lated through the gas-cooler model (see 3.2.1).

The energy balance at the internal heat exchanger is solved with the

mean logarithmic temperature difference method:

(Tou(gc,r - Tin,c) - (Tin.lam
Toutge r—Tine

log (T T )

In Eq. (5) the overall heat transfer coefficient/exchange area product

(KA);, has been derived from the experimental data in a linear equation
as a function of the refrigerant mass flow rate [24]:

- Toul,e ) (5)

Qin = (KA)im

(KA),, = 1011.6 rn, — 2.1987 (6

int
An updated value of the refrigerant conditions at the outlet of the
internal heat exchanger (h;, .m) can thus be calculated:
Q,
hin,]am = houl‘lam + -ml (7)
m,

T
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Fig. 5. Comparison between the simulated (s) and measured (m) water tem-
perature values at the gas-cooler outlet as a function of the heating capacity.

e The enthalpy at the inlet of the evaporator is considered to be equal
to the enthalpy at the EEV inlet (isenthalpic expansion)

hine = hintam (€))

e An updated value of the evaporation temperature is finally obtained,
based on the used evaporator and the environmental conditions.
When the heat pump works in air-mode, T, is evaluated by simul-
taneously solving the energy balance equation at the evaporator (Eq.
(9)) and the efficiency characterizing the finned coil evaporator 1,
(Eq.10).

Qe = l'il, (houl,e - hin,e) (9)
N = QQS =a;(Tur — Te) + 2 (10)

In Eq. (9), hou is also a function of the evaporation temperature T..
In Eq. (10), Qa4 is the maximum heat flow rate that the evaporator can
exchange, and n, is calculated with a specific empirical correlation as a
function of the air temperature and the evaporation temperature. The
coefficients (a; and a,) depend on the fan velocity [24], and their values
are reported in Appendix B.

When the heat pump works in solar-mode, the updated value of the
evaporation temperature is obtained by solving the PVT evaporator
model described in 3.2.2.

o The procedure is repeated until the evaporation temperature reaches
a convergence value within a tolerance of 0.01 K. When considering
solar-mode operations, the temperature of all the nodes should
converge within the fixed tolerance value.

3.2.1. Gas-cooler model

Due to the high variation of the thermophysical properties of the CO»
in supercritical conditions, the gas-cooler has been modeled using a
distributed parameters approach, i.e., considering the temperature and
enthalpy variation of the fluid along the heat exchanger length. The
model inputs are:

the refrigerant mass flow rate;

the refrigerant temperature and pressure at the inlet;
the water mass flow rate;

the water temperature at the inlet.

The model outputs are the outlet temperature of the fluids (the
pressure drop along the gas-cooler is neglected in the model) and the
heating capacity Q.

The model considers an equal distribution of the fluids among the
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channels. Therefore, the problem can be limited to a representative plate
where the mass flow rates of the refrigerant and the water are:

m,

rhr,p = m (11)
. I.hW
My, = N2 12)

where N is the number of plates.

The representative plate is discretized into n elements in the flow
direction, and in each i —th element, the heat flow rate exchanged be-
tween the fluids Q,; is supposed to be the same:

Qgc.i = (NQELZ) /]1 (13)

The consequence is that each discretization has a different heat
transfer area.

The heat transfer problem in the representative plate is solved
sequentially using the logarithmic temperature difference method
through an iterative algorithm. The algorithm is described below:

e A value of the water temperature at the outlet of the gas-cooler is
guessed Tou,, w- A guess value of the heating capacity is thus calcu-
lated with Eq. (1);

e The representative plate is discretized with Eq (13). At this point, the
enthalpy of the supercritical CO; and the water at the inlet of each
discretized element can be easily obtained with the following
equations:

s = higes — 24 i~ 1) 14
mr.p
Qe .
hinwi = Bowgew ——— (1 —1) (15)
w,p

Where h,ygcw is calculated with Refprop [34] using the guess value
Of Tou, w- Similar equations can be obtained for the enthalpy at the outlet
of each element;

e The average thermophysical properties of the fluids along the plate
are calculated based on the local enthalpy and temperature. The
local heat transfer coefficient on the refrigerant side htc,; can be
calculated using the new correlation developed by Zendehboudi
et al. [32]. The water-side heat transfer coefficient htc,,; is calculated
with the well-established Martin correlation [37]. The global heat
transfer coefficient in each discretized element is equal to:

K — LR (16)

! 1 1 b

ier T hotyy Ty

where the last term refers to the heat conduction through the plate
with thickness t, and thermal conductivity A,;

e The area of each plate discretization can be calculated based on the
mean logarithmic temperature method:

T, i—T;
lO out,r,i in,w,i
Quesi &\ Tinri—Toutwa

A =
Ki (Toul.r.i - Tin.w,i) - (Tin.r.i - Toul.w,i)

a7

The total area of the reference plate based on the guess value of the
heating capacity is then equal to:

Ap‘guess = iAl (18)
i=1

e The guess value of the plate area A, is compared to the actual
value Ap: if Apguess > Ap, Tou, w 1S increased while if Aj guess < A,
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Fig. 6. (a) Section of the PVT model. (b) Scheme of the equivalent electrical
network of the PVT model.

Tou,..w is decreased. The solution algorithm restarts with the updated
value of Ty, w until the percentage difference between A} gess and
A, is lower than a tolerance value equal to 1%.

The model of the gas-cooler has been validated against experimental
data. Fig. 5 reports the agreement between the experimental and
calculated values of the water temperature at the outlet of the gas-cooler
considering the steady-state data presented by Zanetti et al. [24],
referred to the investigated heat pump.

3.2.2. PVT model

The model of the PVT panels is based on the lumped parameter
model described and validated in [38]. The original mathematical
model simulated an uncovered roll-bond PVT hybrid solar collector. A 1-
D lumped-parameter modeling approach was adopted, representing
each PVT layer as a thermal node. Heat balance equations were used to
calculate the nodes’ temperatures and derive the electrical and thermal
performance of the solar collectors’ field. In this work, 3 PVT panels are
used as the evaporator, and the cross-section of the PVT collector (a) and
the equivalent electrical circuit of the model (b) are shown in Fig. 6.
Similarly to [25], the PVT panel can be divided into three main layers:
the protective upper glass, the PV layer, and the absorber plate. These
layers correspond to the nodes of the system of resistances to which the
fluid node is added. The model evaluates the conduction, convection,
and radiation heat fluxes within the different layers of the panel and the
external ambient influence [38]. The thermal capacitance of the
different nodes is neglected.

The PVT panels model was integrated into the heat pump’s model for
the TRNSYS type.

The model inputs are:

o the incident solar radiation and the incidence angle of beam
radiation;

e the external air temperature and the sky temperature;

the wind velocity;

o the inlet refrigerant temperature and flow rate.

The outputs are the thermal and electrical power generated by the
PVT panel and the outlet refrigerant temperature. In addition, the model
calculates the average temperature of each thermal node.

Using the same procedure described in [38], the model evaluates the
refraction, absorption, and reflection phenomena and finally derives the
incident solar radiation on the PV layer and solves a system of equations
at each node of the 1-D network of thermal resistances. The heat balance
equations at the different nodes are presented below:

e The energy balance on the glass node
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The glass node is the first node of the equivalent electrical network
represented in Fig. 6. The unknown variables in the energy balance
equation (Eq. (19)) are the temperatures T, and Tpy. The first term of the
equation is the net solar radiation absorbed by the glass, defined in Eq.
(20). In Eq. (20), ay is the global coefficient of absorption of the glass, p,
is the global coefficient of reflection of the glass and Topy is the ratio of
absorbed solar radiation by the PV cells (Eq. (23)) [39]. The thermal
resistance R,_py (Eq. (21)) depends on the geometry (thickness) and
thermal properties (thermal conductivity) of the materials composing
the considered layers. H,_,;; (Eq. (22)) is the global transmission coef-
ficient on the glass surface [40], where €, is the glass emittance, ¢ is the
Stefan-Boltzmann constant, f is the slope of the PVT panel surface, and v
is the wind velocity.

- Tpy — T

GA, o +A 8 A (T, —Tu) Hyr =0 19)
Ry pv

GA, ; = GAo, + GA(1 — 0oy — p, — Tapy ) 0 (20)

s tgva | tpv
R, py = —= 21
PV 2, + heva + Doy (21)

T — T '
Hy i = €,6 =——2 + 1.247[(T, — Tair)cosP |* + 2.658v (22)
Tg - Tair °
_ Ty 0py
Topy = ———— (23)
NI - pa(l —owy)

e The energy balance of the PV node

The energy balance of the PV cell layer is shown in Eq. (24). The
thermal resistance Rpy_aps between the PV layer and the absorber plate
is a function of the geometry of the system and the thermal properties of
the materials (Eq. (25)). The last term represents the energy flux con-
verted into electrical power by the PV system (Eq. (26)). The values of
the coefficients npy, and T_pv can be found in the PV or PVT panel
datasheet and represent the reference efficiency of the PV module at the
reference temperature T,¢_py. The value of bpy represents the deviation
in efficiency from the reference values.

Tpy — Ty Tev — Taps
GATpy — A (T = Te) _ AT =Ta) p (24)
Rg,pv RPV—Abs
ty | 2tgva | Urediar | labs
Rpv_aps = _— 25
VAR T Dby Aeva  Aedar | Zhabs 25)
Ppy = GAnpy [1 — bpy (Tpy — Tret—pv) | (26)

o The energy balance of the absorber plate node

Eq. (27) shows the energy balance of the absorber plate. The first two
terms represent the heat exchanged with the PV layer and the air on the
rear side of the panel (Eq. (28)) [40]. The last term is the heat flow rate
provided to the refrigerant, and it is calculated with Eq. (9).

TPV - TAbs

— A(Taps —
Rpv-abs (T

Tair)HAbs—air - Qe =0 (27)

4 4
TAbs - Tsky

+ 1.247[(Taps — Tai)cosP ¥ +2.658v (28)
TAbs - Tair

Habs—air = €,0

e The energy balance of the fluid node

Eq. (29) reports the energy balance equation for the fourth node. Q.
is the heat exchanged between the absorber and the refrigerant, and the
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second term includes the thermal resistance between the absorber plate
and the refrigerant, computed as in Eq. (30).

In Eq. (30), Dpipe and lyipe are the hydraulic diameter and the length
of the channel, and K is the overall heat transfer coefficient of the pipe,
with ngp the fin efficiency. The heat transfer coefficient K. is evaluated
using Eq. (31), where the thermal resistance due to the welding
(subscript “we”), the conduction thermal resistance due to the pipe
thickness, and the heat transfer coefficient between the fluid and the
internal wall (htc,) are considered. In this work, the value of htc;, is
considered constant and equal to 280 Wm 2 K.
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Applied Thermal Engineering 233 (2023) 121165

200 8
£4Q_user
£9Q_gc

—fr_w

175

L
~

150

L
@

.

< z
<
% 125 | . / . 5%
g g
5 100 / 143
L Z 7 E
= 75 L 3%
2 3
S s f ) 2 T
25 1
0 0
12:00  12:10  12:220  12:30  12:40  12:50  13:00  13:10  13:20

Time [hh:mm]

Fig. 11. User thermal load (Q_user), heating capacity (Q_gc), and water mass
flow rate (fr_w) during the experimental test with PVT collectors.
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The temperatures of the thermal nodes are monitored during two
consecutive iterations to ensure the thermal equilibrium in each node is
reached. Once the temperature difference between two successive iter-
ations at each node (ATyode n,i/i-1) is computed, the iteration process
stops when the maximum ATpode n,i/i-1 is lower than a set tolerance (i.e.,
0.01 K).

A flow chart summarizing the main steps of the PVT model inte-
grated into the heat pump model is shown in Fig. 7.

4. Experimental tests

The experimental tests have been carried out in transient conditions
to simulate a variable thermal load at the user heat exchanger in real
environmental conditions. Each experimental test lasts for 6 h. The
experimental tests have been conducted according to the following
conditions:

11. Provide water to the user with a temperature not below 45 °C,
monitoring the value of the thermocouple at the bottom of
TANK2 depicted in Fig. 1;

The heat pump switches on when the water temperature
measured by the thermocouple positioned in the middle of
TANK2 is below 50 °C to ensure the fulfillment of condition c1,

21.
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Table 4
Comparison between the steady-state performance of the heat pump in air mode and solar mode.
Compressor speed [%] Source Air temp. [°C] Fan speed [%] Solar irradiance [W m 2] Evaporation temp. [°C] COP/COP;,
[-]
50 Air 14 50 - 3.5 1
Solar 14.2 - 808 5.3 1.09
100 Air 14.4 100 - 1.7 1
Solar 15.3 - 1060 -7.3 0.88
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Fig. 13. Water temperature at the gas-cooler outlet, simulated (s) and
measured (m) data comparison, and measured water mass flow rate (fr). The
finned coil is used as the evaporator. HP_control highlights when the
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31.

41.

51.

outlet. The finned coil is used as the evaporator.

considering the inertia of the system and the necessary time for
the compressor to start and reach the maximum speed;

The heat pump is switched off when the thermocouple positioned
at the half-height of TANK2 records a temperature value equal to
55 °C;

When the heat pump works in air-mode, the compressor operates
at the maximum speed and the fan of the finned coil heat
exchanger at the maximum velocity, while in solar-mode the
compressor speed has been fixed at the 75% of the full speed;
The inlet water temperature at the gas-cooler has been kept in the
range between 27 °C and 31 °C (when necessary, the temperature
in the TANK1 was regulated by turning on/off the electrical
resistances);

11
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Fig. 15. Water temperature at the gas-cooler outlet, simulated (s) and
measured (m) data comparison, and measured water mass flow rate (fr). PVT
panels are used as the evaporator. HP_control highlights when the compressor
is on.
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compressor is on.

61. The electronic expansion valve, which works as a back-pressure
valve, automatically regulates the high-pressure. The high-
pressure is often optimized for achieving the maximum COP or
heating capacity, as a function of the temperature of the refrig-
erant at the outlet of the gas-cooler and evaporation temperature
(Sarkar et al. [41]). In this study, the high pressure was fixed at
95 bar to maintain high values of heating capacity Qg consid-
ering the water operative conditions. Fig. 8 reports the calculated
heating capacity as a function of the pressure at the gas-cooler for
various mass flow rates, when the water temperature at the inlet
of the gas-cooler is equal to 30 °C and the air temperature is equal
to 10 °C. It can be observed that the maximum heating capacity is
between 90 bar and 100 bar, depending on the water flow rate.
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Figs. 9 and 10 show the user thermal load (Q), the heating ca-
pacity (Qg), and the water flow rate (fry) during two-time intervals of
the same test day when the heat pump was working in air-mode, and the
ambient temperature was between 9 °C and 11 °C.

Fig. 9 shows the experimental results when the heat pump is turned
on (at time 15:36) to satisfy condition c2. The time needed by the heat
pump to reach the maximum heating capacity is equal to 5 min. This is
an operative condition in which both Q. and Q. can be present at the
same time. The maximum water flow rate is 400 L/h, while the mini-
mum stable value is 80 L/h, and the maximum heating capacity is 5 kW
(excluding the peak values due to sudden changes in the water flow
rate). The maximum user thermal load is 8 kW when the heat pump is off
and 7 kW when the heat pump is on. At 15:50 and 16:30, the USER heat
exchanger was isolated for a few minutes, closing the relative valves to
simulate a no-user load condition. Still, the heat pump continues to work
because the temperature in the TANK2 does not meet condition c3.

Fig. 10 shows an experimental test with the user’s continuous ther-
mal load request while the heat pump was switched off from 13:35 to
13:50 because condition c6 was satisfied. The water flow rate ranges
from 80 L/h to 260 L/h, the maximum heating capacity is 5 kW, and the
maximum user thermal load is around 7 kW. The time needed to switch
off the heat pump is very short, about 1 min. From these two tests, it is
possible to see that, in general, a change in the water flow rate has more
effect on the user thermal load than the heating capacity due to the
single loop of the water circuit.

Fig. 11 presents an experimental test using the PVT collectors as the
evaporator. In particular, it shows the values of the user’s thermal load,
the heating capacity, and the water flow rate. During the test, the water
flow rate ranges from 66 L/h to 180 L/h, the maximum heating capacity
is 3 kW, and the maximum user thermal load is 6 kW. Compared to the
air-mode tests, in this case, the heating capacity produced at the gas-
cooler is reduced because the compressor speed has been fixed at the
75% of the maximum speed (as reported in condition c4). Likewise, in
the air-mode tests, the time needed by the heat pump to reach a constant
value of the heating capacity is equal to 5 min.

Fig. 12 reports the photovoltaic power production (Ppy) and the
global tilted irradiance (GTI) during the test. At the beginning of the test,
the power production was equal to 750 W, and the heat pump was
turned off. The photovoltaic power production rapidly increases to 810
W (about + 8%) after the switch-on of the heat pump due to the cooling
effect of the refrigerant evaporating in the sheet and tube heat ex-
changers coupled to the PV panels.

Besides the tests in transient conditions, some steady-state tests have
been conducted to compare the performance of the heat pump when
working in solar and in air modes. Table 4 reports the experimental data
obtained in steady-state conditions: tests realized at controlled
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temperature lift at the gas-cooler (AT = 5 K), water inlet temperature
equal to 30 °C, high pressure equal to 80 bar, compressor speed equal to
50% and 100%. It can be observed that at partial load (compressor speed
equal to 50%), the COP obtained when working with the solar evapo-
rators is higher compared to the one in air mode. In this operative
condition, the refrigerant absorbs heat from the PV cells, which are
heated by solar radiation, and the evaporation temperature is 1.8 K
higher compared to the one in air mode. On the contrary, at full load
(compressor speed equal to 100%), the collectors’ area is undersized and
the evaporation temperature drastically decreases compared to air
mode, reducing also the COP.

The problem of collectors sizing and switching between the solar and
air source is thus crucial for dual-source heat pump system. This topic
has been partially investigated in a previous study using a steady-state
model [24]. However, for the optimization in real operative condi-
tions, the heat pump unit together with the hydronic circuit should be
taken into account. Therefore, the dynamic model presented in Section 3
can represent a powerful tool for long-term performance analysis. Sec-
tion 5 presents, the validation of the model.

5. Model validation

This section presents and discusses the comparison between mea-
surements and TRNSYS model results.

A preliminary calibration of the model’s plant was performed using
data from the monitoring campaign. The calibration was carried out by
tuning some tanks’ parameters: the number of isothermal nodes in
which the two storages are subdivided and the position of the inlet and
outlet nodes. This modulization choice affects the simulation of the
fluid’s stratification inside the storage and its temperature at the outlet.
The final selection was made by observing the root mean square error
(RMSE) of the water temperature at the outlet of the two tanks. The best
results have been obtained by subdividing TANK1 into nine nodes and
TANK2 into twelve nodes, where nodes are numbered starting from the
upper part of the thermal storages, which are 1.4 m high. Node 8 of
TANKI1 is where the inlet port is located in the model, while the outlet
port is placed in Node 1. In the same way, in TANK2, the inlet port is
placed in node 2, and the outlet port is in node 12. The RMSE equal to
7.2% for TANK1 and 3.6% for TANK2 has been obtained with these
assumptions for the case where the finned coil is used as the evaporator.

5.1. Finned coil simulations

Figs. 12 to 13 show the model’s results when the heat pump operates
with the finned coil heat exchanger on the same test day reported in
Figs. 4 and 5. Dashed lines represent measured data, while continuous
lines represent the results of the simulations. The shaded areas in the
figures show the periods when the heat pump is ON.

In particular, Fig. 13 presents the water temperature at the gas-cooler
outlet and the water flow rate. The trends of the measured and simulated
temperatures are consistent, showing a maximum deviation of about
3 °C. As shown in Fig. 13, the gas-cooler outlet temperature strongly
depends on the water mass flow rate circulating in the system.

Fig. 14 shows the water temperature measured and simulated at the
TANK2 level. In particular, the water temperature at the gas-cooler
outlet (i.e., TANK2 inlet) is shown and compared with the tempera-
ture in the top and bottom parts of the thermal storage. Due to the tank’s
thermal stratification, a time shift in the water temperature peaks can be
seen between the entering temperature and the outlet temperature of the
storage. The results obtained from the model in TRNSYS are in good
agreement with the measured data. The maximum temperature devia-
tion is around 5 °C, related to higher thermal inertia and faster reaction
to the flow rate variation of the system simulated by the model,
compared to the experimental data, which results in a longer delay of the
thermal response.

Temperature differences observed at the TANK2 outlet also affect the
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temperature at the outlet of the other components of the plant. Indeed,
the temperature at the outlet of the plate heat exchanger and the water
temperature exiting the mixing valve present the same trend, in slight
advance compared to the measured data.

5.2. PVT simulations

The same analysis was carried out on the heat pump using the PVT as
the evaporator. In the following figures, dashed lines represent
measured data, while continuous lines represent the results of the sim-
ulations. The shaded areas in the figures show the periods when the heat
pump is ON.

The calibrated model of the hydronic circuit was used to perform the
dynamic simulations. Fig. 15 shows the water temperature at the gas-
cooler outlet and the water flow rate when the heat pump is coupled
to the PVT panels. The trends of the simulated temperature and
measured temperature are in good agreement. The maximum deviation
is observed in correspondence to the heat pump switching on and when
sudden changes in the water flow rate occur. Indeed, in these operative
conditions, the model does not accurately simulate the inertia of the
unit, which, in real applications, does not immediately respond to the
water flow rate variation or reach full power instantaneously after being
switched on.

Fig. 16 shows the simulated and measured thermal power produced
by the heat pump and exchanged in the gas-cooler and the electrical
power overall absorbed by the heat pump. The agreement between
measured and simulated data is good, with a relative error lower than
10% in both values.

The coefficient of performance (COP) can be calculated as the ther-
mal energy produced by the heat pump divided by the electrical energy
absorbed. The COP obtained from the experimental tests is equal to 2.63
when considering the period in which the heat pump is ON and equal to
2.43 when the standby phase is also considered (during the standby
phase, only the electronics of the heat pump are active). The simulated
COP, when the heat pump is ON, is equal to 2.58, less than 2% lower
than the value obtained through the experimental campaign.

In conclusion, Fig. 17 shows the measured and simulated value of the
photovoltaic power production, together with the Global Tilted Irradi-
ance. Also, in this case, the agreement between simulated and measured
data is good, both when the heat pump is ON and the evaporating CO,
cools the PVT panels and when the heat pump is OFF with no PV cells
cooling. The PVT model does not consider the thermal capacitance of the
solar collectors and cannot simulate the thermal inertia of the panels.
This can be observed in Fig. 17, where, around 14:20, the heat pump is
switched off, and the simulated electrical power production drastically
decreases due to the instantaneous increase in the PV cells’ temperature,
which penalizes the PV electrical efficiency.

6. Conclusion

This work presents experimental tests and dynamic simulations of a
dual-source (solar and air) CO, heat pump system for hot water

Appendix A
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provision. The heat pump can work alternatively with two evaporators:
a conventional finned coil heat exchanger or three photovoltaic-thermal
(PVT) collectors. The main results are as follows:

e Experimental tests on the heat pump have been conducted in dy-
namic conditions both in air and solar modes. When operating in
solar mode, the experimental tests showed an 8% increase in
photovoltaic power production due to the cooling effect of the
refrigerant evaporating in the collectors.

e A novel TRNSYS Type modeling of the dual-source heat pump was
developed. The transcritical CO; cycle was modeled using an internal
link to REFPROP. In addition, the mathematical models of the gas-
cooler and the PVT panels included in the TRNSYS type were
compared against experimental data.

e The dynamic model, simulating the operating conditions of the dual-
source heat pump prototype and the hydronic circuit, was pre-
liminary calibrated and then validated against experimental data
collected in air-mode and solar-mode.

e The temperature values at the inlet and outlet of the hydronic sys-

tem’s components are in good agreement with the measured data.

Moreover, concerning the gas-cooler heating capacity, the electrical

power absorbed by the heat pump, and the electrical power produced

by the PVT collectors, the error between experimental data and
simulation results is considered acceptable.

In solar mode, the simulated COP of the heat pump was 2.58, 2%

lower than the value estimated through the experimental campaign.

In conclusion, the validated model is a useful tool for performing
seasonal simulations of a COy heat pump operating in solar and air
modes. Future works will focus on developing a control strategy to select
the thermal sources to maximize the benefits of a similar dual-source
system.
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The refrigerant mass flow rate m,, the compressor power consumption Py, and the specific compressor work (hg;s —hsyc) are calculated with three-
variable polynomial of three degree, depending by the evaporation temperature, the pressure at the gas-cooler and the compressor speed. The cor-
relations have been developed from data collected on the present heat pump during the steady-state operations and have the following form:

Y =CyVe +C Vi +Copy, 4+ Capye Ve + Capye Vi + Cspy” + CoPye Ve + CrTe + CsTe Ve + CoTe V2 + CioTepye + Cii Tepy Ve + CiaTepy” + CisTe + Ciu T2V,

‘5‘C15TZPEC +Cis+ C17T2 +C]8ng3 +C19V3

The 20 experimental coefficients are reported in Table A.
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Table A
Polynomial coefficients.
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Coefficient m, [kg s Prot [W] hais —hsue[J kg1
Co 2.1378E-04 15.875031 1399.536
Cy 4.0078E-06 —0.002027 —11.7847
Cy 6.0166E-03 —155.280760 18801.46
Cs 5.0876E-06 —0.202369 —7.80721
Cy 2.4859E-08 0.000579 —0.00559
Cs 7.9568E-05 2.141396 —215.654
Ce 5.0575E-08 0.001558 0.04707
Cy —5.7330E-03 —41.537614 3622.331
Cg 2.8598E-05 0.151075 —70.6871
Co —1.6117E-07 —0.004827 0.338169
Cio 1.2026E-04 0.671789 —46.3325
Ci1 —4.6856E-08 0.005275 0.139106
Cia —6.7132E-07 —0.005014 0.150359
Ci3 3.8703E-05 0.754221 —78.4838
Cig 6.3211E-07 —0.012471 0.986062
Cis 1.9526E-08 —0.003393 0.162309
Cie 1.5280E-01 3554.000800 —548464
Ci7 —5.9969E-07 —0.013690 —1.31049
Cig —3.5140E-07 —0.009338 0.849855
Cio —1.2061E-08 —0.000065 0.054633

Appendix B

The efficiency characteristic of the finned coil evaporator is described by the following equation:

ne

Q.

Qumax

ay (T — Te) + 22

The coefficients a; and a, have been obtained during a previous experimental campaign [24]. Their values are reported in Table B.

Table B
Finned coil evaporator coefficients.
Fan speed

Coefficient 25% 50% 75% 100%
a; [K1] 0.02 0.026 0.022 0.013
az [-] 0.44 0.21 0.22 0.20
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