1) Check for updates

Institution of
MECHANICAL
ENGINEERS

Journal of

POWER AND ENERGY

Special Issue: Advances in Turbomachinery

Proc IMechE Part A:

J Power and Energy

0(0) I-14

© IMechE 2021

Article reuse guidelines:
sagepub.com/journals-permissions
DOI: 10.1177/09576509211026824
journals.sagepub.com/home/pia

®SAGE

Effects of number of inlet guide vanes
on the aerodynamic performance
of a centrifugal compressor
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Abstract

Variable inlet guide vanes (VIGVs) are widely used for flow throttling and also extending the operating range of cen-
trifugal compressors. Although there are several studies on the effects of adding IGVs on the performance curve of the
compressors, none of them have focused on the number of vanes. In the current study, high-fidelity three-dimensional
numerical simulations are carried out to analyze the effects of adding VIGVs with different number of vanes on the
aerodynamic performance of a single-stage centrifugal compressor. The selected compressor prototype is a high
flowrate single-stage compressor equipped with a vaned diffuser, designed and fabricated by Siemens. Computational
fluid dynamic simulations are performed for three different number of guide vanes at three IGV inclination angles of 0,
—30 and +45 degrees. The numerical results are validated by comparing the pressure-rise curves with the available
experimental data of the compressor data sheet, where a good agreement was achieved. Results show that at the fully-
open condition, the number of vanes does not have considerable effect on the performance curve of the compressor.
However, as the IGV inclination angle increases, the number of inlet vanes plays a considerable role in the compressor
efficiency. For example, at IGV inclination angle of +-45 degree, increasing the number of vanes from 7 to || can increase
the compressor maximum efficiency up to 5 points. Numerical results showed that increasing the number of inlet guide
vanes imposes a higher pressure drop in the inlet passage of the compressor while generating a more uniform velocity
distribution at the suction surface of the impeller. Due to the existence of several counteracting effects, an optimum
number of inlet guide vanes can be found.
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Introduction - . :
decreasing/increasing the relative Mach number at

Centrifugal compressors are among the vital compo-
nents in a wide range of industries such as the oil
refineries, petrochemical plants, natural gas process-
ing plants and power generation. In almost all of
these applications, compressors meet variable work-
ing conditions. Hence, a compressor’s ability to deal
with a wider flow range makes it superior to the
others. To make a compressor deal with variable
working conditions various regulation methods have
been used such as the rotation speed variations,
upstream  suction throttling, flow bypassing,
adjusting diffuser vanes and adjusting the Inlet
Guide Vanes (IGVs).

Traditionally, IGVs were used at the compressor
inlet to guide the flow towards the impeller with a
desired inlet angle. They have also been used to
impose positive/negative prewhirls to regulate the
stage pressure rise and flow rate, resulting in

the inducer tip.! Although there are many studies
on the fluid dynamics of the compressor impeller® '
and diffuser'> '® the studies on the flow details of a
centrifugal compressor equipped with an IGV are rel-
atively scarce. What follows is a brief review on the
main studies on the effects of IGVs on the perfor-
mance of centrifugal compressors.
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Rodgers' experimentally studied the effects of
adjustable inlet guide vanes on the performance of a
single stage, moderately high specific speed and high
inducer Mach number centrifugal compressor with a
vaned diffuser. Their experimental measurements
revealed that the impeller stability and the compressor
surge margin were considerably enhanced, even though
the vaned diffuser was operating in the stall condition.

Ishino et al.>® developed and tested variable inlet
guide vanes for an automobile turbocharger. Their
VIGV had 6 vanes and the vanes setting angles
could be varied from 0 to 60 degrees. Their experi-
mental data showed that the added prewhirl enhances
the efficiency and surge characteristics of the tested
turbocharger.

Mohtar et al.?!*? experimentally determined the per-
formance curves of a turbocharger compressor equipped
with a casing treatment and variable inlet guide vanes at
Ecole Centrale de Nantes. The tested impeller had 6
main blades and 6 splitter blades, equipped with a
twelve flat-bladed VIGV system. Their measurements
showed that their map width enhancement system was
able to increase the compressor pressure ratio at high
rotational speeds, however, it failed in extending the
compressor’s operating flow range.

Toussaint and Podevin®® added variable inlet guide
vanes to an automotive turbocharger to increase its
rotational velocity and as a result, reduce the turbo-
lag of the engine especially at lower engine speeds.
Their results showed that this concept can reduce
the turbo-lag at engine’s partial loads larger than
40%. At lower partial loads, however, no consider-
able decrease in the engine turbo-lag was observed.

Xiao et al.** numerically analyzed the effects of
adding variable inlet guide vanes (VIGVs) on the per-
formance curves and velocity vectors of a single stage
compressor impeller. The tested impeller had 11 main
blades and 11 splitters. The IGV system consisted of
8 straight blades with a NACA-m3 cross section pro-
file. Their numerical results showed that the perfor-
mance curves shift towards smaller flow rates when
IGVs turn positive and vice versa. However, no val-
idation for the numerical results was presented.

Zemp et al.?® performed unsteady numerical simu-
lations to analyze the blade force response in a cen-
trifugal compressor due to inlet distortions caused by
struts, duct bends or IGVs. Their simulation results
indicated that the inlet distortions can increase the
maximum value of the forcing function up to 30%,
compared to the actual inlet flow distribution.

Tan et al.*® performed three-dimensional numeri-
cal simulations to examine the effects of radial inlet
on a VIGV performance in a single-stage centrifugal
compressor and compared the results with the axial
inlet condition. The tested impeller had 19 blades and
the IGV consisted of 14 multi-arc airfoil blades. Their
numerical data showed that in the case of radial inlet,
the overall polytropic efficiency and the total pressure
ratio was decreased 4% and 3.3%, respectively. It was

due to the flow non-uniformity induced by the radial
inlet and the flow losses in the radial inlet.

As reviewed above, most of the studies have
focused on the effects of adding a certain IGV
system on the performance curves of centrifugal com-
pressors and there was no investigation on the effects
of the number of inlet guide vanes on the pressure rise
and efficiency of the compressor. High-fidelity
Computational Fluid Dynamics (CFD) simulations®’
are performed in the current study to reveal various
aspects of the complex flow inside the compressor in
the presence of VIGVs. The numerical results are first
validated against the experimental data of a high-flow
rate single-stage centrifugal compressor, where a con-
vincing agreement was observed. Then, the numerical
simulations are carried out for various numbers of the
inlet guide vanes and the resultant flow characteristics
are analyzed. This paper is organized in four sections.
In the next section, the geometrical and operational
specifications of the studied compressor are pre-
sented. Then, the numerical setup containing the
computational domain, grid generation, boundary
conditions and solver settings is presented. The results
of the numerical simulations and the corresponding
discussions are presented in the final section.

Description of the studied centrifugal
compressor

The studied compressor is a STC-GO type, single-
stage centrifugal compressor designed and fabricated
by Siemens (note: https://www.siemens.com/). The
operating fluid is a gas mixture, mainly consisting
of methane. Table 1 reports the composition of the
operating gas mixture. The operating conditions of
the design point are given in Table 2. The gas mixture
inlet pressure is 2.50 bar and the total pressure ratio at
the design point is 1.288. Figure 1 shows the meridi-
onal contour, blade angle distributions and the axial
view of the impeller. The hub, suction and tip diam-
eters of the impeller are 0.142, 0.434 and 0.618 m,
respectively. The impeller has 14 blades with an
axial length of 0.216 m. The compressor is equipped
with a vaneless and a vaned diffuser. The vaneless
diffuser starts from the tip of the impeller up to a
diameter of 0.71m, where there are the leading
edges of the 20 vanes of the vaned diffuser. The
cross-sections of the diffuser vanes are Drela AG10
airfoil (note: https://m-selig.ae.illinois.edu/ads/coord_
database.html). The IGV axis is located 0.36m
upstream of the impeller suction. As shown in
Figure 2, it consists of 11 blades which are able to
rotate from —60° up to +60°, owing to a geared rotat-
ing mechanism. The cross sections of the IGVs are
NACAO0010, with a chord length of 0.0139m at the
hub and 0.1673m at the shroud. The geometrical
dimensions of the impeller, diffuser and IGV are pre-
sented in Table 3.
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Numerical setup

Governing equations and computational domain

The governing equations are the steady Reynolds-
averaged Navier-Stokes equations for the turbulent
flow of a compressible Newtonian fluid. The continu-
ity, momentum and energy equations are solved in

Table I. The composition of the operating gas mixture.

Gas component Volumetric fraction (%)

Methane 67.57
Hydrogen 22.71
Nitrogen 4.36
Water 2.73
Carbon mono-oxide 1.84
Carbon dioxide 0.79

Table 2. Operating conditions.

Parameter Value Unit

Inlet pressure 2.50 bar (absolute)
Inlet temperature 45.0 °C

Inlet volumetric flow rate 45,827 m>/h

Inlet mass flow rate 60,089 kg/h
Discharge pressure 3.22 bar (absolute)
Discharge temperature 70.0 °C

Rotational speed 9,531 rpm

Shaft power 1,032 kW

conjunction with the transport equations of an appro-
priate turbulence model for closing the set of equa-
tions. The Realizable k—¢ turbulence model is
employed in this study which has proven to be suit-
able for numerical simulation of centrifugal compres-
sors.”® The solution of the governing equations is
obtained using the Ansys-Fluent R19.0 software.>*-*°

The computational domain consists of three zones,
(a) the inlet stationary zone containing the IGVs, (b)
the impeller rotating zone and (c¢) the diffuser station-
ary zone. As shown in Figure 3(«), the inlet zone is
divided into 11 mesh zones, the impeller zone into 14
and the diffuser zone is divided into 20 subzones.
These zones are connected via mixing planes.®! It
must be noted that the radial clearance between the
IGV tip and the casing is very small (about 0.1 mm)
and the stem connecting the turning mechanism to the
IGV is located between the IGV tip and the casing.
Therefore, the radial clearance between the IGV and
the casing is neglected in the numerical simulations.

The central core in the IGV zone is blanked out to
create a mapped grid. The radius of the central core is
0.01 m which means the area of the central core is less
than 0.02% of the inlet area (inlet diameter is 0.8 m).
In the IGV zone, span 0 starts from r=0.01m.

Boundary conditions

The applied boundary conditions are shown in
Figure 3(b). At the beginning of the inlet stationary
zone, a uniform total pressure (Po=250 kPa) and total

Figure I. (a) The meridional contour (b) blade angle distributions and (c) the axial view of the studied impeller.
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Figure 2. (a) Real and (b) modeled IGV.

Table 3. Geometrical dimensions of the IGV, impeller and
diffuser.

Parameter Value Unit
Impeller hub diameter 0.142 m
Impeller suction diameter 0.434 m
Impeller tip diameter 0.613 m
Impeller axial length 0.216 m
Impeller number of blades 14 -
Vaneless diffuser diameter 0.710 m
Diffuser diameter 0.99 m
Diffuser number of blades 20 -
IGV inlet diameter 0.50 m

IGV number of blades | -

temperature (Ty=318K) are set. The inlet stationary
zone and the impeller rotating zone are connected via
a mixing plane, where all the transport properties
(density, velocity components, temperature, turbu-
lence quantities, etc.) are conserved.’? This method
ensures a steady flow in both frames of reference.
This approach has been validated and used by many
researchers.®’¥ 3% A similar boundary condition is
used to connect the impeller rotating zone to the dif-
fuser stationary zone.*® No-slip wall boundary condi-
tion is applied on the hub, shroud and impeller blade
surfaces. At the outlet surface of the diffuser zone a
uniform velocity distribution is imposed according to
the desired mass flow rate. The computed total pres-
sure at this surface is reported to calculate the total-
total pressure ratio when the solution reaches the
steady-state condition.

The flow coefficient, ¢, work coefficient, s, and
specific speed, N,, for a compressor are defined as:*’

@ = Q/ND’ (1)
Y = gH/N*D? )
_ Ng

where Q is the volumetric flow rate, N the rotational
speed, D the impeller diameter and H is the adiabatic
head. For the current compressor, the corresponding
flow coefficient, work coefficient and specific speed
are 0.00580, 0.00145 and 56.93, respectively. The
compressor torque-based total-total efficiency is also
defined as:*®

_ mhoys — hoy @
Tw
where m_dot is the compressor mass flow rate, /gy is
the isentropic total enthalpy at the compressor outlet,
T is the calculated shaft torque, w is the angular
velocity and /g, is the total enthalpy at the compres-
sor inlet.

Grid generation

The computational domain is discretized using H-
type elliptic cells. Three grid resolutions are tested,
named as coarse, medium and fine grids. The
number of computational cells in the IGV, impeller
and diffuser zones for each of the grid resolutions as
well as the total number of cells are presented in
Table 4. An enhanced wall treatment available in
Ansys-Fluent software is employed which is insensible
to the wall y*.* A schematic of the medium grid
resolution is shown in Figure 4, where the grid topol-
ogy close to the impeller’s blade tip is magnified. The
numerical results corresponding to each grid resolu-
tion are given in ‘Results and discussions’ section.

Solver settings

The pressure and velocity equations are solved simul-
taneously using the coupled approach available in
Ansys-Fluent software.” Least square cell-based
method is used for evaluating the gradients and the
discretization of the pressure, density, momentum
and turbulence equations are done using the second
order upwind scheme.
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Figure 3. (a) Computational domain and (b) boundary conditions.

Table 4. Details of the three grid resolutions.

Number of nodes Number of nodes Number of nodes

Total number

Grid Name in IGV zone in impeller in diffuser zone of Nodes
Coarse 42,160 222,720 66,940 331,922
Medium 77,066 407,040 123,839 607,945
Fine 119,328 629,760 190,779 939,867

Figure 4. Medium grid resolution.

Results and discussions

The results of the grid sensitivity analysis are pre-
sented in Figure 5. In this figure, the pressure distri-
bution on a central line located on the outlet surface
of the diffuser zone is plotted for the three tested grid
resolutions. As can be seen in the figure, the average
difference between the pressure distributions obtained
by the medium and fine grids is less than 0.3%. As a
result, the medium grid is selected for the rest of the
computations. The average y* value on the impeller
blade of this grid resolution is 37, which is in the
acceptable range of standard wall-functions and
ensures that the first cell is in the buffer zone.*

The numerical results for the pressure ratio as a
function of the mass flow rate at various angles of
the IGVs are compared with the experimental data
in Figure 6. The experimental data is adopted from
the compressor data-sheet, where the compressor
curves were reported for Ajgy=0°, —30° and +45°.
The figure shows that there is a convincing agreement
between the numerical results and those of the experi-
ments in almost all of the simulated points. The aver-
age error between the numerical results and those of
the experiments is less than 2%.

The positive angle of the IGVs generates a prewhirl
velocity in the rotor’s direction of rotation and as a
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result, the work done on the fluid by the impeller
decreases. Conversely, the negative angle of the
IGVs has increased the compressor head by generat-
ing a circumferential velocity component in the oppo-
site direction of the impeller rotation. The lower
pressure ratio of the positive IGV requires a larger
velocity to maintain the desired mass flow rate. As
a result, the choke mass flow rate decreases as the
IGV angle increases. Conversely, the negative IGV
angle improves the choke mass flow rate.

As can be seen in Figure 6, at lower pressure-ratio
values across the map (e.g., Aigy =—45°) the com-
pressor surge margin has decreased and the compres-
sor can work safely at lower flow rates. It is mainly
because at a constant flow rate, the larger pressure-
rise means a larger positive pressure gradient in the
streamwise direction and this can anticipate compres-
sor stall. Furthermore, positive prewhirl results in
lower incidence angles at the impeller leading edge
especially at lower flow rates.*! In other words, pos-
itive IGV angle delays separation at near surge oper-
ating conditions and enhances the impeller stability at
low flow rates.

In Figure 6, the numerical results of the compres-
sor performance curve without the presence of the
IGVs and with the presence of the IGVs at the
fully-open  condition  (zero-inclination  angle,
Mgy =0°) are depicted. Subtracting these two curves
from each other is a measure of the pressure-drop
caused by adding IGVs at the fully-open condition
(ligv =0°).

Unfortunately, the experimental data on the com-
pressor efficiency are not provided by the manufac-
turer and as a result, the numerical results for the
efficiency cannot get double-checked with the exper-
imental data. However, the employed numerical
methodology and its underlying assumptions have
been validated for the Eckardt compressor*” (both
the pressure ratio and the total-total efficiency) in a
previous paper and therefore, the results are not
repeated here.

The effects of the number of inlet guide vanes,
Nigv, on the performance curve of the compressor
are presented in Figure 7. The simulations are per-
formed for Njgy=7, 11 and 15 at two IGV inclina-
tions angles, Aijgyv=—30° and +45°. As the figure
shows, at both IGV inclination angles, the maximum
pressure rise has occurred for Njgy=11 and the min-
imum pressure rise has occurred for Nigy=7. It can
be concluded from Figures 6 and 7 that the effect of
N;gv on the surge flow rate is negligible, however, the
IGV turning angle has considerable effects on the
surge mass flow rate. Compared to the compressor
without any IGV, the surge mass flow rate is 8.5%
larger at Ajgv=—30° while it is 25% lower at
)"IGV = +450.

The reasons for choosing Nygy =7 and 15 for the
numerical simulations are two folds:

e As the numerical results shows (Figure 7), the com-
pressor performance curve is not very sensitive to
the number of inlet guide vanes. Therefore, small
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L] Jygy = 0°, Exp.
—5—— gy = 0% Num.
14 = Jygy = +30°, Exp.
i gy = -30°, Num,
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135 oo
2
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Figure 6. Comparison between numerical results and exper-
imental data presented in the manufacturer’s data sheet.
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Figure 5. Numerical results for the pressure distribution on a line at the center of the diffuser outlet, obtained with different grid
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changes in Njgy have no considerable effects on
the performance curves of the compressor.

e From the practical point of view, very small or very
large values for Njgy is irrelevant due to the geo-
metrical constraints, as shown in Figure 8.

i N BT, g = +45°
—— Ny =7, 5,530

—— Ny =11, ig,=0"

— —8— = Ng =115, =+45"
=== Ng=11, 75, =-30"
i N =15, i =-30"
=i Nigy® 15, gy m+45°

=30°

M’

Pressure Ratio

Agy=0°

N, has no consideratie effect

2 1 " 1 1
8 10 12 14 16 18 20 22
Mass flow rate (kg/s)

Figure 7. Compressor performance curves at various |GV
angles and number of inlet vanes.

The figure also shows that the effects of Njgy on
the compressor pressure rise gains weight as the 4;gy
increases, in a manner that its effect is negligible at
Jigv=0°, while is has considerable effects at
Mgv=+45°. In fact, Njgy has counteracting effects
on the impeller aerodynamic performance:

e Increasing NGy, imposes a higher pressure drop in
the inlet passage of the compressor.

e As Njgy increases, the flow angle at the suction
surface of the impeller might have a better agree-
ment with that of the Aigyv.

e A higher blockage ratio exists as Njgy increases,
especially at lower spans because the vanes are
closer to each other near the hub. This will guide
the air towards higher span values where the block-
age is considerably lower.

e The inlet distortions at larger inclination angles of
the IGVs can affect the performance of the impel-
ler. It alters the impeller outlet pressure and veloc-
ity distribution.

Therefore, due to these counteracting effects, it is
expected that there is an optimum value for Njgy.
Figure 9 shows the static pressure distributions on a

N[(}v= 7

Nigv =11

NIGV =15

Figure 8. A schematic of the IGV with various number of vanes.

The line at half-span on which the
pressure distribution is plotted.

Gauge static pressure (Pa)

-———N,=T

0, Compressor inlet —_— N, =11

b2 i N, =15
2000
4000
-6000 |-
-8000 -
-10000 |-

Axial distance (m)

Figure 9. N,gy effects on the pressure distribution on a line on the periodic boundary of the IGV zone at half span and 4y = +45°.
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Figure 10. Velocity distributions around the IGV on a mid-span plane in the blade-to-blade view for different number of inlet guide
vanes at mass flow rate of 14kg/s for A4,gy=0° —30° and +45°.

Figure 1 1. Streamline distributions on two faces located at 50% and 90% span of the IGV zone at mass flow rate of 14 kg/s for two
IGV turning angles.
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Figure 12. Tangential velocity distributions on the outlet surface of the IGV zone (the green mixing plane shown in Figure 3, at
Agv=-+45° and mass flow rate of 14kgs.
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(d) velocity magnitude on a line at half pitch, located on the interface between the IGV and impeller zones at 4,gy=+45° and mass

flow rate of 14kg/s.

Total Pressure (kPa) Tolal Pressure (kPa) Total Pressure (kPa)
330 330 330
325 325 325
320 320 320
315 315 315
310 310 310
305 305 305
300 300 300
295 205 285
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285 285 285
280 280 280
275 275 275
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265 265 265
260 260 260
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250 250 280
245 245 245
240 240 240
235 235 235
230 230 230
225 225 225
220 220 220

Ny =T \ Ny =11 Ng, =15

Span=10.5 \ Span=0.5

Relative Mach Number Relative Mach Number Relative Mach Number
0.55 0.55 0.55
0.525 0.525 0.525
05 05 0.5
0475 0475 0475
045 0.45 0.45
0.425 0.425 0.425
04 04 0.4
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0.35 0.35 0.35
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03 03 0.3
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025 025 0.25
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Span=0.5 Span=0.5 Span = 0.5

Figure 14. Total pressure and relative Mach number distributions on a plane located at mid-span for gy = +45° and mass flow rate
of 14kg/s.
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Figure 15. The effects of number of inlet vanes, NGy, on the compressor efficiency at three IGV angles and without IGV.

line at half span on the periodic boundary of the IGV
zone for Ajgy=+45° and three different Njgy at
mass flow rate of 14kg/s. As can be seen in the
figure, the minimum static pressure occurs at the loca-
tion of the IGV, where the blockage effect of the
vanes causes the flow velocity to increase locally
and as a result, the static pressure decreases.
Clearly, as the number of inlet guide vanes increases,
a more intense pressure drop occurs. It must be noted
that the intensity of the local pressure drop is larger at
lower spans, due to higher blockage.

The corresponding velocity distributions on a
blade-to-blade view at the mid-span position is
depicted in Figure 10 for three different Njgy at
Jigv=0° —30° and +45°. As can be seen in the
figure, at a constant mass flow rate, as the IGV turn-
ing angle increases, the maximum velocity magnitude
increase. Furthermore, IGV stall occurs only at
Aigv =+45°. Figure 10 also shows that as Nigy
increases, there is a more uniform velocity distribu-
tion at the exit surface of the IGV zone.

Generally, the loss zones in IGV don’t propagate
into the impeller due to the distance between the inlet
vanes and the impeller. To better illustrate the sepa-
ration zone on the IGV, the streamline distributions
on two faces, located at 50% and 90% span of the
IGV zone, are depicted in Figure 11. As can be seen in
the figure, there is a separation zone on the suction
surface of the IGV at Ajgy=+45°. However, the

effects of this separation zone decays rapidly and it
does not reach the impeller.

The distributions of the tangential velocity compo-
nent at the exit surface of the IGV zone are shown in
Figure 12 for the three studied Njgy. The area of this
surface decreases as Njgy increases, due to the
requirements of the periodic boundary conditions.
The non-uniformity in the tangential velocity compo-
nent can be clearly seen in this figure for Nigyv =7,
while there is almost a uniform tangential velocity
distribution in the pitch-wise direction for Njgy = 15.

The hub-to-shroud variations of the velocity com-
ponents on a line at half pitch, located on the inter-
face between the IGV and impeller zones are
presented in Figure 13. In this figure, the variations
of the velocity magnitude, axial velocity, tangential
velocity and the flow angle are plotted on the speci-
fied line. As can be seen in the Figure 13(a), the flow
angle is almost equal to ZA;gy at span>0.5. At
span < 0.2, a relatively small negative axial velocity
component can also be seen which can block the
flow. The flow angle deviation near the hub occurs
only at large turning angles (4jgy =+45°) when the
flow is reaching the nose of the impeller cap. A small
vortex-like structure forms at this region, which
doesn’t exist at lower values of the IGV turning
angle. In this region, the flow has to climb up from
near the zero radial coordinate up to the impeller cap.
Furthermore, as can be seen in Figure 1(a), the inlet
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Figure 16. Total pressure losses in the IGV and diffuser zones for different number of Nigv.

Figure 17. Velocity vectors distributions, colored by Mach number, on the interface between the impeller zone and diffuser zone at

Ay = +45° and mass flow rate of 14 kg/s.

passage diameter is decreasing towards the impeller.
In other words, the impeller diameter is smaller than
the diameter of the section where these velocity pro-
files are plotted. The strength of the negative axial
velocity grows as Njgy increases. Figure 13(d)
shows that the average velocity magnitude is larger
at Nigy=15 due to larger blockage, while the flow
angle is closer to Aigv.

The contours of the total pressure and Mach
number distributions on a plane located at mid-span
for Aigy=+45° and mass flow rate of 14kg/s are
shown in Figure 14 for different values of Nigy.

As the figure shows, the Mach number after the
IGV increases as the Njgy increases. However, the
total pressure is larger at the diffuser zone for
Nigv=11. To determine the optimum number of
inlet guide vanes, the variations of the torque-based
total-to-total efficiency as a function of the mass flow
rate at Aigy=0° -30° and +45° are presented in
Figure 15 for different Nijgy. At all of the IGV
angles, the maximum efficiency has occurred at
Nigv =11 and the minimum efficiency at Njgy=7.
In order to find the sources of the losses, the total
pressure losses occurred in the IGV and diffuser zones
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Figure 18. Entropy distributions on several meridional locations from the compressor inlet up to the outlet for various Nigy at
Aigy = +45 and mass flow rate of 14kg/s.
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at various Njgy are presented in Figure 16 for
Jigv = +45° and mass flow rate of 14kg/s. As the
figure shows, the IGV zone losses increases as
NIGYV increases. However, the diffuser losses are min-
imum at Njgy = 11. The losses occurred in the diffus-
er zone depends on the exit velocity distribution of the
impeller entering the diffuser.

Figure 17 illustrates the velocity vectors on the
interface between the impeller and diffuser zones.
The jet-wake structure can be well observed in this
figure, where the wake zone is minimum at
Nigv=11. This might be the reason for lower losses
at this Njgy. The contours of entropy on several
meridional locations from the compressor inlet up
to the outlet for various Njgy at Aigy =+45° and
mass flow rate of 14kg/s are presented in Figure 18.
As can be seen in the figure, the entropy generated in
the impeller is more intense near the shroud. It is also
more concentrated at the suction surface of the impel-
ler, where there is the wake flow.

Conclusions

Due to the widespread applications of variable inlet
guide vanes (VIGVs) for efficient throttling and alter-
ing the operating range of the centrifugal compres-
sors, in the current study the effects of the number
of inlet vanes on the performance of an industrial
compressor are investigated. The three-dimensional
numerical simulations are performed based on the
single passage model using the Ansys-Fluent commer-
cial software. The study is performed on a single-stage
high-flow rate compressor, originally designed and
fabricated by Siemens. The simulations are carried
out for three different number of guide vanes and
three IGV inclination angles of 0, —30 and +45
degrees. The main findings of the current study can
be summarized as follows:

e Comparing the obtained numerical results for the
pressure-rise vs flow-rate curves at different angles
of the IGVs with those of the compressor data-
sheet confirmed the high accuracy of the numerical
results.

e At the fully-open condition, the number of inlet
vanes doesn’t have considerable effects on the per-
formance curve of the compressor. Therefore, if
the compressor in intended to seldomly operate
at the off-design conditions using the VIGVs,
there is lower sensitivity on the number of inlet
guide vanes.

e As the IGV inclination angle increases, the number
of inlet vanes plays a considerable role in the com-
pressor efficiency and performance curve.
Nevertheless, the effects are more profound on
the efficiency curves in comparison to the
pressure-rise curves.

e Increasing the number of inlet guide vanes,
imposes a higher pressure drop in the inlet passage

of the compressor, while generating a more uni-
form velocity distribution at the suction surface
of the impeller. However, the inlet distortions can
deteriorate the aerodynamic performance of the
impeller.

e An optimum number of inlet guide vanes can be
found for a centrifugal compressor to reach higher
efficiencies at large inclination angles of the inlet
guide vanes.

For the future research, it is intended to study the
unsteady effects of adding IGV with various number
of vanes on the aecrodynamic performance of the full-
model of the centrifugal compressor.
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